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FOREWORD

This publication includes individual papers of Damping '91 held February 13-15, 1991, San
Diego, California. The Conference was sponsored by the Wright Laboratorv Flight
Dynamics Directorate, Wright-Patterson Air Force Base. Ohio.

It is desired to transfer vibration damping technology in a timely manner within the aerospace

community thereby, stimulating research, development and applications.
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Statistical and Worst Case Evaluation of

Orbital Jitter Reduction Using Passive Damping'

J. Molnar 2, D. Hill, and C. Stahle

GE Astro Space Division

The jitter responses of a damped and undamped precision
mounting platform (PMP) are compared. The primary
response is due to a platform mounted sensor which s'ews
back and forth as it scans. The sensor torque profile is
reduced to Fourier components, and the proximity of the
platform resonances to the input frequencies is evaluated.
If the resonance is close to a Fourier component, the mode
is shifted to the Fourier frequency and the worst case jitter is
computed. If the worst case response exceeds the jitter
allowable, the limits above and below the Fourier frequency
for shifting the mode that produces responses in excess of
the allowable is determined. Then, assuming a Gaussian
probability density function for the naturl fre-.,,n--, the
probability of jitter exceedance is computed. Results show
dramatic reductions in orbital jitter from the use of passive
damping. Significant weight reduction is also achieved for
the PMP analyzed with passive damping.

INTRODUCTION

The purpose of this paper is to present a method for evaluating orbital jitter and to
describe the improvement in jitter that can be obtained with passive damping.
Improved dynamic stability of remote sensing spacecraft payload mounting platforms
(PMPs) is an evolving requirement resulting from improved sensor accuracy and
increased satellite disturbances due to size and thermal effects. Jitter causes sensor
distortions as a result of small angular motions occurring in a prescribed period of time
often measured in seconds. It tends to be a high frequency phenomena that is beyond
the control system bandwidth. Because of uncertainties in precisely predicting the
orbital resonant frequencies of the spacecraft, "worst case" estimates that consider
resonant excitation of critical modes are often used to estimate jitter. This paper
describes an alternate statistical method of jitter predication that estimates the
probability of exceeding a budgeted value when worst case estimates are excessive.

Passive damping provides a simple, reliable method of jitter reduction which is
examined for a representative PMP. A USAF Wright Research and Development
Center program, Damping and Metal Matrix Precision Structures (DAMMPS), is being

1 This work has been performed under USAF-WRDC contract F33615-89-C3202.

2 john Molnar, GE Astro Space, 234 Goddard Blvd., King of Prussia, Pa., 19406, (215) 354-6551
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performed by GE Astro Space Division to
develop and demonstrate PMP performance
improvements that can be obtained with passive
damping [1]. The PMP is selected from a
current GE-ASD spacecraft program, Figure 1,
so that a design that considers interdisciplinary
constraints are satisfied. The platform is
attached to the forward end of the spacecraft
through three struts with ball end fittings and a
ball fitting shear tie. This provides a kinematic
arrangement that prevents PMP distortions due
to spacecraft deflections. Nine sensors and
,,.truments weighing 300 pounds and requiring
precise alignment and pointing are mounted to
this platform. The requirements are to provide a
15.5 Hertz resonant trequency and to limit jitter
to 15 arcseconds peak. The benefits of
damping are estimated by consider;ng the
structural weight required to provide equivalent
jitter response to on-board disturbances. In [

addition, the damping required to achieve a
,, .- ,d jitter value is determined. Damped
and baseline PMP configurations are used to Pm 1As PW,,,

quantify the benefits of damping.

DAMPED AND UNDAMPED BASELINE PMP CONFIGURATIONS

The DAMMPS design for an advanced instrument mounting platform incorporates a
viscoelastic material (VEM) layer for damping and metal matrix composite (MMC)
facesheets for high specific stiffness. The configuration is a dual honeycomb
sandwich composed of a viscoelastic center layer and honeycomb panels on either
side. Each honeycomb panel consists of an aluminum core and MMC facesheets.
The undamped baseline design is a traditional dip brazed aluminum eggcrate
platform. Cross sections of both designs are shown in Figure 2.

BASEL4E DPURAZEF_ ALUMNUM EGGCRATE VISCOELASTIC DUAL tKMCOMB
M uftum WXdM

Akkvm ft Ca

Akiminum
EgpMW CWm ,V8

J (1-la pll~t n

T_ 12 $2 4 'd r " 10 - o5 o In ,

to l 11.011ts poq

rmmm,,,t ft C" "

0 063 in ,4 )

Figure 2. Cross Sectional Configuration
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Finite element models were generated for both configurations. The dual honeycomb

finite element model is composed of plate elements (CQUAD4) representing the

hone- "omb layers and solid elements (CHEXA) representing the VEM layer. Lumped
masses positioned at the c.g. locations are used to simulate the instruments. The

undamped eggcrate model, due to its single panel configuration, consists of only one

layer of plate elements. Both models are shown in Figure 3.

EG.CATE DUAL HONEYCOMB

CEiAS 6 Sl CBEAMS 2
ROE2 9 CELAS fl

RBE2 9

Figure 3. Finite Element Models

Modes and frequencies up to 200 Hz ___ Tablel1. Resultsof FEM Analysis

ECGCA,4 18.0 COoADco28

were generated using MSC/NASTRAN. .oo FI.EOUE~cR A P.G FREOUEtCY OI..G"

Results, presented in Table 1, show that - 17. .02 16. .052

CBAM 12. .002A 16400

each design had approximately the 2 92:4 . 25.2 0

4 58.6 .002M 48. .054

same mass and stiffness. The primary s 3 .002 5..0 02
difference between the two designs was nite .0n6

the extent of damping. An orbital 10a1. Reut 80.3 .Aa 3

1,107.3 .002 16.3 .052

damping value of 0.002 c was assumed 114.3 .02 . .
S128.4 .002 94.0 .051

13 13.6 .002 102.0 .4

for the aluminum eggcrate platform. 14 12.633 .002 107. .047
15 147.7 .002 112.4 .052

This damping value has been d 9 10o1., .002 ,,0.3 .05
17 17. 002 W2.3 .050

d programs incorporating precision 1as 19. .002 12.1l2' .0varet 13.9.0 102.5 .043

mounting platforms where alignment 20 10.3 .04

tolerances are stringent. The visco- "I4co,.-,4GvALuE BAsEDOoDAL ,sTRAIEHERGYME1oD.,, . I
elastic dual honeycomb damping values

were based on the modal strain energy method. Since development of low modulus
VEM was still in progress, a material loss factor of 1.0 was assumed for the viscoelastic
material. Subsequent development work of a low modulus VEM has indicated that this

as:rumptlon was somewhat conservative [2]. The damping values for the most critical
modes were calculated to be approximately 0.055 cc.
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NOMINAL TRANSIENT JITTER ANALYSIS

A preliminary jitter study was performed SSSDisturbancelnput

using the predicted modes and frequencies
for both designs. The transient jitter
response of each instrument was
determined for several input disturbances. 59

The largest disturbance is the input torque _
to the Scanning Sensor Subsystem (SSS) . --
which is located directly on the platform.
The torque pulse, broken into its Fourior -

components in Figure 4, includes significant
excitation as high as 102 Hz. -,, i .

Results of the nominal jitter study are "on

plotted in Figure 5. For each instrument,
the undamped baseline response SSS Disturbance Input-Fourier Components

exceeded that of the damped design by a - :
factor of 3.0 or more. For the SSZ - -

instrument, which had the largest jitter .
response due to its c.g. offset and its
relative location on the platform, the } -"

undamped eggcrate peak response "
exceeded that of the dual honeycomb by a
factor of 6.0. Additionally, several . 'a is ,, %, to is to 192

instruments on the undamped platform had FVua..IHEU)

responses greater than the 15 arcsecond
peak budget. The dual honeycomb design,
due to its greater damping, experienced no
response greater than the 15 arcsecond Figure 4. SSS Disturbance Input
budget.

Undamped Baseline Design Dual Honeycomb Design
30 30.

25
ar

JJC1 C

udet Budget

0 10

a.* a U SSS To"qa

CL LLLL • "to--
"S " 1 "E. GCSA IWU ESA SSM/T SSS SSZ GFEI GFE2 GFE3 U RW Plidh

CSA IMU FS-. SFANTI SSS S.S.'.'..'Z GF1I GFE.2 GEE3 M RW Y8,

o S/A Ta w

Instruments Instruments U SSMl1TqUq

Figure 5. Nominal Jitter Response
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In Figure 6, a plot of the transfer
function for the DAMMPS dual
honeycomb SSZ Ox response due to a 1 1 1 1 , i' ! i
SSS torque input compares the relative H

location of the platform resonances and . .. 3

the Fourier frequencies of the SSS T :i 1M. I
torque input. The magnitude of the ' I 1 I !1
torque pulse coupled with the proximity I "
of the SSS Fourier frequencies to the 4,.

fundamental modes of the structure - , - .* - - .
account for the SSS input being the ... Jj I - 1
dominant disturbance. Because of this I " , . ,

IIFRMUESa

dominance, only the SSS input was I I , I ,
considered in the worst case and 2 66 54 7O 12 C,, N,

42 118 90 FOURIER COMPONENT

statistical solutions. FREQUENCIES

Figure 6 DHC SSZ &," Transfer Funclion to SSS Input

WORST CASE STEADY STATE JITTER ANALYSIS

Uncertainty in predicted structural natural frequencies causes an uncertainty in the
estimated jitter response. If actual structural modes are closer to input disturbances
than predicted, jitter responses can be significantly higher than the nominal (no shifted
modes) estimates would indicate. Therefore, an approach that accounts for resonance
response is required.

.......... .. .. Worst case jitter response is calculated by
shifting modal frequencies to local input
driving frequencies. For a mode with natural

-. - frequency fM within 15 percent of a driving
-- _____ .frequency fD, fM is shifted to fD (see Figure 7)

and the worst case jitter for a single mode
o-_.... __shift is calculated. The mode is returned to

its nominal position and another mode is
shifted to its local driving frequency and

I"' peak jitter determined. The overall worst
case peak jitter can be determined once
each of the dominant structure modes have

':inure 7 Mode Frequency Shift been shifted.

Worst case steady state results for each design are compared against their nominal
values in Table 2. Note that the nominal results are steady state values and are thus

slightly less than the transient values shown earlier, Only the 0yand 0. responses for

the SSZ, ESA, and SSM/T instruments are presented. These responses were
considered most critical based on results from the nominal transient analys!s



The undamped baseline design.
which is extremely sensitive to the Tafle 2 Resuts o1 ,orst Case Jitter Analysis
location of the mode relative to the

EGGCRATE DUAL HONEYCOMB

forcing function, has worst case EGG CASE OMAL OYCASE
NOMINAL WORST CASE NOMINAL WORST CASE

responses that far exceed the jitter RESONSE AHCSECS) (ARCSECS) (ARCSECS) (ARCSECS)

budget. The dual honeycomb ]sz 16., 127.3 41 5.2

design, with its higher damping ssziz 139 1219 ,.5 6.7

values, is far less sensitive to ESA Y 113.3 996 3.2 3.3

resonant coupling. Worst case ESAJ)Z 10.2 92.3 2, 4.6

results were only slightly higher SS105,0,Y 66 ,0,2 4.5 6,A

than their nominal values and none . . .. , f,3.871 41 6.0

of the responses exceed th'e jitter r JER BUDGET 15 ARCSECS

budget.

A study was conducted to determine how much
damping is required to limit the worst case
response to less than the jitter budget.
Assuming constant damping in each of the dual
honeycomb modes, worst case jitter was
calculated for severai camping values. Results,----_---....--_-- -,,_,,ai,-,_
shown in Figure 8, Indicate that a small amount . -. --- --

of damping can significantly reduce worst case
jitter. Only 1 5 percent damping (0.015 c.) is

required in the critical modes to limit the worst
case response to within the jitter budget. At .....

higher damping values, the jitter response
approaches the static solution and further
damp'ng does not significantly affect the total re8 WoSl aSe '. -J,'er Versus Damp 

response.

STATISTICAL JITTER ANALYSIS

For the undamped eggcrate, nominal results indicate that the jitter response is less

than the budget for most instruments. Worst case results show high jitter response. A
statistical approach was implemented to ascertain the lkelihood of any worst case
occurrence and to quantify the design's dependability. The statistical method is based
on the sensitivity of the jitter response relative to the modal frequencies.

Two assumptions wore made !n the statistical solution. First, it was assumed that 90
percent of the modes can be predicted to within 10 percent accuracy. This
assumption, based on past correlation of modal tests and analysis, was used to
generate a Gaussian distribut'on curve with the predicted modal frequency fM being

the mea- value and the .. ini _ r the cirvo within a 10 percent bandwidth of fM

being equal to 0.90 csee Flgure 9). By assuming a Gaussian distribution, this
translates into predicting 98 6 percent of the modes to within 15 percent of the



measured test frequencies, 90 percent of the
.., , , , modes to within 10 percent, or 60 percent of the
. modes to within 5 percent. The second assu,-mption

states that the modal frequency predictions are
statistically independent. The meaning of this

__-,. _________________- _ assumption is that the probability of predicting one
091, fu ilk, ",W., mode accurately is independent of how another is

predicted, just in the same way that the probablity
".. of predicting what is thrown on a second rolk of a

die is independent of what was thrown on the first.

The purpose of the statistical solution is to account for the sensitivity of the jitter
response relative to the modal frequencies. The assumption of statistically
independent modal frequencies enables the sensitivities of several different modes to
be combined to obtain a final statistical solution. If one mode dominates the response,
the results of that modes sensitivity analysis will dominate the statistical solution thus
making the statistically independent assumption meaningless. The DAMMPS platform
response was dominated by the first two modes. Thus, the assumption, although
important, was not a critical factor in the solution.

To begin the statistical solution, the selected mode's worst case solution was first
determined. As described in the worst case analysis, a mode with natural frequency fM
within 15 percent of a driving frequency fD is shifted to fD and the worst case jitter for a
single mode shift is calculated. It the worst case results exceed the jitter budget while
the nominal value is less than the jitter budget, then there can be found an upper (fu)
and lower (fL) shifted frequency value which results in jitter equal to the allowable. As
an example, peak jitter as a function of the fundamental modal frequency for an
instrument on the undamped platform is shown in Figure 10. The nominal response is
shown to be less than the allowable. When the modal frequency is shifted to the
driving frequency, the worst case response exceeds the allowable. The frequency
limits for shifting the modes that produce responses in excess of the allowable are
denoted by fL and fu. Assuming the Gaussian probability function shown in Figure 11
for the natural frequency fu, the area under the density function bounded by fL arid f1 is
the probability of jitter exceedance for that particular mode.

is,. . .~ 0. 9,, w~mmOET

r i 'ea# j'tler Fe- uFo r v"'130 M,-l I A la Pm i it :, li6 o ,Ix P ,- 'II



Now, let P[Ai] be the probability of the ith event that one mode when shifted towards a
specific harmonic results in jitter greater than the allowable. The complement of P[A]
is defined as

P[Ai]C = 1 - P[Ai]

where P[Ai]C represents the probability that event Ai will not occur. Then, assuming
that each Ai event is statistically independent, the probability that none of th ,' Ai's will
occur, P[A]C, is given by the product of all the P[Ai]C's:

PfAJC = Ili P[AJC

The probability of at least one worst case occurring, P[A], is given by the complement
of P[A]C:

P[A] = 1.- P[A]C

P[A] represents the probability of exceeding the jitter budget based on all the
individual mode frequency shifts. Note, that in the higher frequency ranges (above 50
Hz), the modal frequency error causes modes to be shifted to forcing frequencies both
above and below its nominal value. If any single mode results in jitter values greater
than the allowable in more than one harmonic, they are counted as distinct events for
the statistical solution.

A plot showing jitter allowance versus the probability of exceeding the allowance is
shown in Figure 12 for the undamped eggcrate and damped dual honeycomb (DHC)

SSZ Oz response. The undamped eggcrate, due to its sensitivity to resonance
coupling, has a fairly wide range of possible jitter responses. The worst case
response was 120 arcseconds, however the probability of this response is less than 1
percent. There is a 45 percent probability of exceeding the 15 arcsecond peak
allowance, a 10 percent probability of exceeding 30 arcseconds peak, and a 5 percent
probability of exceeding 60 arcseconds
peak. Considering the high degree of -DHC R ,--,,W XL

reliability required for a spacecraft, the J "TM 4 "

undamped eggcrate is not considered
an adequate design. The damped dual
honeycomb, which was much less .
sensitive to resonant coupling than the
undamped eggcrate, has a small range a." "
of possible jitter responses which
accounts for the nearly vertical DHC line -

when plotted on the same scale as the o, *, , o
eggcrate. The worst case response was , , ,
6.7 arcseconds, significantly less than
the 15 arcsecond allowance, making the Figure 12 Probability of Exceeding Jitter Allowance

dual honeycomb platform a viable
concept with regard to orbital jitter.



JITTER WEIGHT STUDY

The traditional method of
reducing orbital jitter is to stiffen - 1 T=

the structure. The approach 5
taken in the DAMMPS program 80

is to add passive damping. A
weight study was conducted to -
determine which method, riMpuW

stiffening the structure or adding 4,--

passive damping, is a more Iu
weight effective method for 20-- ,,u,
reducing orbital jitter. ,-,

The weight study was performed 20 30 40 60 70

on an undamped eggcrate WEIGHT ,,eS)
design with MMC facesheets.
MMC facesheets were added to Figure 13. Worst Case Jitter Versus Platform Weight
the eggcrate in order to remove
any benefits the DAMMPS designs had due to their MMC facesheets. The eggcrate
core thickness was increased stiffening the structure in the most weight effective
manner. Worst case jitter was determined and plotted against the structure weight.
The plot, shown in Figure 13, compares the stiffened eggcrate to the dual honeycomb
design. Stiffening the eggcrate does reduce worst case orbital jitter, however, when
compared to adding passive damping as done on the dual honeycomb design, there
is a much greater weight penalty.

CONCLUSIONS

A worst case and statistical jitter analysis were performed on a viscoelastic dual
honeycomb and an undamped baseline design. The results of the analysis clearly
show the superiority of the damped design with regard to orbital jitter. The response of
the instruments as a result of the input disturbances is significantly less ior the damped
designs. The damped structures are insensitive to resonant coupling, creating a
robust design in that the structure modes do not have to be designed around the input
disturbances.

A weight study conducted on the undamped eggcrate clearly demonstrated that
adding passive damping is a much more weight effective method of reducing orbital
jitter as compared to the traditional method of increasing stiffness. In addition, a small
amount of damping (only 1.5 percent for the DAMMPS platform) may be adequate to
limit even the worst case response to within an acceptable value.

Finally, using the statistical approach to describe jitter results provides additional
insight for evaluating worst case responses. It allows us to assess jitter as a function of

1AA-9



modal frequency and its relative location near a forcing frequency. The closer a

frequency is to a forcing harmonic, the more likely a worst case will occur. At the same
time, the magnitude of the jitter response for a particular mode and the overlapping
shifts at higher frequencies are considered.
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ABSTRACT

This pap; summarizes the activities of the Damping and Metal Matrix for
Precision Structures (DAMMPS) Program at Lockheed Missiles & Space

Company. The objective of the program is to demonstrate dimensional precision
for flexible aerospace structures undergoing dynamic and thermal disturbances.
The approach, selection of demonstration articles, requirements are presented. The
preliminary engineering activities, current achievements and future plans are also

discussed.
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February 13-15, 1991
San Diego, California

The design requirements of most precision mounting platforms on satellites include
both vibrational and thermal environments which dictate the use of advanced
materials. For satellite programs the risks are high to insert these new advanced
materials which do not have a long heritage on previous satellites. In recognition of
this reluctance to use advanced materials the Wright Research And Development
Center - Flight Dynamics Lab has instituted a program to introduce both metal matrix

composites and passive damping technology in a parallel development effort to a
structure on an on-going satellite. This program will then reduce the risk of

introducing this technology on a later satellite. Lockheed Missiles & Space Co. (LMSC)
has been awarded one of these contracts and this paper is a report of its progress. We
have selected as our Demonstrating Structural Article (DSA) a high precision
mounting platform which supports a sensor suite for the attitude control system of one

its communication satellite programs. The DSA is basically a small box (about 12 inches
on a side) which is attached to a simulated satellite bus panel. The passive damping
requirements and design was derived using the Modal Strain Energy Method developed
and validated during previous work on the PACOSS and RELSAT programs.

The current status of the program is the completion of the preliminary design phase
which includes several trade studies as reported in an accompanying paper. Two

potential candidate viscoelastic materials (VEM) have been characterized over a broad

frequency and temperature range which is also being reported in an accompanying

paper. In addition the candidate isotropic continuously reinforced GrAl panel was

tested to validate the manufacturing process. The results of all the testing for both the

VEM and the GrAl demonstrate the design is on solid ground. In the next phase twelve

additional viscoelastic materials will he characterized, joining techniques will be
validated and the final design will be optimized for thermal distortion, thern;al
conduction and damping. f Y"\13-2



OBJECTIVE AND APPROACH -J, od hed

• DAMMPS OBJECTIVE

- TO DEMONSTRATE DIMENSIONAL PRECISION FOR FLEXIBLE
AEROSPACE STRUCTURES UNDERGOING DYNAMIC AND
THERMAL DISTURBANCES.

* DAMMPS APPROACH

- DESIGN / ANALYZE, FABRICATE, AND TEST A DEMONSTRATION STRUCTURAL
ARTICLE (DSA) THAT REQUIRES PASSIVE VIBRATION DAMPING (PVD) AND
METAL MATRIX COMPOSITES (MMC)

- DESIGN, FABRICATE AND TEST AN ALUMINUM BASELINE DSA

- ASSESSMENT OF THE BENEFITS OF PVD AND MMC FOR FUTURE SPACECRAFT

- EXPAND THE PVD DATABASE

- PARTICIPATE IN INFORMATION TRANSFER AT TECHNICAL CONFERENCES AND
WORKSHOPS

The goal is to have availabl,- at tile end of tile DAMMPS program a true demonstration
of what passive damping and metal matrix materials can offer a satellite program, not
as an afterthought to fix a design shortcoming, but as a developed design technology
that is ready to be implemented at the conceptual design phase of any program. The
DAMMPS Program objectives will result in a new maturity in the technology areas of
passive damping and metal matrix materials for spacecraft applications.

The approach is to construct a component from an existing satellite program as a
Demonstration Structural Article (DSA) and validate the design via a test. The DAMMPS
program is divided into six technical tasks. The first three tasks are associated with the
development of the DSA. Task I is Preliminary Design, Task 2 is the Detail Design
Development and Task 3 is Fabrication of the DSA and an aluminum prototype. Both
material coupon characterization tests and component tests are an integral part of
these tasks.

The final three i-:m k' arc associated with the verification of the DSA design via testing,
assessment of th dcsi r, analysis, fabrication, and applicability to future satellites
and the final ta4 -, to distribute tile findings to the technical community.
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DLMSC DAMMPS DSA
DAMMINPS .

MILSIAR COMPONEN I
Z AIMII I1 CRI1IICAL

P M Y SENSOR FOR I E
LOCATION O'"" u -AFI IUDE CON IROL SYSTEM

/ STRIGENT RELATIVE 140111N S O NOAW

ALIGNMENT REQUIEMENT HORIZON SENSOR NO 2L

BETWEEN 711E MOUI ED sU NO. 2

COMPONENTS
- I('IyR e CRITICAL ISSUES FOR IlIE / --. /

ARM ARE:
AN, k -CIE - SOLAR tEAI INJG

If 17 . -DAMPING - 4 RWAs . ... I

-IIEAF CONDUCTION -

IRUs GENERATE HEAT

* HIGH PAYOFF FOR IHE ISA

-LOW CIE Inu NO. \

-_.-IGH DAMPING
RU ,o . R NO-.IGH HEAT CONDUCTIONIRU NIO 1III_ U NO. 2

* SPINOFFS
ATTITUDE -BSIS DEMONSTRATION

REFERENCE -SSTS STRUCTURAL
MODULE ARTICLE
(ARM) (DSA)

The Altitude Reference Module (ARM) of an on-going Air Force Satellite program
which is currently in the hardware phase was selected because it provides the greatest
design maturity and detailed knowledge of both the thermal and vibrational
environments of interest. The configuration of the ARM is somewhat complex. A
modified version of the ARM was selected to be the DSA with a few simplifications
which preserved its salient features. The traceability of the DSA to the ARM is
presented in this viewfoil.

The ARM is an aluminum structure designed to be stiff and to conduct heat away from
the boxes/sensors mounted to it. These sensors are the source of all attitude knowledge
for the spacecraft:

1. two horizon sensors (IlSs),
2. two inertial rcfcrcnce units (IRUs), and
3. one set of accelerometers.

Since they frequently operate simultaneously, it is important that the sensors do not
send contradictory information to the attitude control computer - a situation which
could occur if the boxes became misaligned with respect to each other. From a flow-
down of system-level requirements, tolcrable alignment errors between the several
sensors are known. The principal purpose of the ARM is to maintain relative
alignment of the sensors while conducting heat from the sensors, especially the IRUs.
This means that any structurc functionally similar to the ARM should be at least as
thermally conductive as the original aluminuim structure. The modified vcrsion of the
ARM referred to is the DSA posscsses all of these qualities, whether fabricated of
aluminum or metal matrix coniiposites.
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D S A D E S IG N --JLoc heed

DAMMPS

DESIGN FEATURES

BASEPLATE: Gr/AI
ISOTROPIC 80 mil PANEL/ 

/

/ BOX: Gr/Al ISOTROPIC
60 mil PANEL

ANGLES: DISCONTINUOUS

- - / jSIC/Al lxlx0.060

:MASS SIMULATORS:

FULL WEIGHT

S - ISL- ANC' S MATCH CG
ALUMINUM
FREQ. 150 Hz

JOINING: STRUCTURAL
BOND PERFERRED

Graphite aluminum was selected for the primary structural material because of its
high stiffness to weight ratio, relatively low CTE, no outgassing, and high thermal
conductivity. Specifically, P100 fiber in an aluminum matrix using a quasi-isotropic
fiber orientation was selected because it is the lowest cost fiber which meets the
requirements and P100/Al has a substantial experience datzbase in the industry. Since
this graphite aluminum cannot be formed, the DSA is made of flat plates. To
acccmplish the joints between the plates, discontinuously reinforced silicon carbide
aluminum (SiC) angles are used. At a 0.25 volume fraction of SiC particulate for
reinforcement, a stiffness similar to that of titanium is achieved at about the same
weight as alum inum . TI; ,; iatcrial is iso readily extruded and can be applied to the
DSA with little or no development.
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DA MPSY7< DAMPING REQUIREMENTS

* 19 DYNAMIC RESPONSE QUANlITIES IN 3 INPUT DIRECTIONS
= 57 EVALUATIONS

0 REPRESENTATIVE TRANSFER FUNCTIONS OF RELATIVE
ALIGNMENT DUE TO BASE SHAKE

III - 1 T lx i r iepun Z g s-e . h ke

7 . = . ... . ... .

:... ;: . .:. ./ . ./ ... .. . :... -----------.

0 DAMPING REQUIREMENTS

MODE 140. 1 2 3 4

DAMPING(%) 4.0 3.5 4.0 1.

The baseline DSA was designed to capture the same dynamics as the ARM. The mass

simulators and various panels were sized to place the first four modes near those of the

ARM as extracted from a system level modal test of the satellite.

The DSA FEM (Finite Element Model) was subjected to an appropriate base excitation to

identify the most critical modes contributing to the response. The baseline modal

damping level is assumed to be 0.5% of critical for this preliminary analysis. Transfer

functions were determined relating base shake inputs in the x, y, and z directions to

each of the pertinent response quantities (i.e., relative alignments, component base

inputs). These transfer functions represent dynamic responses to a steady-state, u1nit-

amplitude (in g's) base shake input at any given frequency. Data thus obtained wcrc

scaled to 0.004 g to deternilne the responses at thie actual input levels.

As expected, several different analytical modes produce dominant responses. The1

modal damnping requiremntns were determined from the peak responses in cacti of ithe

transfer functions when compared to the appropriate requirement. A total of 11)

response quantities with 3 input directions yielded 57 plots which were examined III

this manner. Thec lowest four niodes dominated cacti response. rhlcir damping vaIlues

were from mode I to mode 4, to be 4.0%, 3.5%, 4.01,", and 1.21,(', assuming that tile

strctre is forced by steady-slate input and] only damping is used to bring (tic

responses to a level consistnt witkh the requirements.
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DAMMPS SCHEDULE
DAMMPS %,

TASKS 1989 1990 1991 1992 1993 1994

MONTHSAFTERSTART __ 15 27 39 5 54

1 20
1. PRELIMINARY DESIGN IN=

21 34
2. DETAIL DESIGN 1

35 44
3. FABRICATION 1

45 53
4. TESTING 1 1

54
5. ASSESSMENT 0

I 54

6. INFORMATION IHANSFER I

The DAMMPS Program schedule lists the tasks and shows the progress of each task for
the four and half years program duration. The numbers appearing above the bars
represent the months after the start of contract award. At the conclusion of the first
year and a half the Preliminary Design task is nearing completion with material
selection, sizing and coupon testing finalized. In addition the Information Transfer
task is progressing on schedule with the generation of several documents,
participation at two workshops and preparation of three technical papers. The
contract is on schedule and with the anticipated continued funding will remain on
schedule.
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PRELIMINARY -TockhLed

KZ DESIGN ACTIVITIES

ALUMINUM (DAMPING/CTE)HEAT CONDUCTION)
* REQUIREMENTS "MMC ONLY (DAMPING)

ALLMINUM

* DESIGN /ANALYSIS MMC ONLY

DAMPED MMC

" M METAL MATRIX COMPOSITE*MATERIAL SELECTION I[

DAMPING (FREQUENCY AND TEMPERATURE)

METAL MATRIX COMPOSITE (2 PANELS)
*MATERIAL TESTING _ DAMPING (2 CANDIDATE VEMs)

REQUIREMENTS: In order to derive requirements a finite element model of tile

aluminum baseline l)SA was constructed and subjected to the vibrational

environment and the thermal temperature distribution. The relative
alignment between the sensors was exceeded and the damping and CTE
requirements were set by linearly scaling the Q factor and CTE to mect the

specified rcquirements.
DESIGN/ANALYSIS: With the requirements set, several metal malrix designs were

examined and Cvalunated trying to balance the constrained layer damping

placement and metal matrix manufacturing limitations on fiber lay-up

thickness to achieve isotropic properties which prevent distortions during
the auloclave curing cycle.

MATERIAl. S[IEXTIO)N: While early trades wkerc made to select the viscoelastic aid (AI
material tlhe fcasibility of using eadh have to be based on test data w hich is

not readily available. The layup design of composites couple with the selected

manufacturing process and require test validation. ('urrent viscoclastic

characteriation matcrial data [or space applications is very sparse and also

must be generated before tihe viscoelastic materia! selection can be finaliicd.

NIATE RIAl. TESTING: ;Io viscoclastic materials were characteri:cd -,er a broad

frequency and Icmperature range validating the material selection. A panel

of GrAI. was inspcctcd via ('-scan and imechauicallv tcStcd to elsurc the

propcrtics agree with thc rule of mixture values. All test dala was %kitlhin

acceptable ounds ', alidating thc panel material selcction.

EAB-8



PRELIMINARY DESIGN 7YIkoIeed

ACCOMPLISHMENTSDAMMPS

ITEM STATUS DESCRIPTION

1 MASTER PLANNING AND CONTROL DOCUMENT

2 4 BASELINE DESIGN REQUIREMENTS

3 PRELIMINARY STRUCTURAL TEST PLAN

4 DAMPING MATERIAL TEST PROCEDURE

5 FIRST SEMI-ANNUAL TECHNICAL REPORT

6 SECOND SEMI-ANNUAL TECHNICAL REPORT

7 '1 PRESENTfED DAMMPS PAPER AT 61th SHOCK AND
VIBRATION SYMPOSIUM

Note: V means item Is completed

All of the Preliminary Design activities have been documented and presented at
Workshops and technical conferences. The above is a list of all the documents that
have been generated to date. In addi,;,, iher" irr ",-n r1-,-,i-r being presented at the
Damping 91 Conference documenting the design trades leading to the current design
and the results of the VENI characterization testing. These documents are available
upon request from Mike Zeigler, iIIBAA of WRDC.

LAt3-9



CONCLUSIONS '1cgd

FUTURE PLANS
DAMMPS

" CONCLUSIONS

" CONCEPTUAL DESIGNS ARE COMPLETE
o MATERIAL SELECTION OPTIONS ARE UNDERSTOOD
o MMC AND VEM ARE A GOOD SOLUTION FOR HIGH PRECISION

SENSOR PLATFORMS (WEIGHT, STIFFNESS, CTE, AND DAMPING)
" MATERIAL TESTING IS WELL UNDERWAY (VEM AND MMC)

" FUTURE PLANS - DETAIL DESIGN TASK
o INTEGRATED THERMALDYNAMIC MODEL FOR OPTIMIZED DESIGN
o FABRICATION TESTING - JOINTS AND INTEGRATED MPAC.VEM
" COMPONENT TESTING - INTEGRATED MMC/'VEM, SAMPLES

Since thle bel-inining of' thle contract significant prgess has been made III
aRCOnliplisliing thle goails of tile lPrchlinar D~esign Task. ('Urrently trade swUdics have
bcen c-ompiled for both tile aluminunm and NUNI(' 1SAs. This inicludes material selection.,
dam11ping Ireatment. and incinrcr si.ing. Iwo candidate VENs have beenl chiaractcri/-l
'1nd recported over thle appropriate fi-c(ILIeC11 and reripatr rags A aitrrIn

ol' thle candlidate graplieauiu iI haS beenI tested to extract the mchlanical
prope)(rties Validatin11 L thle 1manu1facturing, proces s.

During thle nexti phase our plan includes (the testing of' twelve additional V FNI
materials, intcrated (ejin o)pimi/ation andl componenlt / fabrication testitil. 'the
Inte~ac uptirti/atioriwll 61Include thle simltlaneous effects of, NINI(' aInd V\'LN1I
c~oupled togethecr with (the therma! and vibirational enivironmencuts. The detailed 111ite
element model accounts for thle strain energy distribution and aI thermnal ruodel
aoccounts for thec 'I.NI altered Ithrma pairls to calculate tire thermal corrduet%11K

ettct. Tes res ults ) ill be presented to a to rnual design review, prior to tCio mlte
the ala neat ionl ph. se
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Development of Low Modulus Damping Material for

Precision Mounting Platforms

S. Kirshenbaum', D. Hill, and C. Stahle

General Electric - Astro Space Division

ABSTRACT

A damped precision mounting platform requires a viscoelastic
damping material with a shear modulus an order of
magnitude lower than existing General Electric Astro Space
Division SMRD TM damping material formulations. Existing
SMRDTM formulations were modified to achieve low shear
stiffness and high damping over a broad range of temperature
and frequency. New formulations wore dynamically and
mechanically characterized test results are presented. Five
new formulations met the low, modulus, high damping
objectives resulting in an efficient, highly effective damped
platform design.

INTRODUCTION

The current trend toward larger and more accurate sensing instruments on precision
space structures which are growing in size and flexibility has created a need for
improved dynamic stability. This can be accomplished through integral use of passive
damping with viscoelastic material (VEM). The damped precision mounting platform
design shown in Figure 1 is a dual honeycomb sandwich with a layer of damping
material in the center. The damping material is positioned in the center of the panel to
recover maximum shear strain as the panel is deflected. This provides a high
composite loss factor and the desired degree of improved stability. Design studies on
the platform have shown that the most effective damping configuration can be
achieved with a thin layer of low modulus damping material.

GE Astro Space Division produces VEM called SMRD TM which has been utilized in
space applications for over 20 years. However, in past applications the damping
material covered a smaller percentage of the structure requiring relatively stiff damping
material for peak performance. The current precision mounting platform design with
full coverage requires damping material with a shear modulus up to an order of
magnitude lower than the conventional SMRD Tm formulations. Past development
work has shown that the properties of SMRDTM can be tailored by varying the
constituents. A General Electric funded program was undertaken to develop new low
modulus VEM formulations for precision platforms. The results of this successful study
are presented in what follows.

1Dr. Steven Kirshenbaum, GE Astro Space, 234 Goddard Blvd., King of Prussia, PA, 19406, (215) 354-6551



VEM MATERIAL REQUIREMENTS

The need for a low modulus, space compatible VEM has already been discussed.
Specific material property requirements for the precision mounting platform are sho',,:n
in Table 1. The conventional SMRDTM formulations, 100F90 and 100F50, meet the
damping and strength requirements but have shear modulli from 2000 to 4000 psi.
The platform is thermally controlled, but temperatures may vary between 40 F and
75 F. Major orbital responses range in frequency from 15 to 100 Hz, and the launch
acoustic loading can be significant through 2000 Hz. The VEM must maintain a high
loss factor over the temperature range and frequency range of interest during launch
and on orbit. The static strength requirement, 50 Psi, is low by design, although the
strain to failure of the material is exceptionally high.

The outgassing requirements of less than 1 percent total mass loss (TML) and less
than 0.1 percent collectible volatile condensable material (CVCM) have been
established by NASA. Low outgassing is a key requirement for spacecraft materials.
Material which is lost not only degrades the performance of the component, but may
condense on sensors or solar array panels affecting the performance of the payload.
Many commercially available damping materials meet the strength and shear modulus
requirements, but have high outgassing, and are therefore unacceptable for space
applications. The SMRDTM formulations have low outgassing(1) and are desirable for
space applications.

DEVELOPMENT PLAN

The developmental flow plan, Figure 2, indicates the iterative nature of this study.
Candidate formulations were prepared and cured in a small specimen dish for
qualitative evaluation. Some formulations were rejected at this level because they
separated or they never fully cured. Material formulations which looked promising on
a small scale were cast into full size panels (12 inch by 12 inch by 0.25 inch) for further
evaluation. In a few instances, formulations which initially looked promising were
rejected at this point because of separation or incomplete curing. The remaining
formulations were subjected to modified Oberst Beam tests which served as a
screening test for damping characterization. Based on this data, one formulation was
selected for further characterization with the Direct Complex Stiffness technique.
Mechanical properties were measured with a Universal Test Machine.

MODIFICATION OF EXISTING SMRDTM FORMULATIONS

It is well known that peak damping for a VEM occurs near the glass transition
temperature. In general, the glass transition can be affected by crosslink density,
molecular packing, chemical constituents, cure conditions, and fillers. Because of the
low outgassing requirement for space applications, modifications to the material
formulation and process are limited to those which will not increase outgassing. The
proprietary nature of the formulation and production process of SMRDTM precludes a
detailed discussion, but it may be noted that chemical corstituents and fillers were



varied in the work reported here. The properties of SMRDTM can be tailored to the
needs of the application using these variables alone. Effort concentrated on reducing
crosslink density to increase backbone flexibility. Plasticizers were not pursued based
upon past experience which indicated the addition of these constituents caused
difficulty in bonding the material to structure.

INITIAL SCREENING - MODIFIED OBERST BEAM TEST

The Modified Oberst Beam test is a relatively simple and reliable technique for
measuring the damping characteristics of viscoelastic materials. Through the
measurement of the natural frequencies and damping of the Oberst Beam specimen,
the shear modulus and loss factor of the VEM can be determined as a function of
temperature and frequency. The accuracy of the measurements, however, is limited by
the beam specimen configuration, temperature control, and test technique.

A typical modified Oberst Beam configuration is shown in Figure 3. The beam is made
up of an aluminum base block with a protruding arm consisting of two VEM layers
bonded to an aluminum sheet. A set of 5 to 6 modified Oberst Beams were tested
together inside a thermally controlled environmental test chamber. Temperature in the
chamber can be maintained to 2 C. Measurements were made in 5 C increments from
-5 C to 40 C. Damping and natural frequencies were determined via tap test. An
instrumented hammer was used to tap the beam and the response was measured with
an Endevco 2222 accelerometer attached to the tip of the beam. The input force and
response acceleration were collected and reduced with a HP 5423 two channel
analyzer. Each measurement consisted of 5 taps and 5 averages of the input and
response.

Damping and natural frequencies of the composite beam and the density of the VEM
are the raw data necessary to calculate the shear modulus and loss factor of the VEM.
The data was reduced based upon equations given by Nashif(2).

Material properties of ten SMRDTM VEMs are presented in Table 2. The 100F90 and
10OF50 are the original SMRDTM materials. The results indicate that seven
formulations have met the material property requirements of Table 1. Five of the
materials (U1015-10E, B50T2B, B5OT5B, B37UF, and B37T2B) have shear modulli
less than 500 Psi in the required temperature and frequency ranges, which is
particularly desirable for the precision mounting platform. The peak loss factor has
been increased above 1.5. As expected, the microballoon filled formulations have a
lower density and higher modulus than the equivalent unfilled systems (compare
100F50 with 100F50 UF). The unfilled systems also exhibit higher loss factors.

An indication of the data quality is determined by a wicket (or inverted U) plot. If a plot
of the loss factor versus storage modulus, G, forms an inverted U with small scatter,
then the entire range of VEM modulus from rubbery region through the transition
phase and into the glassy region is well represented. A wicket plot for the B37-T2B
material is shown in Figure 4. In general, the results show some scatter, especially in

EAD- 3



the rubbery region, which is characteristic of the Oberst Beam test. This amount of

scatter, however, is acceptable for initial screening tests.

DETAILED TESTING - DIRECT COMPLEX STIFFNESS TECHNIQUE

Exceptional material properties and potential performance enhancement were
demonstrated by five of the new SMRDTM formulations. Time restraints limited
detailed testing to only one formulation. The B37T2B was selected; it possessed one
of the lowest shear modulli, providing the lightest weight configuration, and one of the
highest loss factors.

The B37T2B was further characterized at CSA Engineering with the Direct Complex
Stiffness technique(3) as part of a separate program. This nonresonant technique
involves application of force in the form of a sine burst across the material in shear and
measurement of the resulting displacement. This burst random technique allows
measurement at all frequencies simultaneously. Specimen temperature is critical to
the accuracy of the results and was held to within 0.1 C by a fluid convection system.

The test results presented in the reduced temperature nomogram (Figure 5) .rnd the
subsequent wicket plot (Figure 6) show almost no scatter in the data and represent all
three regions (rubbery, transition and glassy) of the B37T2B material behavior. The
data points measured by the Oberst beam method are also plotted in Figure 5 for
comparison. The Oberst beam data shows good agreement with the Direct Complex
Stiffness test results. The confirmed peak loss factor of 1.6 is an exceptional increase
from the 1.0 peak loss factor of the standard 100F90 formulation.

MECHANICAL PROPERTY TESTING

The damping material experiences the highest stress condition during launch. Design
of a passively damped structure must address the two possible failure modes of the
VEM, namely failure under an axial load (tension) and failure in shear. During launch
the VEM is exposed to tensile stress and shear stress simultaneously. Effects of rate at
which the material is strained (strain rate) and temperature have a marked influence
on the material properties(4)(5) and must also be addressed. The temperatures
typically experienced by a protected structure during launch conditions range from
50 F to 75 F. The strain rate depends upon the application, but typically ranges from
40 in/in/min to 150 in/in/min.

Tensile testing of VEM followed ASTM standard D638. Tests at strain rates 6.67
in/in/min or lower were performed on a 1000 lb. mechanical Instron at controlled
temperatures. Tests at strain rates 33.3 in/in/min and higher were performed on a
hydraulic Instron at room temperature conditions only. Strains up to 0.50 in/in were
measured with an extensometer with a 1.0 inch gage length. Ultimate strains were
determined by the crosshead motion. The modulus was measured as the secant of
the stress-strain curve at 2 percent strain. Ultimate stress was recovered from the
failure load.

FAD-4J



TENSILE TEST RESULTS

Mechanical properties of four materials at 6.67 in/in/min strain rate and 65 F are
compared in Table 3. Young's modulli measured at 2 percent strain follow the same
trend as the shear modulli presented in Table 2. The modulus of the filled material
(100F90) is an order of magnitude higher than the modulli of the three unfilled
materials. Ultimate stress of the four materials is related to Young's modulus, although
the two properties are not directly proportional. Even at this low strain rate, the
ultimate stress of all four materials is higher than the 50 Psi minimum requirement. In
the comparison between materials, ultimate strain appears inversely proportional to
Young's modulus. All materials exhibited exceptional strain to failure enabling a great
deal of flexibility in their design and use.

Mechanical property variation of the SMRDTM VEM materials with strain rate and
temperature will be demonstrated with results Tor the B37T2B material. Young's
modulus, E, as a function of strain rate, temperature held constant at 65 F is presented
in Figure 7. Young's modulus ranging from 80 psi to 400 psi is observed. This wide
range can be explained by examining Figure 5. At the slow strain rates, the B37T2B is
in the rubbery portion of the curve. Testing at higher strain rates acts to shift the
material state to the transition or glassy regions of the curve with the same effect as an
increase in frequency. Young's modulus is related to a shear modulus by

G=E/2(1 +1)) (1)

where u is Poisson's ratio. For VEM material in the transition region, the Poisson's
ratio approaches 0.5. Thus, the shear modulus can be estimated as 1/3 of the Young's
modulus. The shear modulus at the higher strain rates appears to correlate to the
shear modulus measured dynamically with the modified Oberst beam (Table 2).

Ultimate stress as a function of strain rate (at 65 F) is presented in Figure 8. The
ultimate stress of 40 psi measured at 0.07 in/in/min strain rate is doubled at the highest
strain rate. Ultimate stress measured at 50 F, Figure 9, also increases with an increase
in strain rate. However, at a constant strain rate, the ultimate stress measured at 50 F
is double that measured at 65 F. This indicates that at 50 F the B37T2B is closer to the
glassy region.

Ultimate strain as a function of strain rate and temperature is presented in Figure 10.
Limitations in the hydraulic test machine crosshead displacement precluded ultimate
strain measurements at the higher strain rates, but it is known that all specimens failed
over 100 percent strain.

CONCLUSIONS

Development of a low modulus, space compatible VEM has been presented. Existing
formulations were modified and tests were performed to screen viable candidates.

I I-



Five new materi'.' formulations have shear modulus and damping properties which
meet the requiruments of a precision mounting platform. One formulation was
subjected to detailed characterization confirming earlier modified Oberst beam results.

Mechanical tensile test results show that Young's modulus, ultimate stress, and
ultimate strain of SMRDTM VEM are dependent upon both temperature and strain rate.
The existence of a relationship in the data between strain rate in mechanical testing
and frequency in dynamic testing has been established. Recommendations for future
work include mechanical shear tests and further investigation in the relationship
between strain rate and frequency.
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Table 1 VEM Material Requirements for a Precision Mounting Platform

Temperature Range (F) 40 to 75

Frequency Range (Hz) 15 to 2000

Shear Modulus Range (Psi) 50 to 1200

Loss Factor 1.0 minimum
Outgassing - TML (Percent) 1.0 maximum
Outgassing - CVCM (Percent) 0.1 maximum

Table 2 Modified Oberst Beam Test Results

Peak Damping Data
Material Filled Density G 1 Loss Temp. Freq.
Designation (F/U) (g/cm3) (Psi) Factor (F) (Hz)

100F90 * F 0.7 4000' 1.0 65 55
100F90UF U 1.0 1000 1.2 67 20
100F50 * F 0.8 4200 1.0 59 90
100F50UF U 1.0 600 1.4 50 16
U1015-SE U 1.0 40 1.5 40 9
U1015-1OE U 1.0 80 1.6 71 57
B50T2B U 1.0 380 1.3 61 85
B50T5B U 1.0 370 1.1 60 84
B.17UF U 0.9 60 1.6 71 j 57

B37T2B U 1.0 90 1.5 1 60 78

* Historical Data

Table 3 Tensile Test Results at 6.67 in/in/min strain rate and 65 F

Material Filled E Ultimate Ultimate

Designation (F/U) (Psi) Stress Strain

(Psi) (Psi)
100F90 F 1250 400 0.8

100F50UF U 130 145 1.2

B5OT2B U 82 92 1.4

B37T2B U 92 70 1.7
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COMPLEX STIFFNESS TEST DATA FOR THREE VISCOELASTIC MATERIALS
BY THE DIRECT COMPLEX STIFFNESS METIOD

B. R. Allen
CSA Engineering, Inc.
560 San Antonio Rd.

Palo Alto, CA 94306-4682

E. D. Pinson
Lockheed Missiles & Space Company, Inc.

Space Systems Division
1111 Lockheed Way

Sunnyvale, CA 94089-3504

An integral part of the Damping and Metal Matrix for Precision Structures
(DAMMPS) program involves the acquisition and dissemination of complex
stiffness data for several viscoelastic material (VEM) specimens. Three such
specimens have been tested by the Lockheed Missiles and Space Company, Inc.
DAMMPS team: 3M Y-966, Soundcoat DYAD-606, and 3M ISD-1 12. These
particular materials were chos ,n to demonstrate usable loss factor amplitudes which
span the anticipated frequency a:-d temperature range of operation for the structure
studied under the contract. Future testing will characterize these and othei selected
specimen ;n more detail to provide an accurate material properties database for the
detaile, :gn task. Test data were collecteJ, Ory efficiently utilizing the Direct
Complex Stiffness (DCS) method and manipulated/reduced using the VEMINT
program. In this paper, salient aspects of the test and data reduction procedures are
presented, as well as several forms of the complex modulus data.

INTRODU(CTION

This paper documents the test, data reduction. and characterization of three viscoelastic materials
performed under the current phase of the Damping and Metal Matrix for Precision Structures
(DA IMPS) program. The three mate-ials were 3M's Y-966, Soundcoat's DYAD-606. and 3M's ISD-
112. The materials were tested using a Direct Complex Stiffness (DCS) method, and the data were
reduced using a state-of-the-art characterization method. A more complete description of the test
methodology. hardware, and characterization software is found in other technical papers [1.21.

The objective of the r~elininary testing Linder this tisk was to screen the propertiks of three viscoelastic
nmterials (VLMs) for potential incorporation into the I' :.nionstration Structural Article II)SA) identified
'or study and proof of concept exerciscs in the I)AMMPS program 131. These engineering data were
collected over temperature and frequc.,cy ranges particulai to the expected operational envkironment of
the structure. in general. the volune and hrcadth of the data ohtained i, this phase of testing is less
than what will he produced tor the next phase ot the I)AMNIPS effort, w here teting w. ill leaid to more
complete charac trezation,,. rcsu lti;g ir coi ph'x modTILus hta O\cr hroader temlprat tire and frequCncv
ranges.



Raw data were obtained using a testing system developed by CSA Engineering which operates on the
principle of DCS measurements, a nonresonant technique. The VEM specimens were tested in shear
and their properties were measured directly. not inferred indirectly, from the raw data. Although
nonresonant methods place more stringent requirements on the instrumentation, it has been shown to
be more accurate and versatile thbsn the resonant testing options.

Since it is impractical to test a VEM at every combination of temperature and frequency, specimens are
tested at discrete temperatures and frequencies, and a relationship is developed which characterizes the
material at all other combinations of temperature and frequency. This process, referred to as
characterization, was performed on the material test data by using a state-of-the-art characterization
program which is currently under development. The characterization process employed the "Spline Fit
of Slope" temperature shift function and the "Ratio of Factored Polynomials (Collocation)" complex
modulus model 141.

DIRECT COMPILEX STIFFNESS TEST METHOD

The DCS test method, often called the impedance technique, is a nonresonant test method that uses a
simple test specimen, called a lay-up, as shown i, Figuie 1. Transducers measure input force and the
resulting displacement of the center block directly. Input and response signals are digitized and
processed, usually by discrete Fourier transform methods, to obtain the impedance at the force input
point. After subtracting the inertia contribution due to the known mass of the center block, this quantity
is normalized by the specimen stress area and thickness to obtain the complex modulus of the VEM as
a function of frequency and temperature.

Center Visccldastic Material

T splacement
Force

Figure 1 - Direct Complex Stiffness Testing Method

Direct sti ffness methods require much care in the design of the apparatus to insure that fixture resonant
trequencies are as high as possible. Likewise, operator experience is important in lay-up assembly and
in interpretation of data to identify and correct any anomalies immediately. When done properly,
measurements can be accurate and repeatable for frequencies from about 0.01 Hz. to an upper limit
dictated by the dynamic of the fixture. Advantages with respect to speed. accuracy, temperature
control. frequency range. frequency resolution, data format, and specimen generality make the direct
complex stiffness technique the method of choice for most applications.

The test ss stem used to perform the complex modulus tests described herein was designed and built by
(SA lrngineering. t;,,ing the principles of I)'S meslurements, a known dynamic force (usually a
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random burst) is applied in such a way that shear deformation is produced in a small VEM specimen
which is held at a known temperature. The force and resulting shear are transduced, and the frequency
response between input force and output displacement is calculated by means of a discrete Fourier
transform. This complex function of frequency I, then processed tu v,,in the complex shear modulus
of the material.

I)ATA COLLECTION

A single specimen of each of the three VEMs was med to acquire the preliminary material data for each
material. Since any DCS test system can accommodate only a finite range of specimen stiffnesses, each
VEM specimen can only be used when the associated stiffness is compatible with the dynamic range of
the machine. Accurate measurements of the complex modulus are complicated by the large changes in
stiffness which occur in the transition region, since specimen stiffness varies directly with modulus.
Judgement is required to estimate the room temperature modulus of each material and its approximate
location within the transition regions (e.g., glassy, rubbery, or transition). For example, if a material
is known to be in the rubbery region at room temperature and target frequenci's, area and thickness
values would be chosen to minimize specimen stiffness so that temperatures could be decreased to
approach transition without exceeding the stiffness range accommodated by the test apparatus. In the
worst case, extra specimens must be made to accommodate the wide stiffness variations of transition
and/or inaccurate estimates of material stiffness and transition regions.

Specimen stiffness limitations are controlled by two phenomena. The upper limit for specimen
stiffness on the test equipment is limited by the absence of sufficient transducer output and/or the
rigidity of the test fixture. Conversely, lower stiffness limits are controlled by the increased ratio of
inertia to the total force. The iatter limitation occurs when the decreasing specimen stiffness causes
resonant frequencies of the constant-mass center block on the VEM "spring" to shift down near the
measurement band.

Nearby resonances violate the assumptions of DCS tests since force-deflection properties are
determined by inertia as well as stiffness. The intent of this and any direct stiffness test is to measure
the stiffness properties of a specimen, not the inertia effects produced by a nearby resonance. At some
point, the analytical mass correction will not be able to nullify the increasing inertia forces. For the
testing under consideration here, inertia force magnitudes were tracked and recorded during data
acquisition. Unwanted or inaccurate data were purged during characterization since this process
pre';cnts additional methods of error identification.

VISC((EIASI'IC I)ATA REIDUC'i'ION AND PRESENTATION

The preceding section described the test method that was used to obtain shear modulus and loss factor
data at a number of temperatures and frequencies. Because of the impracticality of testing a viscoelastic
material at every combination of temperature and frequency. a relationship is developed which
charactcrizcs the material at any combination of temperature and frequency. This process is referred to
as characterization. The data are "shifted" using a temperature shift function and "fitted" using a
complex modulus m1odel.

[or the data reduction presented in this test report, the "Spline Fit of Slope" temperature shift function

((,) was used to reduce experimental data 141. In this method, the slope of art is defined by a splile

SAY - 3



fit through "knots" at N evenly spaced temperature intervals.

Once aT has been obtained, complex modulus (G*) curves are superimposed upon the reduced data
in the International plot. The following "Ratio of Factored Polynomials" model was used to draw
these curves. ( 1l/2

2+ 2rjfR
N I r e -

G* G l'
k=1 1/2

rke

where G* = complex modulus,
Ge = storage modulus rubbery asymptote,
Gg = storage modulus glassy asymptote,
fR = cxdf= reduced frequency,
rk = breakpoint reduced frequency, and

I

e = (G)Ge)2N

Once the material is characterized, the program provides a superset of the plots and data described in
reference 5. These are listed below and presented for each of the tested materials in the following
sections.

I. Plots of log(G*'(f,)) and log() vs. reduced frequency with constant temperature lines
and an experimental frequency axis (International plot) in both English and S.I. units.

2. Plots of log(q) vs. log(G*R(fT)) (Wicket plot) in English and S.I. units,

3. A plot of log(aT), d(log(cTa))/dT, and apparent activation energy vs. temperature,
4. Plots of log(frequency) vs. t, mperature in English and S.I. units,

5. A plot of log(G*R(fT7)) and log() vs. temperature, and
6. An updated tabulated data file.

3M ISD-112 CiARACTERIZATION DATA

This material is an acrylic pressure sensitive adhesive, not marketed as a stand-alone damping material.
It is generally sold as a part of a final 3M-designed damping solution. The test specimen was obtained
from Lockheed Missiles & Space Company, Inc., Space Systems Division, identified by the
manufacturer as 2105 NVB TYPE 1205 on the packing slip and 2105 INVB964A3618 (label affixed
to the roll itself). Prior to testing, the material was exposed to approximately 40% relative humidity
I RH) at 75F for one month. This environment also represents ambient test conditions. (Published
information indicates a one year shelf-life at 50% RH and 70F.) Since the test specimen was only
0.005 in. thick, special care was taken to ensure that the bonding substrates associated with the test
fixture were flat to within 0.001 in. over the entire specimen area. The surfaces were then degreascd
with a solvent (e.g.. trichloroethane or toluene). The test specimen was constructed by bonding the
material between aluminum blocks at 75F with a pressure of between 2 to 5 psi, applied for only a
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few seconds, since bonding occurred instantaneously. An initial specimen was constructed with area
and thickness of 0.99 in 2 and 0.0113 in., respectively. Handling may have damaged the article since it
was too compliant, necessitating the construction of a second specimen with an area of 6.00 in2 and
thickness of 0.0105 in. Only data from the second article are presented in this report. This second
series of tests commenced at CSA Engineering on October 1, 1990, using a proprietary DCS method
test system coupled with a Zonic 6080/6081 FFT Analyzer. Although a strain linearity check was not
performed, strain levels during testing were maintained at approximately 2% and the maximum loss
factor observed was 1.25 (32°F < T < 96*F - eight discrete values, and 0.9 Hz. < f < 1000 Hz.).
Figures 2 - 6 provide final detailed characterization data.
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3M Y-966 CIIARAC'TERIIA FION I)ATA

This material is also an acrylic pressure sensitive adhesive, obtained from the sales office of R.S.
Hughes. Sunnyvale, CA. The ambient test environment and published shelf-life is identical to that of
ISD- 112. Since this test specimen was also very thin. similar precautions were exercised to ensure the
flatness of the bonding substrates. The surfaces were degreased with a solvent, and the material was
bonded to the fixture blocks. This material is generally sold with a nominal thickness of 0.002 in. To
decrease the stiffness of the layup (and thus extend the upper end of measurable frequencies), the VEM
was doubled to obtain a thickness of 0.0046 in. The total VEM area was 2.32 in2. Testing was
performed on September 25, 1990, using the fixturing and data acquisition system desc, ibed above.
Strain levels during this battery of tests were maintained at approximately 5% and the maximum loss
factor observed was 1.27 (59°F < T < 113F - eight discrete values, and 0.1 Hz. < f < 1000 Hz.).
Figures 7 - 1 I provide final detailed characterization data.
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SOLJNDCOAT I)YAI)-606 CHIARACTIERIZATlION D)ATIA

The third material test was performed on DYAD-606, a polyurethane manufactured by Soundcoat and
obtained directly from their sales office in Santa Ana, CA. It is sold pre-cast in sheet form specifically
for vibration damping applications. The test specimen was constructed by bonding the material to
degreased aluminum blocks with 3M- 1838 epoxy, which was allowed to cure at 75'F for two days.
The final specimen area was 3.76 in2 with a thickness was 0.050 in. Testing was performed on
October 2, 1990. utilizing the fixturing and data acquisition system as before. Strain levels during this
battery of tests were maintained at approximately 0.4% and the maximum loss factor observed was
1.06 (80*F < T < 126*1F six discrete values, and 0.2 Hz. < f < 1000 Hz.). Figures 12 - 16 provide
final detailed characterization data.
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methods.
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I. INTRODUCTION

There are a number of measurement techniques which are currentl, used to :btairi

the dynamic properties of viscoelastic materials. I.- is commonly accepted that
no one technique offers the range necessary LD overcome the widely varying nature
in material properties of -iscoelastics. These properties vary as a function of
such parameters as temperature, frequency, dynamic strain amplitude, and static
preload for multiple states-of-stress. For this reason, multiple sources arc
needed to completely characterize a given material. In addition, confidence is
established in the accuracy of the test data through correlation of the various
techniques over a wide range of temperatures and frequencies. This in turn
provides an assurance that the temperature-frequency superposition principle

holds within the range of measurements.

Therefore, it is the goal of the data acquisition system to gather dynamic
properties over as wide a test range as possible to establish an accurate
characterization of materials with a high degree of confidence. The vibrating

beam technique and the low-trequency impedance method, presented in this paper,
allow for such a range in measurements.

It is the purpose of this paper to discuss the details of the low-freouencv

impedance technique developed by Anatrol Corporation. Though the development of
this system is an ongoing process, this system is currently capable of performing
direct material evaluations over a frequency range of le-4 to 100 Hz (6 decades
of frequency coverage).

A brief description of the measurement techniques used to generate the material
properties presented in this paper, including discussion of the merits and
limitations Df each, is provided with special emphasis on the impedance
technique. To demonstrate the effectiveness of this new test system,
measurements were made on the "Round Robin" TTPC material Fij using the vibriting
beam technique to provide high frequency correlation. A sandwich-type beam
specimen was used to obtain the shear properties over a temperature and frequency
range of -70' to 150'F and 300 to 3000 Hz, respectively. Preliminary
measurements using the impedance technique include data taken at 65 . 75', and

85'F for frequencies ranging from 5e-4 to 100 Hz.

II. VIBRATING BEAM TECHNIQUE

The vibrating beam technique has become an industry standard for obtaining
material properties of viscoelastics over a wide temperature and frequency range

(ASTM E-756-80). This techniqut lends itself well to automated control, and is
used to provide a quick characterization of a material with accurate results.

The vibrating beam technique allows for the use of a number of different types

of test specimens to calculate either shear or Young's modulus Some cof these
specimen configurations are presented in Figure 1.

The complete set of equations which govern this technique for the various
configurat ions shown in Figure I can be found from many sources 2. 3.J
However, the sandwich beam equations used to generate the shear vibrating beam
data are presented below:
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Figure 1: Various Test Specimen Configurations for the
Vibrating Beam Technique
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Though the vibrating beam method allows for measurements in both shear and
tension/compression, it is extremely difficult to generate scatLer-free data
necessary to provide a precise estimate of Poisson's ratio. In addition, this
technique is unable to monitor the effect of such things as dynamic non-
linearities or static preload on the material's dynamic properties.

III IMPEDANCE TECHNIQUE

III.A Overview

The impedance (or forced-oscillation) technique is a direct measurement method
which is not limited to the resonance of the test sample and therefore can make
measurements over a wide temperature and frequency range. Of the many available
svstems, the test apparatus described in this paper was developed to provide
measurements at extremely low frequencies. This system uses a single-degree-of-
freedom model and operates at frequencies below resonance. As with all other
techniques, the test apparatus is placed in an environmental chamber to monitor
the effect of temperature. This system is currently able to perform automated
measurements at frequencies from le-4 to 100 Hz and temperatures Lrom -100' to
300°F.

Among the features of this technique, is that the effect of static preload and
dynamic strain amplitude can be monitored. In addition, measurements can be made
on the same sample in both shear and tension/compression states-of-stress.

'II.B Test Specimens

The test specimen design used in the low frequency impedance device allows for
measurements to be made in both shear and tension/compression on the same test
sample in order to reduce the scatter associated with sample to sample
variations. This is done by rotating the sample 90' in the fixture and applying
the load from a perpendicular direction. A conceptual sketch of the test
specimen is provided in Figure 2. Static preloading of the material in
compression is provided by inserting spacers between the box frame of the
specimen and the materiai sauiple as seen in Figure 2.

II1.C Test Procedure

Once a test specimen has been fabricated, it is placed within the temperature
controlled portion of the system and is oriented in a position to provide the
desired state-of-stress. The box fr,,me of the specimen is bonded in place, a
temperature thermocouple is embedded within the viscoelastic material itself, and
the center block spacer is attached to the mechanical actuator via a rigid
stinger connection. The force and displacement transducers, as well as the
act.iat:- -rp located ourside of the environmental chamber. A sinusoidal input
is applied to the specimen which is monitored with the force transducer conrected
in-line with the actuator. The resuitin sin,,qoidal response of the sample is
measured using a displacement transducer.

An FFT analyzer with programrnring capabilities is used to control the automated
data acquisition. The Ltti -V. e Fr iupnrv ;nc -an , t.

over. as well as the dynamic strain level to input to the sample. The input
force is varied to maintain this strain level for all measurements.
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Figure 2: Schematic Drawing of the Test Specimen Used for
the Impedance Technique

III.D Data Reduction

The impedance technique is based on a single-degree-of-freedom model in which a
complex spring element is used. The imaginary portion of the modulus is
calculated from the area within the hysteresis loop generated for the input
stress on the sample versus the resulting strain of the material as a function
of time. The specific equations used are given below:

Shear

)=. - mW2 t (6)
e.) AL

G"(w) AH (7)
Ir C-

2

G" (u) (8)

Tension/Compression
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III.E Precautions

As is the case with all test techniques, special care must be taken in
fabricating the test sample, not only to ensure that proper adhesion is obtained,
but also that the pad geometry of the sample is properly designed.

One limitation that is true with all impedance techniques is that testing can not
be performed when the sample stiffness approaches the fixture stiffness. This
happens at higher frequencies and cold temperatures, or when testing in
tension/compression with pads having large shape factors. On the other end of
the spectrum, if the test specimen is designed to be too weak, a poor signal-to-
noise ratio problem will result with the force transducer when testing in shear
at extremely low frequencies and high temperatures. Since this technique covers
such a wide range of modulus values, it is difficult to design one sample that
will provide clean and accurate data for both extremes. For this reason it may
be necessary to design multiple samples of differing geometries.

However, a good rule of thumb is to define the maximum allowable stiffness of the
test apparatus, and design the sample to approach this stiffness at the highest
test frequency and coldest temperature desired. The vibrating beam technique can
be used to provide initial dynamic modulus values needed to calculate the sample
stiffness at a given temperature and frequency.

Once the sample has been designed, it is important to ensure that good adhesion
is obtained throughout the data acquisition. For those materials which are not
self-adhering, a thin layer of structural epoxy is used to bond the material in
place without the adhesive "short circuiting" the viscoelastic links or
contaminating the edge of the pad. It is favorable to cure the epoxy at room
temperature when time will allow to ensure that the material's dynamic properties
are not altered in any way due to exposure at high curing temperatures.

It is also good practice to perform measurements at room temperature Lhree times
during the testing process; once at the beginning of the test, and again after
both the lowest and highest test temperatures. If the same material properties
are not obtained after the cold temperature leg of the testing, it is a good
indication that the sample has become disbonded. If differences are seen after
high temperature testing, it is likely that the material has been heat aged, and
irreversible damage has been done to the sample.

'n addition to the above precautions, it is important to ensure that proper
alignment of the sai_ '- with the stinger is achieved, and that all unwanted
static preloads are removed before testing is commenced. To obtain accurate
results, the sample should be allowed much time to reach an equilibrium
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temperature, and that the sample is allowed several loading cycles to reach a
steady-state condition. An additional concern is to be aware of .'Lieke the sample
resonance occurs and to restrict testing to frequencies well away from it.

IV. PRESENTATION OF DATA

To demonstrate the effectiveness of this technique, a familiar material was
selected, namely the "Round Robin" TTPC Fl], and tested over the entire range of
frequencies currently available. Measurements were restricted to only a few
temperatures, emphasizing the advantage of a wide frequency testing capability.
To supplement this low frequency data, the vibrating beam technique was used over
a wide temperature range.

Figure 3 represents a plot of temperature versus frequency for the two datasets
showing the range in measurements conducted. It can be seen from this plot that
the combined dataset spans 7 decades of frequency coverage over a temperature
range of -70' to 155°F. Since the beam test is restricted to the linear region
of the material, measurements made using the impedance technique were also tested
in the linear range. To ensu'e that this was the case, a linearity check of the
material was performed by measuring the dynamic properties for various dynamic
strain levels input to the sample. Figures 4 and 5 are the direct shear storage
modulus and loss factor values as a function of strain amplitude.

t8 0000 00 mgZO m m 0 0

10 0

S 1

Z 1 3€3= 1 
- 2 I 3

:3 2 1 3

2 I 3I. 18-1 2 3

1 - Vibratinq Beam Data 2 1 3
- mpedance Data at 75'F 2 3

-3 2 - mpedance Data at 65"F a 1 3
18 - impedance Data at 85'F a

8-4 _0-48 8 48 Be 120 ISO

Temperature [0 F]

Figure 3: Range of Testing Performed in Shear Using the
Impedance and Beam Techniques
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i i~ih o r 1 - dv i pI , Ail the material test results in one t ormat .the 'edIuced
freuecv nomonrii ims used by appivi ng a shift factor equat ion to the data. More

speci iativ, the Arrhenius shift factor equation was emploved. and fo':.nd t~o
pr ovide gcood p rt~o of the com~bined datasets of the vibrating beam and
i mpvianic rutc 10iqus The reduced frequency Irumogramc= .- ;r"v ci d f~or these

daaes both sep- atelv and combined in Figures 6 through 8.

To2 juilfv the~ accuracy and consistency of the d~ta. the wicket plots of Figures
Q Wn I u wore± used, p latted in log(storage modulus) versus logd oss modulus) and
og mndule> magnitude) versus log(loss factor), respectively. At can be seen

f rom these plut~s that the data points fall into one smooth and c:onti nuous curve,
eithe bhunk-shapod (Figure 9) of bell-shaped (Figure 10), which is characteristic

of ~ th wce plot.

The remainiug nomogram shown in Figure 11 represents a combined display of both
Ava n retlsicn/compression data. Contained in this plot is the vibrating beam

Wt itto in both states -of -stress, and the impedance data in shear. The
Obiu missing piece of information is the impedance data in
All'!n. qiC~ piessiou. These measurements are currently being performed. and once

cwml~td il allow accurate estimates of Poisson's ratio to be made.
ri~~';r.eveni wiii this incomplete dataset, it is interesting to note that

Fois o' rat io or this material appears to be a real quantity given by the
ovenlau th toss factor between the two states-of-stress.
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Figure 11- Reduced Frequency Nomogram for the Material

Tested in Shear and Tension/ Compression Using
Various Techniques

V. PTuRE INVES \, 'FON

Some rf the areiis 'hat will be focussed on to make improvements to the range and

accuracy of this iow-freqU-inc,: impedance technique are discussed below:

Expnd thc effective frequency range in which measurements can be

performed both on the high and low end of the spectrum. Theoretically,

it should be possible to make measurements above the sample resonance, as
well, assuming there are no othe; modes that interfere with the phase

br rween the force ant displacement. However, structural modes of the test

fixture itself exist below 1000 Hz. In order to improve the performance

on the high end, it will be necessary to increase the rigidity of the

st i ngyt-r ind support st ruc~ure. pushing the system resonances higher in

f r 1 t' n1 c ,

ib(tt that is utsed is ca-able of producing low frequency sine waves

... n ') C. The limita.tions on the low frequency end lie in the source

.uro ised. and the practical limits in allowable time which can be

tr~sttd in making these measurements. Currently, it takrs approximiately

, hour::; to uroduic clean ,veforms at a frequency of 5e-4. This

.s.int; there are no interruptions that contaminate the measurement
T-,ic(;. Freju(-rucies much lower than this may be possible, but not

Sical An chiev,,ble goal is however to consistently produce valid

me'' r; MfTI (town to le-. This would require running the test at night
r~~1 hr t im e p e-r iod1.

, ~kesti. mar(es of Poisson's ratio bv performing measurements in both shear

n Hm m m m m m nmn nnn inn u nnun l A-



and t ensi on,,compression on the same test specimen.

(3) Select measurement transduceis which cover a wider range of operation. At
the present time, several transducers are used to cover the wide range of
operation demanded by this technique. Displacement transducers have the
capability to make measurements from Ie-5 to 4e-2 inches. Unfortunately,
two force transducers are required to cover the wide range of allowable
frequency measurements.

It is anticipaZt~d in the near luture to have a system whic:h is capable of
generating en:tremelv low sat ter data for both shear and tens ion/compress ion over
a freq uenicv r ange ot f 1 v t o IOM) HK (7 (tecades ) and at temperature s ranging
from -100" to i~oWK Howtvrl: as the data presented in this paper would
indi cate,. this s votem is current Iv abi v to produce valid data over a wider
frequri v sce aNA at c)W( r t-rcluence ~s than is available with other impedance
sy-s temn, on !t h na i-k,-
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s Loaded Area-to-Unloaded Area Ratio

6 1.5 for Fiiica tiastomers/2.0 for Non-Filled Elastomers

Co Maximum Strain Amplitude

Co Maximum Stress Amplitude

7Loss Factor of Damping Material

?7c Loss Factor of Composite Beam

w Circular Frequency (21rf)

WCircular Frequency of nth Mode

Wi CircAlar Frequency of nth Mode of Metal Beam

P Density of Metal Beam

P2 Density of Damping Material
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CORRELATION OF COMPLEX MODULUS DATA BY DIRECT STIFFNESS
AND INDIRECT RESONANT BEAM TECHNIQUES

by
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Flight Dynamics Laboratory, VPAFB, Ohio

I'tona ",hniii2
DCAN Touilon, Toiilon, France
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ABSTRACT

Complex modulus data as a function of frequency and temperature for a typical
viscoelastic polymer (SNPE Nepurane) have been measured by a direct stiffness
technique and by means of the ASTM standard resonant sandwich beam technique.
Systematic differences between the two data sets are noted at high values of
the damping material shear modulus, at low temperatures. These differences are
accounted for through the finite stiffness of the measurement system. Estimates
of this stiffness are obtained, which are of the same order of magnitude as those
for commercial force gages, and a simple correction is evaluated. The implications
from the point of view of obtaining valid data in the glassy region of a polymeric
material are discussed.
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IIMOrDROCtTIfNJ

Thst or the coiPKrcial complex modulus test systems are basically direct stiffness
systems in which the specimen is placed in series with a force measuring
transducer, a driving force is applied at the other end and the force transducer
is attach d to a very stiff member. The displacement of the free end of the
specimen is measured by a suitable transducer, and the specimen stiffness is
calculated frcm, the measured displacement and force signals, usually varying
harmo.ical lv with time. Such systems are reconmended for use when the specimen
stiffness is much lower than the stiffness of the remainder of the load chain,
but at low., temperatures when the specimen is in the glassy state, this condition
is not usually met. The resulting error is not obvious, and has often been missed
..,hen tests are conducted on stiff specimens, as they inevitably are. The purpose
of this investigation was to quantify this error source and demonstrate the care
which must always be taken when conducting direct stiffness tests to determine
complex modul i.

APPLICABILITY OF VARIOUS TEST TECiNIQUES AND SYES

At the present time, a wide variety of commercial systems for measuring
the complex modulus properties of polymeric materials are offered for sale. These,
along .ith a wide variety of custom made systems, are producing large quantities
of dynamic data for various applications, including the monitoring of cure cycles
in polyiser, plastic and composite production, measurement of linear and nonlinear
stress-strain bexhavior of elastomers and measurement of linear complex modulus
properties of po1?ers over wide frequency and tenperature ranges, to name a
few. Some of these applications require only a qualitative assessment of the
change of specimen or sample stiffness and damping behavior with time, so no
auestion of absolute accuracy arises. For other situations, such as the
application of complex modulus data in design of damped systems, the need for
accuracy is much more pressing. No commercial or custom made system can measure
the complex modulus properties of a polymeric sample at all arbitrary temperatures
and frequencies, in part because the stiffness of the specimen may vary by four
or more orders of magnitude and also because of changes in the static and dynamic
behavior of the test system itself over sufficiently wide ranges of conditions.

Test systems for measurinq complex modulus properties of polymers
are generally divided into two classes, namely the "direct measurement techniques"
and the "indirect measurement techniques", although in reality all measurement
t-chnicu7es are to some extent indirect, because stresses are applied and the
resulting spxecimon deformations over time are observed, and these are never
2wasured directl, but must be inferred from other observations.

DIRE-T STIF-FN1SS TBCXINMT(S

""pica 1 1%, the direct measurement techniques involve the application
4f a f t a polvmeric material specimen, measured using a force gage or an

i h1 observing the resulting deformation, using an accelerometer,
F~o__ u'ro h or optical device, and then deducing the complex shear or Young's

;oil : r- te ax rameters in some other model [1-3]. Fig. 1, for example,
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illustrates in extremely simplified form a direct measurement system using (a)

measured transfer impedances and (b) measured driving point impedances.

A F GRIP SPECINEN 1 - Driver

12 - Accelerometer

3 Force Gage
(a) Driving point impedance system

4,6 - Grips
A GRIP SPECIMEN F

4 ___J_ _-J 5 - Specimen

(b) Transfer impedance system

Figure 1. Some direct measurement techniques for measuring complex moduli

Even the simplest models of these systems may be quite complicated, as
shown in Fig. 2. Here, the drive system is idealized as a pure force F(t), acting
on a mass M , which includes the effective mass of the drive system (for example
the mass ofthe excitation coils of an electrodynamic shaker), and the push rod
connecting the shaker to the force gage (driving point impedance) or the grip
(transfer impedance). The force gage is a device of finite stiffness, including
the stiffness of the piezoelectric crystal (kd) and the flanking stiffness of
the case (kf). The other end of the specimen is connected to a heavy mass M,
which represents the connection to ground, through the grip stiffnesses k6 and
k7 . The mass M5 is large but not infinite. It is not surprising that erroneous
measurements can arise, such as those which occur when system resonances overlap
the frequency range of the test, or when the specimen is very soft or very stiff,
or when the forces or accelerations are too large or too small to be accurately
measured.

CTR I(N FUR FINfL T='r SYSTEM STIFFNESS

For both the transfer and driving point impedance test systems, some
simplification of the approximate analysis may be attained by assuming that mass
M5 is infinite, masses M2, M and M4 are zero and that all the stiffnesses in
series with the specimen may le combined into a single equivalent stiffness k .
In this case, which is often approximately the true situation, the specimen
stiffness k (I+i Y? ) and k may be added as stiffnesses in series to give the
apparent specimen siiffness e(1+17 e) in the form:

1 1 1
- - --- + ------- -(1)

k0 (1 + i C ) ko0 k s ( +i s)
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k2  kf k ks  k7

Fit) 2 f 6 s 7

-ft~fri~- ~ M w{M M~r[5] DRIVING

X2  - -N XG3 k d  AIGE-ANCE

FORCE GAGE SPECIMEN SUPPORT
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----- M2JW_ _~ q M3Z M4IM TRANSFER
IMPEDANCE

kd

X2  X -- kd

Figure 2. Simple models of direct measurement systems

Note that when k is larger than ko , as happens when the temperature is
low7 and the modulus of the specimen material is large, thc limiting value of
k is equal to k . Therefore, the true modulus of the specimen material is
underestimated. Equation (1) may be ased to estimate k and V1- from measured
values of k and - , and a known value of k , obtained By measurement or other
means. However, the exact value of k will depend on the manner in which the
specimen is held in the grips and may vary significantly from test to test unless
great care is taken.

VIATING BEAM TEST TECXIIQUES

Indirect measurement techniques include the various vibrating beam
systems illustrated in Fig. 3 [2,31. The boundary condition of choice is usually
the clamped-free system, with the clamped end having a massive root and placed
in a massive support structure. Free-free boundary conditions are very attractive
in principle, but are difficult to achieve in practice for operationally
"user-friendly" systems. From time to time, however, efforts are made to achieve
this goal and it may be more readily attainable at the present time, as compared
to the past, because of the much improved systems for control and measurement
now available. In any case, the indirect measurement systems also have their
problems. For example, great care must be taken to ensure uniformity of the test
beams, the polymeric material and the bond line on to or between the beams. Also,
if the dimensions are not well chosen, excessive magnification of errors arises
when the polymeric material is soft and does not influence the layered beam system
strongly enough for the complex modulus properties to be accurately deduced from
the observed d rnamic behavior. %@bre specifically, errors can be expected when
the parameter Z --I, defined in equation (2) below, approaches zero.

Z2 = (1 2 h2 /Nl 1 h 1)(fn/f)on 2  (2)

where N=1 for the Oberst beam, 0.5 for the modified Oberst beam and 2.0 for the
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sandwich beam. The subscript 2 refers to the polymeric layer(s), while the
subscript 1 refers to tle metal beam(s). The resonant frequency of the damped
system is fn while that of each metal beam is fno

(a) Honxgeneous beam

__ (b) Oberst beam

E ---------- - - - - -- - - - - ------- A _ = _2 - -- f -

L----m ---'z'z _ -22 (c) Modified Oberst beam

-Iv'-'- ~ ~ zz. ~(d) Sandwich beam

Fiaure 3. Vibrating beam test systems

USEFUL RANGES FOR VARIOJS TEST SYSTEMS

It may be claimed without exaggeration that the possibilities for
producing numbers, representing complex modulus properties, which are in error,
often by great amounts, far exceed the possibilities for producing accurate data
unless very great care is taken. This applies for any apparatus, and is the crux
of the problem. Each apparatus or specific test configuration is bounded, for
example, by the temperature range over which internal stresses do not interfere
with measurement accuracy or the indicated temperature is not close to the true
specimen temperature. The useful frequency range is bounded on the low side by
sensitivity of detection devices and on the high side by internal resonances
which give readings having nothing to do with specimen behavior. And extremely
low values of the specimen stiffness make it difficult to measure the force,
while high values of the specimen stiffness interfere with measurement by
interacting with the now comparable stiffnesses of various parts of the test
system. Therefore, each system or configuration usually provides accurate data
over a limited range of conditions. Fig. 4 illustrates, very broadly, the typical
ranges for a number of test techniques [4]. The direct measurement techniques
generally cover the frequency range from, typically, 0.001 Hz to 1000 Hz and
moduli from 10 psi to 10000 psi. These numbers relate to the possible range for
several types of system, no one of which covers the entire range, and measurements
outside this range would cypically involve unusual specimen sizes or c-quipoent
configurations, greatly increasing the cost. The -beam techniques typically apply
from about 100 Hz to 10000 Hz, and moduli from 10 to 100000 psi. At any given
temperature, the mJulus of a polymer varies according to the curved lines A-G,
H-M or N-R. It is seen tllat no one technique can be used over the whole ranue,
but that different techniques come into play as one moves from the lo-. modulus
end to the high mod]ulus end.
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Figure 4. Zones of applicability of various test techniques

Therefore, to obtain accurate complex modulus data over the full range

for a material, it is usually desirable, and often necessary, to use several

test techniques and combine the data so obtained. Even when one test technique
appears to cover the entire range, it is strongly recommended that other
techniques also be used to verify that major systematic errors have not arisen
from applying the first technique over too broad a range. Such checks can greatly
increase one's ow- confidence in the data, as well as that of other users.

THE WICKET PLOT FOR QUALFICATION OF OCWPLEX MODUS DATA

When one has obtained a set of complex modulus data for a specific
material for a sufficiently wide range of frequencies and temperatures, one often
has not had the opportunity to examine all possible sources of error. The plot
of log(loss factor) versus log(modulus), known as the Wicket Plot, has become
the Occam's Razor of test data evaluation, since potentially erroneous data often

stands out extremely clearly. Fig. 5 illustrates an idealized Wicket plot. In
this plot, the main sequence of data, if good, will tend to outline a unique

relationship between loss factor and modulus. Points, or sets of points, which
are well away from the main sequence are subject to question. For example, test

data obtained by direct stiffness techniques often have a tendency to drop away
from the main sequence for high modulus values because of the finite specimen
stiffness approaching or exceeding the measuring system stiffness, and data
obtained by indirect techniques, such as the resonant beams, will often tend
to deviate above the main seauence at low modulus values because of error
agnifications.
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BEAM TECHNIQUE HIGH FREUENCIY ERRORSEROR MAGNIFICATION

/ bQ

RANDOM ERRORS
+ -- /

0 + 0

S0 0

7~ +V\0

;I+Q \\ 0 "-+

ERRORS DUE TO HIGH \\
SPECIMEN STIFFNESS \+V

o

LOG MODULUS

Figure 5. Idealized Wicket Plot for a Polymeric MteLiaI

Analysi- of the suspect points in the test data will often provide
sufficLent justification for rejecting those particular points. Sometimes,
individual points will deviate from the main sequence for no apparent reason,
and must be rejected even without documented cause unless one is fortunate enough
to have an extraordinarily complete record of the original tests. When such data
is available, such points are often found to be due to isolated resonances
superimposed on the main resonance (especially for indirect techniques), distorted
signals in the measurement system, occasional errors in writing down the data
when taken manually (not so common these days) etc. Unless one is extremely
unfortunato, a sufficient number of points will remain to conduct
freq1uency -t emerature analysis of the data with a fair degree of confidence that
the methci ot reduced variables will lead to satisfactory master curves in the
well knowAn rk-nner.

MFASU UMMII1 OF (iUPLE MILI OF SNPE NEPURANE POLYMER [51

DIRECT STIFFNESS SYSTEM

The complex moduli of the test material were evaluated in shear using
a single lap shear specimen having thickness h = 2.00 m, width b = 5.75 mm and
length I = 5.80 am. The tests were conducted at several temperatures from - 30'C
to + 70'C, and over a freqjency range from 7.8 Hz to 500 Hz, by means of a
Metravib Viscoanalyzer system [6]. The meas9ir stiffnosses were converted to
shear moduli by a specimen factor bi/h = 59.97 m. The test results are summarized
in Table I.
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RESONANT BEAM TESTS

Atter the direct sti-fness tests had Lxcon completec i, (ii-tti lt' -I
in applying tr quency-t. p latuire analysis in the glass, r-eti)un 181, an(i it
believed that these miqht be ascried to meisuremerit errors ark _-Iqn ti
temperature control and insufficiently stiff grips. The resonant beam ...
conducted to provide more reliable data in the glassy regiop, ,-i irt
ere carried out on a ste.-[ sandvich cantilever beam of length 1 -- 2)4 .,

thickness h 1.77 rnw and the two external beam thicknesses were h = *.( .
as shon in Figure 3. The test data was obtained at discrete tenerat-ia-ls tr-x
- 17 0 C to + 80'C and discrete frequencies from about 100 Hz to 2000 H. Th t.
results are stumarized in Table 2.

WICKET PLOT ANALYSIS

The Wicket plot for the test data is shown in Figure 6. The tend, zey
the direct stiffness techniaue data to "fall off" at high vailims at th- i-h',.
mnodulus is clearly seen, and is without doubt the reason for th itL,-,>
encountered in applying frequency-temperature analysis in the qlassy rcmn: '..
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The value of the series stiffness k required to "move" the apparent
asymptotic value of the shear modulus, G = E2 MPa, to the value of about 5E2
MPa, indicated by the beam tests, is about 5E6 N/m, as calculated by means of
equation (1) with a specimen factor bl/h= 59.97 m. This is a little less than
the value of about 1E7 N/m often quoted for the stiffness of commercial force
gages, perhaps because of the additional series stiffness of the grips. Note
that this correction may be difficult to apply in general because k is not known
a-priori and must be determined by comparisons, as with the beam data.

The "corrected" values of G and 1 for the direct stiffness method,
allowing for this value of k and the specimen factor of 59.97 m, is calculated,O

also using equation (1) to give:
-1

59.97 [ke  - 2E-7(1+ 2 )]
G= -1 E7 2 2(2

(k e  - 2E-7) + (2E-7 )

e 7e)

- 2)(
k [k - 2E-7 (1+7 ee e (+

with k = 59.97 G , G being the apparent modulus and j the apparent loss
factor, not correctsd fSor k . The "corrected" points are pfotted in the Wicket0

plot, Figure 6. The agreement with the beam data is good. Additional evidence
of the significance of this is seen in Figure 7, where a set of typical plots
of G and I versus frequency are compared at a specific temperature.
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The corrected values of G, a-nd ij tor the direct sti'ffricess tcinru and
for the resoniant beam technique agree qluite el for all tmeaue hr
comparisons can be- Piader Figure 8 show-.s thle reyduced frequeLncy master curve
obtained by using appropriate shift factors, withi reference temvoerature T-
W~C (32'1"), as shownm in Figure 9. It is seen that the tw,%o dlata sets do not agree
comtpletely and lead to soehtdifferent shift factor behavior as wl.The
available data is insufficiently pre-:cise to illow: comtplete resolution of thr
matter. However, t-ho need for care-, to be- take n w 7i th direct stiffness m,,easuremo-ent
techniques at hiqh soecimen stiffne-_ss valueos is clearly demn,-onstrated.
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and tightness. Users of direct stiffness systems should he aware of this feature,
and may perhaps be able to develop such corrections from dynamic measurements
of the test system, but in any case must check whether or not the correction
is constant or depends on specimen and grip configurations. At a minimum, great
care must be taken when direct stiffness techniques are used to measure complex
modulus behavior at low temperatures.

0

A j.

A V

) .

1_'

/

"" /' / A (X'M]I;'N DAT'A

0.0 4.

Figure 9. Lfx shift factor versus 1/T for test material
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~NC1CATURE

A Acceleration
f F-equenc , (Hz)
f n f Resonant frequencies of damped and bare beams, respectively

P, 7(t) Force
G, C Shear modulas and apparent shear modulus, respectively

e Thickness (various subscripts)
k Stiffness (various subscripts)

k , k Specimen stiffness or apparent stiffness, respectively
k 0 Stiffness of test system, assumed in series with specimen

M Mass (various subscripts)
Q Activation energy
R Univeisal Gas constant
T, 2 Absolute temperature and reference temperature, respectively

Activation temperature (=Q/R)

Displacement (various subscripts)
Z Nondimensional paramet'r governing error magnification in beam tests

[ensity (various subscripts)
4 ('F) Shift factor
'] ,o _ oss factor, apparent loss factor, respectively
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TABLE 1. VALUES OF C AND I FOR DIRECT MEASUREMENT SYSTEM

1-apparent G, N/m ; 2-apparent .; 3-corrected G, N/m2 ; 4-corrected ; *-error

TE7PoC MDQTUE.NCY, liz

7.8 15.6 31.3 62.5 125 250 500

-30 1.71E8 1.76E8 1.79E8 1.81E8 1.8338 1.85ES 1.87E8 /1
.021 .021 .019 .019 .019 .017 .017 /2

3.97E8 4.25E8 4.44L8 4.56E8 4.69E8 4.82F,8 4.96E8 /3

.049 .051 .047 .048 .049 .044 .045 /4

-20 1.56E8 1 .651.8 1.69E8 1.74E8 1.78E8 1 .83178 1 .86E3
. 116 .098 .059 .032 .042 .031 .019

3.151-'8 3.57EB 3.83F8 4.111E8 4.35E8 4.68E8 4.891:8
.245 .221 .136 .124 .104 .080 .050

-15 8.39L7 1.10E8 1.328 1 .48K8 1 .67E8 I .77E8 1 .82F8
.570 .414 .291 .203 .173 .100 .068

9.701F7 1 .48T8 2.09K8 2.70EB 3.46E8 4.17!8 4.55r8

.906 .726 .557 .41,9 .406 .248 .174

-10 3.331-7 5.29fE7 8.03E7 1 .06E8 1 .2078 1.36E8 1 .4678
.979 .819 .598 .449 .323 .224 .146

3.25177 5.341-7 9.1017 1.38 8 ! .'78178 2.31T, 2.74",9
1.251 1.161 .940 .731 .579 .428 .290

- 5 1.08-7 1.751'7 2.7877 4.1417 6.15F7 8.88E7 1.12F8
1.111 1.118 1.039 .926 .729 .523 .350

1 .07P7 1.711E7 2.70E7 4.05E7 6.451.7 1 .07E3 1 .5978
1.208 1.287 1.287 1.245 1.063 .840 .603

0 6.46E6 9.011.6 7.32E7 1.99E7 3.0317 4.41:7 7.00177
1.021 1.107 1.167 1.159 1.032 .900 .647
6.45176 8.931,6 1.29L7 1 .92E7 2.9717 4.34i7 7.67E7
1.068 1.186 1.302 1.372 1.310 1.226 .967

10 2.161'6 2.821'6 3.73f76 5.031:6 6.4576 9.08f26 1 .28:)7
.675 .754 .8 j7 .972 1.076 1.134 1.222

2.1716 2.83i,6 3.74E6 5. 0317'6 6.4216 S. 9 86 1 .242s7
.682 .765 .,176 1.005 1 .128) 1 .21 7 I .305

20 1 .17T:6 1 .401,() 1.71176 2.1076 2.6 8 16 3.411-6 3.9676*
.473 .5 7 .618 .713 .821 .913 1.115

1.171:6 1 ./1 1.72.7(6 2.11 ,6, 2.692 6 3. 2 6 ,. (5 "6
.475 .539 .623 .721 .834 .932 1 .14Q

30 8.761,5 1 .(3r6 1 .20 6 1 .4:76 1.716 . ,
.374 .120 .471 .5,11 .;nl .7 ,

8.7.75 1 .1.47" 1 .-71Wv ?.i, . *,

.375 .42)/ .4 73 .5!,i .6%l .7127 .<21
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TABLE 1. VALUES OF G AND FOR DIRECT MEASUREMENT SYSTEM (CONT'D)

TE-P°C FREOUBNCY, Hz

7.8 15.6 31.3 62.5 125 250 500

40 6.86E5 7.93E5 9.01E5 1.02E6 1.19E6 1.43E6 -
.319 .348 .384 .441 .523 .563 -

6.37E5 7.95E5 9.03E5 1.02E6 1.19E6 1.43E6 -

.320 .349 .385 .443 .526 .567 -

50 5.43E5 6.31E5 7.12E5 7.97E5 8.84E5 1.02E6 -

.277 .308 .331 .376 .422 .481 -
5.44E5 6.32E5 7.14E5 7.99E5 8.86E5 1.02E6 -

.278 .309 .332 .377 .423 .483 -

60 4.65E5 5.25E5 5.85E5 6.52E5 7.OOE5 7.78E5* -

.255 .287 .308 .342 .384 .445 * -

4.66E5 5.26E5 5.86E5 6.53E5 7.01E5 7.80E5 -

.255 .288 .309 .343 .385 .446 -

70 3.98E5 4.49E5 4.91E5 5.33E5 5.70E5* 6.26E5* -

.225 .242 .277 .308 .358 * .416 * -

3.99E5 4.50E5 4.92E5 5.34E5 5.71E5 6.27E5 -

.225 .242 .277 .309 .359 .417 -
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TABLE 2. VALUES OF C AND FROM SANDWICH REAM TESTS

T pC MODE FT.,zz ,N/, 2 f

- 53 3 1116 5.73E8 .025

4 2027 7.19E8 .024

- 37 3 1108 5.54E8 .026
4 2008 6.93E8 .026

- 27 3 1098 5.30E8 .030

4 1986 6.62E8 .028

- 19 3 1080 4.79E8 .050
4 1951 6.09E8 .041

- 10 3 1037 3.80E8 .131

4 1861 4.91E8 .110

- 5 2 389 1.63E8 .357
3 989 2.97E8 .207
4 1778 4.02E8 .194

0 2 358 9.97E7 .504
3 922 2.10E8 .373
4 1629 2.62E8 .588

9 2 198 1.13E7 .980

14 2 182 7.99E6 1.261
3 429 1.07E7 .846

20 2 164 5.26E6 1.009
5 1260 1.63E7 1.377

25 2 151 3.43E6 .786
3 382 4.13E6 1.082
4 731 5.84E6 1.125
5 1188 7.30E6 1.242

31 2 145 2.50E6 .639
3 373 3.03E6 .774
4 716 4.0406 .871
5 1167 4.83E6 .927

37 2 140 1.94E6 .547
3 367 2.35E6 .643
4 704 2.61E6 .825
5 1160 4.09E6 .714

47 2 136 1.40E6 .455
3 361 2.27E6 .536
4 697 1.86E6 .624
5 1144 2.35E6 .651
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TABLE 2. VALUES OF G AND FROM SANDWICH BEAM TESTS (CONT'D)

TE17 o C )ODE FRIWM, liz G, N/m2

58 2 133 9.69E5 .410
3 356 1.09E6 .510
4 689 1.09E6 .629
5 1135 1.49E6 .588

69 2 130 7.04E5 .399
3 353 8.27E5 .558
4 687 8.98E5 .581
5 1130 1.10E6 .587

80 2 129 5.40E5 .403
3 351 5.54E5 .662*
4 683 5.96E5 599*
5 1126 8.71E5 .575*
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Abstract

Many of the damping materials that have been developed recently are used under transient
conditions at levels of strain where their response is highly nonlinear (e.g., to improve the seismic
performance of buildings and other structures in earthquake-prone regions). Transient analysis of
these nonlinear materials cannot be done using Fourier or other transform methods; real time
analysis is needed. In this study these materials are treated as viscoelastic and their nonlinear
constitutive relations are constructed in the time domain using internal variables to account for
inelastic behavior and damage. This is an approach which is popular in modern constitutive
theory and has many advantages. It leads to a formulation in terms of a system of first-order
nonlinear ordinary differential (or differential-functional) equations, which is computationally
convenient. Furthermore, if the analyst has physical insights into the micromechanical processes
that are producing the inelastic deformation and damage, then the internal variable formulation
provides a means for mathematically expressing this information in the structure of the
constitutive relation. Some prototypes are constructed and employed to predict hysteresis loops.

*Tel.: 415/642-3564
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INTRODUCTION

The use of polymeric materials in engineering systems is ubiquitous. The large variety of
desirable properties these materials possess makes them beneficial in many kinds of applications.
In particular, because of their dissipative properties, some of them are employed to damp the
motions of mechanical and structural systems which are undergoing either steady-state or
transient vibrations. Frequently, to properly design a system employing such materials for this
purpose, it is essential to have a quantitative description of their thermomechanical properties. As

2 ft'er -f.lyth"-l and comoutational convenience, these materials nre uFvllV ;-pq I .d with
good accuracy, to be viscoelastic. Several different constitutive characterizations of viscoelastic
materials are possible. Generally, that one is chosen which is the most convenient for the task at
hand.

The standard model for the viscoelastic response of damping materials has been the
complex modulus formulation. This model, which is very popular and well understood, has
proved to be an accurate and convenient technique for the vast majority of damping analyses.
The complex modulus model readily allows for the incorporation of test results from steady state
sinusoidal testing, permitting frequency dependence and temperature dependence to be included
in a relatively simple way. It is easy to use in predicting the response of damped systems to
disturbances with well defined frequencies. When it is applied to the transient response of
impulsively loaded or seismically loaded systems, the prediction of the response is made using
transform techniques which are intrinsically linear.

However, in certain applications the material may be used at quite large strains where the
assumption of linear response is unwarranted. An example is the use of damping materials in the
form of add-on viscoelastic damping devices to improve the seismic performance of sub-standard
buildings and other structures in earthquake prone regions. If viscoelastic dampers were used to
rehabilitate these structure, it might be possible to economically improve their dynamic behavior
so that they could conform with the performance requirements of current seismic building codes.
The dampers could considerably reduce the number of cycles of large deformation to be sustained
by the structure and could also reduce the level of inter-story drift. Both would contrib"te to the
ability of the structure to survive moderate earthquakes with negligible d',inag ,i1d survive large
earthquakes without collapse.

The verification of the design of such a rehabilitated structure will require time history
analysis that includes modeling of the viscoelastic dampers to permit transient, large strain
response. The subsequent transient analysis of the nonlinear viscoelastic materials in the add-on
damping devices that will be required cannot be performed using Fourier or other transform
methods; real time analysis must be used. It is also known from testing that the first application
of a sinusoidal load to a previously ,inloaded damping device produces, particularly at large
strains, hysteresis loops that are larger than subsequent loops. The material in the device reaches a
steady state only after several cycles of loading. Clearly, this is a manifestation of nonlinear
action. More specifically, this kind of behavior is associated with damage that is being done to
the material by the deformation to which it has been previously subjected. In seismic
applications, it could be crucial to include this transitory nonlinear behavior in predicting the
response of the damped structure. It i- for problems of this kind that the models described in this
paper have been developed.

In the sequel, the construction of constitutive relations for nonlinear polymers (wlich, of
course, includes linear behavior as a special case) in the time domain using internal variables to
account for inelastic behavior will be considered. Such relations can be applied to describe the
strain (or stress) response to transient and oscillatory stress (or strain) excitations. This is an
approach which is popular in modern constitutive theory and has many advantages. It leads to a
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formulation in terms of a system of first order (usually nonlinear) ordinary differential (or
differential-functional) equations. From the point of view of computation, this is convenient.
Furthermore, if the analyst has physical insights of the micromechanical processes that are
producing the inelastic deformation, then the internal variable formulation provides a means for
expressing this information in the mathematical structure of the constitutive relation. Thus, this
methodology i: particularly useful for introducing damage mechanisms into constitutive equations.

The paper ends by considering some examples of constitutive relations constructed by the
internal variable formulation. Numerical integration of the system of nonlinear ordinary differ-
entiai (or differential-functional) equations representing these models is employed to predict the
hysteresis loops that would be produced if they were subjected to a sinusoidal oscillating strain
input. It is seen that when appropriate modeling is achieved, hysteresis loops produced by the
numerical simulations are close in form to those observed in tests performed on commercially
available viscoelastic dampers.

DERIVATION OF CONSTITUTIVE EQUATIONS FOR A NONLINEAR POLYMER
VIA INTERNAL VARIABLES

A powerful methodology for constructing constitutive relations for nonlinear viscoelastic
materials is the use of internal variables. This method starts from first principles of mechanics of
continua and non-equilibrium thermodynamics to deduce a general mathematical structure of the
constitutive relations which does not violate any physical principles. This general structure can
then be specialized to obtain a large variety of possible behavior.

Consider an arbitrary portion of a solid body made of a polymeric material. The arbitrary

portion of the body occupies some region R of space and has a boundary surface B. The unit
vector normal to the surface B at a generic point on B is denoted by n. The traction vector

acting across B is given by t, the heat flow vector across B by h, the body force vector per unit

of volume by f, and the particle velocity vector by v. It is assumed that the local thermodynamic

state of the material exists and is uniquely given by the strain tensor : (with Cartesian

components FW, ij = 1,2,3), the entropy per unit volume S, and a set of internal variables

q. (a = 1, ... n) which are represented by the column matrix q. The internal variables are

used to introduce the influence of microstructural effects into the constitutive relations. For
example, for general materials, they may be components of the internal strain or dislocation loop
density. Or, they might be the extent of phase transformation or chemical reaction; concentration
of lattice imperfections; parameters characterizing changes in molecular conformation, grain size,
hardening, damage, coiling and bending of long chain molecules in polymers; etc. Thus, the local

internal energy per unit of volume, U, is written as

U = U(E,S,q) (l)

Now, consider the balance of thermal and mechanical energy for the arbitrary portion of
the body. (In the following, attention is restricted to infinitesimal deformation theory. The
results obtained here may be extended to large deformation theory by introducing proper
measures of strain and stress and interpreting all quantities defined as per unit of volume as per
unit of volume in the reference state.) The rate of work done on the body by the surface forces is

f t.vds (2)
B

The rite of work done by the body forces is
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f f. vds (3)
R

and the rate of energy added to the body because of heat flow is

-f h •nds (4)
B

where the usual dot notation has been employed for the inner product. Assuming no internal heat
sources, the sum of these energy rates must be equal to the rate of change of the total energy of
the body. The total energy of the body is the sum of the internal energy and the kinetic energy.
Thus,

d f(U+ pv'v)dV =f [ t'v - n.hldsdtR (5)
+ f f'vdV

R

where p is the mass density of the material.

Utilizing the balance of mass principle, the left-hand side of this equation may be written
as

f (U+- pv "v)dV f (0 + pi v)dV (6)

where a superposed dot represents differentiation with respect to time. Recalling that the traction
vector may be written in terms of the symmetric stress tensor a (with Cartesian components o#)

as

(7)

the first integral on the right-hand side of Eq. (5) takes the form

f [tv - n'hjds f n'to'v - h]ds (8)
B B

The right-hand side of Eq. (8) can be converted to a volume integral by use of the divergence
theorem, yielding

f n [ v - h]ds = f V'[o .v - h]dV (9)

B R

where V is the gradient operator. Thus, Eq. (5) can be written as

r(v'- + f - p )-v -(Ua- 4t + V'h)]dV = 0 (10)

R

where the summation convention is in effect, and use has been made of the fact that the scaler
inner product of a symmetric tensor with an antisymmetric tensor is zero.

From the balance of linear momentum, the quantity within the first set of parentheses
vanishes. Since the balance of energy holds for any region R of the body, then assuming that the
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integrand is continuous, it must vanish at every point in the regior occupied by the body. This

gives the local equation of balance of energy (the first law of therrnodynamics) as

- v.h au + au . au (1)
aa&. as

or au . au au*
_U - - S -Vh = 0 (12)

If T is taken to be the local absolute temperature, then the second law of thermodynamics

can be written as the local Clausius-Duhem inequality

9 + V(h/17) 0 (13)

Combining Eqs. (12) and (13) gives

as+ a au. IT - S + Oij OEiJ - - . - - h'-VT >_, 0 (

a) aci aq. T

Assuming that the 4, are independent of S and i, and recalling that S and t can be specified

arbitrarily, their coefficients must vanish, so that

T au (15)

as

au (16)
aE..

and clu

aq 4q +  h . IT ! 0 (17)

But, since U and 4. are independent of VT, it follows from Eq. (17) that

au. (18)

aq.

Now, the left-hand side of Eq. (18) represents that part of the rate of change of U that is due to
the changes in the internal variables. Thus, Eq. (18) states that internal processes reduce the
internal energy.

It is convenient at this point to introduce an alternative thermodynamic potential by the
use of a Legendre transformation from the internal energy. The Gibbs free energy (or the

complementary free energy) G is given by

G = o ur - U + TS = G(o,Tq) (19)

with, from Eqs. (15)-(17), the properties that

S aG (20)
aT
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3G E.(oTq) (21)
a4,

o 0 (22)

The pair of equations (20) and (21) is a set of thermomechanical constitutive equations for the
material. Constitutive equations must also be specified for the internal variables; then Eq. (22) is
a restriction on the form that these constitutive equations can take.

The rate of dissipation of energy by the material, d (power per unit of volume), is given

by the difference between the rate of work done by the stresses, o#,/, and the rate of change of

the internal energy (at constant entropy), U. Thus

1 U aud 4  -U = O 4VE - - (23)
afiv aq.

Using (16), (19), and (22), this gives

^aG
d - - > 0 (24)

aq,
Thus, the inequality expressed in (22) is just the statement that the rate of dissipation is non-

negative, as is to be expected on physical grounds.

The total strain rate may be obtained by taking the time derivative of (21):• G 6 n + a o G

S+ q +  (25)

auaOrk au~aq. ao4,aT

The tensors oYGaoaao and a2G/OaaFT are, respectively, the instantaneous elastic compliance
tensor and the instantaneous thermal strain tensor. In the sequel, attention will be restricted to

iwthermal processes so that T = 0, and then (91) becomes

= I+ 2G * (26)
Ij aaaq

where a =oG/aador is the instantaneous compliance tensor. It is natural to interpret the
first term on the right-hand side of (26) as the elastic strain rate, and the second term as the
inelastic strain rate.

It is an observed experimental fact that the instantaneous compliances are largely
independent of the internal variables, i.e., that

a_ (aj_) _ G 0 (27)

The structure of G can be found by integrating (27) to obtain
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G(c,q;T) = G*(o;7) + b q;T)uj + c(q;T) (28)

where, for isothermal responses, the temperature T plays the role of a simple parameter. For
simplicity of notation, explicit mention of T will be suppressed in what follows.

G* is independent of q., and thus can be thought of as the elastic part of the
complementary free energy. Thus

aG G d ingi 29- = +boq) = +(

and __(ab,. ac
d q . c 1+ c~q.(30)

.inel 0=V Gya + aq qc,

If in Eq. (26) the range of a is restricted so that Ot = 1, and if q, is interpreted in such a
manner that the last term on the right hand side of (26) is taken to be the inelastic strain rate of
the material, then (26) can be looked upon as the constitutive relation of a nonlinear Maxwell
model. With that interpretation, and with the assumption that all of the dissipation is caused by
the inelastic strain rate, then c(q) can be neglected. Then, Eq. (26) reduces to

t.. = a.U()6A, + 1"(q)l (31)

and
d = (Xa(q)4q)ao 0 (32)

where
I' (q) = ab/q) (33)

aq.

For more general modeling, where Eq. (26) has an interpretation not restricted to a
Maxwell model, c(q) can not be neglected, and the dissipation rate is given by the more general
expression (24) or (30), rather than the more restrictive one, (32).

It remains to specify the constitutive equations on the internal variables. Usually, these
are taken as rate equations, or equations of evolution; that is, the time derivative of each internal
variable is determined by the present state. In the simplest form, it is only the thermodynamic
state variables (i.e., those which determine any one of the thermodynamic potentials U or G)
which determine the rate; for example,

4 a =fa(a,Tq), a = 1,2, ... n (34)

For isothermal processes, T is just a parameter, and its appearance in f. will be suppressed in the
sequel. Thus, the constitutive relations for the material (undergoing an isothermal process) which
relate stress, strain, and the internal variables are given by Eqs. (31) and (34), with the restriction
given by (32). If attention is restricted to a uniaxial stress-strain relation, these equations reduce
to
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- + X.(q)qa (35)E(or)
4. =fa(o,q) 1,2,...,n (36)

with
o[.(q).]> 0 (37)

(or the more general dissipation constraint, Eq. (24)) where E(o) is the instantaneous elastic
modulus.

A type of equation more general than (34) can be used for the constitutive equations of the
internal variables. For example, instead of the rate of evolution of the internal variables
depending only on the current value of the thermodynamic state variables, they can he taken to
depend also on the past history of these variables. Such a relationship would be expressed by
means of a differential-functional equation, which is just a generalization of Eq. (34)

4,(t) = , [o('t),T),q('t)], a = 1,2, ... n (38)

where Jr is a functional rather than an ordinary function. For the special case of a uniaxial
stress-strain relationship for a material undergoing an isothermal process, Eq. (36) would become

- [a(at),q(t)], = 1,2, ... n (39)

In practice, special cases of (39) can also be useful. Equation (36) is one such case. Another is
when 9' is taken to be a functional of q but an ordinary function of o. Use will be made of
that form in the next section.

If the uniaxial form of the constitutive equations is considered, with a restricted to 1, we
get from Eqs. (35)-(37)

c - + X(q)f(o,q) (40)
E(u)

q= f(o,q) (41)

with

o[(q)q] >0 (42a)

or the more general form, from (24),

d d3 0 (42b)
aq

For simple forms of X and f, this constitutive equation can be interpreted as that associated with

a nonlinear Maxwell material or model, as mentioned previously, where E(O) is the stress-
dependent modulus of elasticity of the nonlinear spring, and X(q)f(o,q) is the nonlinear inelastic
strain rate of the dashpot. If E(o) and X(q) are taken to be constant (E(o) = E, X(q) = A).
and .fo,q) = a, then the model is a linear Maxwell body with modulus of elasticity E and
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viscosity = 1/I (i.e., fluidity = X). Notice that for the linear case, the constraint that d 0
requires I to be nonnegative.

If E(a) = E, a constant, X(q) 1, and fla,q) = o/Ez - q/Tl, where E, T and t I are
positive constants, then the resulting model is a standard linear solid with the constitutive relation

S + G (43)

where Ti and 3 are the retardation and relaxation times of the model, respectively. Thus, it is
seen that the constitutive relations given by (40) and (41), with the constraint (42) can lead to a
rich variety of linear and nonlinear viscoelastic models. By utilizing more than one internal
variable, this richness can be greatly increased, as is also true if functionals rather than functions
are used in (41). In the next section, some numerical illustrations of the constitutive equations
(40) and (41) are given.

EXAMPLES

The examples described below are simulations of a hysteresis test in which the imposed
excitation is a sinusoidal oscillatory strain history. The material model chosen to illustrate
applications of the theoretical methodology described above is a nonlinear Maxwell body with a
viscosity that can degrade, depending on the maximum magnitude of the inelastic strain (the
maximum magnitude of strain in the dashpot). This model displays a variety of behavior,
depending on the values of the parameters controlling the magnitude of the fluidity (which is the
reciprocal of the viscosity), the elastic modulus, and the amplitude and frequency of the iviposed
strain history. For certain values of the parameters, a steady-state is established quickly, yielding
unchanging hysteretic loops. Other values produce a stress response that takes many cycles before
a steady-state is reached. This gives a stress-strain diagram in which the hysteresis loops
continually change until a constant loop evolves.

The model employed is described by Eqs. (40) and (41) with X(q) = 1 and

flo,q] = F[o(t),q(t)] ". (44)

where F[a,q] may be thought of as the fluidity of the nonlinear dashpot of the Maxwell model.
The viscosity is taken to decrease (i.e., the dashpot becomes damaged) with the maximum
magnitude of the strain it experiences. Thus, the fluidity is an increasing function of the
maximum absolute value of the inelastic strain. In particular, in this study the fluidity function
was taken to be

[ FOq(T)bl

F[c(t),q(t)] = max F 1 + F0 q)(45)

where b, c, F, F, and qo are constants. These constants were given different values in the

course of the investigation to see how they affected the response of th,- model to a sinusoidal
oscillatory test (i.e., a hysteresis test) with E(t) A sin t/ T, where A is the maximum strain
amplitude imposed and 21r T is the period of the imposed oscillation.



It should be noted that by choosing F0 = 0, damage is eliminated. The response of the
model to the sinusoidal input was obtained by a numerical integration of the first order system of

Eqs. (40) and (41). Quiescence is assumed to exist for t < 0.

For the first example, the rarametrs were chosen such that A = 1, T 1, F0 = 0,

F = 0.8, q0 
= 1, b = 0 and c = 0. This corresponds to a linear Maxwell material with no

damage. The normalized results are shown ;n Fig. 1. Because this model is linear, the normalized
results are independent of the magnitude of A. The form of the results is typical of linear
dissipative behavior. The itress leads the strain, and, after a brief transient passes (which takes
less than a full cycle), is of sinusoidal form. The hysteresis loops quickly reach a steady-state and
they all fall on a single tilted ellipse. Because there is no damage, the fluidity remains constant.

In the second example, A = 1, T = 1, F0 = 0, F 1 = 0.8, q 0 
= 1, b = 0 and c = 1.

This corresponds to a ionlinear Maxwell material with no damage. The normalized results are
shown in Fig. 2. Because this model is nonlinear, the normalized results depend on the magnitude

of A. Again the stress leads the strain, and, after a transient of less than a full period, attains a
steady-state form. However, it is not sinusoidal. The hysteresis loops again quickly reach a
steady-state and collapse onto a single closed, convex curve, which is clearly not an ellipse.

If, in the abcve example, A is increased to 4, then the results in Fig. 3 are obtained. They
are similar to those shown in Fig. 2, but the nonlinear features are more apparent. The greater
nonlinear action which occurs in this model when the maximum amplitude of the imposed
sinusoidal oscillatory strain, A, is increased from 4 to 1, results in a more distorted shape for the
stress history, a greater phase shift between the stress and the strain, and a steady-state hyster. ;is
loop which h'is associated with it a greatly decreased stiffness.

In the last example, A - 1, T = 1, F0 
= 5, qo = 1, b = 4 and C = 1. This is a

nonlinear Maxwell material with damage. It is seen that due to the damage, the fluidity increases
over several cycles before a steady-state value is attained. This results in a stress history which
leads the strain, has a n(,n-sinusoidal form, and which takes several cycles before it attains a
steady-state periodic beha' ior. The hysteresis loops are far from being elliptical in form, and do
not collapse onto a single closed, convex curve until the passage of several cycles. This is due to
the damage. These results are of the type actually observed in hysteresis tests performed in the
laboratory on many types of polymers undergoing large strain cycles.

CONCLUDING REMARKS

In order to determine the response of a nonlinear polymer to transient excitation, a proper
constitutive relation is required. In this paper t',e ..,ethod of internal variables was explored as a
means of providing such a relatiin. It is seen that this is a very rich approach. By the use of this
method, constitutive relations valid for transient phenomena could easily be generated that predict
the kind of behavior for a sinusoidal oscillatory test (hysteresis test) that is actually observed in
the laborators.

A fundamental practical problem associated with this method is the determination of the
forms of the functions and the values of the parameters appe"ring in those forms. This leads to
the stud. of inverse problems or identification. flow from sinusoidal oscillatory tests can these
forms and parameters be determined? Indeed, what other types of tests should be utilizd to that
end'.' A good deal of reqearch has been done in the general area of inverse and identification



problems, and there is a large body of literature available. This material should be perused to
determine what portions of it are relevant to the problem at hand.

Many problems associated with modeling by means of internal variables need further
investigation. The use of more than a single internal variable should be examined. Employment
of internal variables to represent damage of the material and the introduction of the formal
concepts of damage mechanics should be attempted. In the constitutive equations of the internal
variables, the use of functional (rather than function) relationships should be explored. Attempts
should be made to introduce physics at the microstructural level as a basis for developing the
constitutive equations governing the evolution of the internal (and damage) variables. The
implementation of the methodology of internal variables should be broadened to include thermal
effects (heat generation and conduction, and thermal expansion). Finally, an extension to deal
with three-dimensional states of stress and strain ought to be considered; this would probably
introduce the notion of loading surfaces tsimilar to those employed in plasticity theory) in order to
ensure positive dissipation.

It is evident that much work remains to be done in this interesting and practical problem
area.
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RESULTS OF A ROUND ROBIN TEST SERIES TO EVALUATE
COMPLEX MODULI OF A SELECTED DAMPING MATERIAL

by

David I.G. Jones
Flight Dynamics Directorate
Wright-Patterson AFB, Ohio

ABSTRACT

A Round Robin test series was conducted to establish the current state
of the art in the measurement of complex moduli of polymeric damping
materials as functions of frequency and temperature. Several laboratories
participated, using a variety of test systems, providing data over the
temperature range from -50°C to +100 0C, and the frequency range from 1E-5
Hertz to over 10000 Hertz. The paper briefly describes the selection of
the test material, the test methods used, and the means used to establish
the accuracy of each data set and identify random and systematic errors.
The results show tie manner in whkih data from different test techniques
can differ and sources are identified for some of these differences.
Frequency-temperature analysis of the data is discussed.

Flight Dynamics Directorate (WL/FIBGD), Wright Laboratories,
Wright-Patterson AFB, Ohio 45433. Tel: (513) 255-5236.

EBD-1



INTRODUCTION

In recent years it has become apparent that the routine process of measuring
the complex modulus properties of polymeric materials has been conducted
far too frequently without sufficient care and attention to ensuring that
the data was free of errors. The outcome has been particularly unfortunate
for those concerned with the application of existing data to the design
of damped structures, but it has affected other users too, such as those
interested in relating the observed behavior of the complex modulus
properties with molecular structure. Clearly, if the data being used for
comparison is erroneous, the conclusions of the research may also be
erroneous. It was against this background that the Round Robin test series
was organized. Round Robins have been conducted before, and have rarely
been completely successful. This one may have been somewhat more successful
than most, and some of the conclusions are interesting and may be of value
to those concerned with improving the accuracy of future complex modulus
testing.

(CRGANIZING THE ROXND ROBIN

The Round Robin was organized by the author, then at the Materials
Laboratory, Wright Patterson Air Force Base, Ohio, in conjunction with
an international cooperative program. Many organizations in the USA and
abroad were contacted, initially through a government to government
cooperative program and later on a more informal basis. These organizations
are summarized in Table 1. The material selected for the testing was a
commercial polymer based damping material, available in sheets of various
thicknesses from which various specimen geometries could be accomodated
from EAR Corporation, Indianapolis, Indiana. The material identity (EAR
C-i 002) was not divulged to the participating organizations, though
doubtless many could recognize the material. Each laboratory was requested
to provide their specimen size requirements and cut specimens approximating
those sizes were sent to each participant, along with limited guidelines
concerning the test conditions. The main requirements are summarized in
Tabl 2. The tests were conducted by each laboratory, as resources and
time permitted, and the results were returned to the author for analysis
and evaluation. Some results are still awaited, so the analysis described,
in part, in this paper is still incomplete. Further analysis, and the
writing of the final report, is yet to be accomplished.

ANALYSIS OF THE TEST DATA

The test data provided by each laboratory covered a wide range of test
systems, as summarized on an anonymous basis in Table 3, and over a wide
frequency range, as illustrated in Figure 1. The very wide frequency range
provided a unique basis for evaluating the accuracy of the various data
sets.

WICf PWr ANALYSIS

The first task was to evaluate the accuracy of each data set. This has
not been a simple task in the past, but the relatively recent emergence
of the Wicket Plot as a means of identifying possible errors has greatly
simplitied the matter. The Wicket Plot is a graph of log (loss factor)
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Figure 1. Frequency ranges evaluated by each laboratory

versus log (modulus) and differs from the Cole-Cole plot, which is a linear
scale plot of imaginary modulus versus real modulus, in that the use of
the logarithmic scale effectively accomodates the very wide range of values
of the shear or Young's modulus exhibited by most polymeric materials.
A linear scale may display one, or even two decades, of modulus values but
only a logarithmic scale can effectively display the four or five decades
often encountered. The Wicket plot is, theoretically, a unique curve for
each polymer provided that no non-stationary, or time dependent, processes
are taking place, and the material complex modulus behavior is
thermorheologically simple, so any deviations from such a unique curve must
be due to errors or time-dependent effects and in this way one may determine
whether frequency-temperature analysis (reduced variables) is likely to
be useful before expending often considerable effort in vain.

Representative wicket plots, for some of the test data, are shown in Figures
2 to 17, for Laboratories A,C,D,E,F,H,M,N and 0 in the shear and extensional
modes of deformation. Each figure illustrates the types of error which
may arise for the various test systems. These include random scatter,
especially for the beam tests conducted by Laboratory A, deviations from
the main sequence due to high specimen stiffnesses in direct stiffness
test systems (Laboratories C,D,E,F,H,J,M,N and 0) and deviations due to
high frequency (inertia) effects in direct stiffness systems.
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VARIATION OF COMPLEX MODULI WIT FREQUENCY

The Wicket Plot is the Occam's razor of complex modulus data quality
analysis, in the sense that an inadequate Wicket plot at once implies that
the data is suspect. However, to pass the Wicket plot test is not to
guarantee the quality of the data, since temperature and frequency have
been eliminated in the Wicket plot and any errors in these dimensions must
also be checked. Figures 18 and 19 show typical plots of modulus and loss
factor versus frequency, again on a log-log scale, at - 10'C and - 20'C,
respectively. It is seen that some of the errors highlighted in the Wicket
plots are reflected here also, and are in some cases more clearly seen.
These plots, along with data for other temperatures, form the basis for
constructing master plots of modulus and loss factor versus reduced
frequency. Figure 20 shows such a master plot, generated by manual estimates
of the shift factors. While the scatter is evident, the agreement between
results for so many laboratories is quite remarkable. The corresponding
shift factors are plotted against I/T in Figure 21. The results lie fairly
close to an Arrhenius shift relationship, of the form log &(T) 4 I/T, but
the small deviations may be significant. The scatter, unfortunately, is
too great to provide a definitive settlement of the matter.

CONCLUSIO]NS

The purpose of this paper has been to present the interim conclusions of
a major Round Robin test series to measure the complex modulus properties
of a conercial damping material sample by several test techniques, at
several test locations, over wide frequency and temperature ranges. Many
laboratories participated, and several more are expected to complete their
tests in the near future. It is clear that all the test techniques used
can produce accurate data over specific ranges of modulus and frequency,
but that outside of these ranges major errors can readily be encountered.
The Wicket Plot has emerged as an effective tool for detecting some of
these errors. It is reconmended that more than one test technique be used
if data is required over a wide range of moduli, as would occur over any
temperature range wide enough to encompass the rubbery, transition and
glassy regions of the material behavior. A full report of all the Round
Robin tests will be issued when all testing and analysis has been completed.

NO14ECLATURE

A Load carrying area (direct stiffness tests)
E Young's Modulus (MPa)
G Shear Modulus (MPa)
h Thickness of shear specimen (direct stiffness tests)
h Thickness of metal beams (beam tests)
h Thickness of polymer layer (beam tests)
L Length of extensional specimen (direct stiffness tests)
Q Activation energy
R Universal Gas Constant
T Absolute temperature (°K)
TA  Activation temperature (=Q/R,°K)

Loss factor
-< (T) Shift factor
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TABLE 1. PARTICIPATING ORGANIZATIONS

Admiralty Research Establishment, Holton Heath, Poole, England (J.R. House)
Anatrol Corporation, Cincinnati, Ohio (A.D. Nashif)
CSA Engineering Inc., Palo Alto, California (C. Johnson)
DCAN Toulon, Toulon Naval, France (M. Khoury)
Dow Corning Corporation, Midland, Michigan (N. Langley)
Institue of Sound & Vibration Research, Southampton, England (R.C. Drew)
Lehigh University, Bethlehem, Pennsylvania (L. Sperling)
MrS Corporation, Minneapolis, Minnesota (K. Biegler)
National Physical Laboratory, Teddington, England (G. Dean)
Naval Underwater Systems Center, New London, Connecticut (W. Maciejewski)
Polymer Laboratories Inc., Amherst, Massachusetts (J.C. Duncan)
TA Instruments, Cincinnati, Ohio (J. Schilthuis)
Tufts University, Medford, Massachusetts (D. Walker)
University of Dayton Research Institute, Dayton, Ohio (M.L. Drake)
University of Manchester, Manchester, England (G.R. Tcmlinson)
Wright Laboratories, Materials Laboratory (D.I.G. Jones)
Wright Laboratories, Flight Dynamics Directorate (L.C. Rogers)

TABLE 2. ROUND ROBIN TEST REQUIREMENTS

Temperature range: -200C to +90'C in steps of 10'C (later amended to
-500C low temperature)

Frequency range : Tester's option
Temperature soak : At least 30 minutes before testing at each

temperature.
Test condition : Isothermal
Pre-strain : None (preferably)
Strain amplitude : Less than 0.1 percent (linear range)
Test methods : Testers option
Units : SI (preferably)
Bonding : Tester's option
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TABLE 3. TEST SYSTEMS USED BY ROUND ROBIN PARTICIPANTS

LAB TEST SYSTEM COMMENTS

A 7 in. Cc'rst Beam (E) Limited range for extensional data at low
7 in. Sandwich Beam (G) moduli. Random scatter in shear data.

B Direct Stiffness (E) Resonances in test range. No usable data.

C Direct Stiffness (HFSMA)(G) Errors in dual cantilever configuration.

Polymer Labs DMTA (E)

D Direct Stiffness (G,E) Some scatter at low moduli

E 10 in. F-F Homogeneous beam(E) Round Robin test program within the main
10 in. Oberst beam (E) test program. Widest temperature and
6 in. C-F homogeneous beam(E) frequency ranges.
10 in. C-F sandwich beam (G)
Resonance (E,G)
Direct stiffness (G,E)
Metravib Viscoanalyzer (G,E)
Creep/Relaxation(G,E)
Low frequency impedance

F Direct stiffness (G) Limited number of temperatures and
limited data at high modulus values.

G None Analysis only.

H Polymer Labs DMTA (G,E) Scatter at low moduli, high modulus offset

and limited range of Young's moduli.

I No test data yet received.

J MTS 831.50 Elastomer Test High modulus offset, some discrepancies,
system and limited temperature range.

K None Analysis only.

L Fitzgerald system Testing in progress

M Metravib Viscoanalyzer (E,G) Some scatter and high modulus offset for
extensional and shear data.

N Direct stiffness systems Testing completed

O Rheometrics RDA2 system (G) High modulus offset and some erroneous
Rheovibron (E) data at low modulus values. Considerable

scatter at low moduli, high modulus
offset, and only two test frequencies.

P No data yet received.

Q No data yet received
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A MATHEMATICAL FRAMEWORK FOR THE
STUDY OF INDIRECT DAMPING

MECHANISMS

David L. Russell'
Virginia Polytechnic Institute and State University

Blacksburg, VA

ABSTRACT

Indirect damping, . it applies to a linear oscillator i - Ax, induces energy decay
through coupling of this system with an auxiliary dissipative system, rather than
through insertion of dissipative terms in the original equation. Familiar physical
examples lead one to distinguish (at least) two types of indirect damping; the veloc-
ity coupled dissipator and the displacement coupled dissipator. While these induce
energy decay through quite distinct physical processes, we are able to show that
they are mathematically equivalent. We go on to develop the mathematical prop-
erties of these models and to explore sufficient conditions under which frequency
proportional damping rates may be expected. A number of examples, taken from
familiar physical contexts, are cited.

FULL PAPER NOT AVAILABLE FOR
PUBLICATION

'Virginia Tech., Department of Mathematics, 418 McBryde Hall, Blacksburg, VA 24061, (703)
231-6171

ECA-1



TECHNIQUES IN DESIGN AND USING VE DAMPERS

M. Tong, Z. Liang, and G. C. Lee

412 Bonner Hall

State University of New York at Buffalo

Amherst, NY 14260
Tel. (716) 636-2771

ABSTRACT

The efficiency of energy dissipation through dampers has been the major

concern of damper design. This consideration is based on the assumption

that the structure being worked on is proportionally damped. However, most

real multi-degree-of-freedom structures are actually non-proportionally

damped. For such structures, dampers not only dissipate energy but also

transform energy. In this paper, some new dimensions of identifying and

using dampers are investigated. A new method of design and re-design of

visco-elastic dampers is suggested. Such a method is applicable to many

non-proportionally damped systems.
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INTRODUCTION

Minimizing excessive vibrations of structures induced by earthquake ground

motions or other dynamic loadings has been a major research topic in

recent years. To control such vibrations, systemic modifications of the

structure's damping ratio by means of incorporating VE dampers into the

system have achieved considerable success. Many recent studies as

reported in the literatures contain one common restriction that the

systems considered are classically damped. Since in engineering practice

we often deal with non-classically damped systems, there is a need to

develop approaches for non-classically damped systems. This paper presents

an approach which can be used for both classically and non-classically

damped systems.

Consider the fundamental equation of motion

M R(t) + C X(t) + K X(t) = F(t) (1)

where M, C and K are mass, damping and stiffness matrices; They are

symmetric in general. X(t), X(t) and k(t) are displacement, velocity and

acceleration vectors. F(t) is a forcing function. Equation (1) can be

written in a monic form

V(t) + Y(t) + k Y(t) = f(t) (2)

by using the following notations

Y(t)= M-/ 2X(t)

= M-12 CM 2  (3)

k= M1 /2K M
1/2

Next, we introduce a matrix product
k /2 = (M- 1/2 K M-1/2) 1/2 M-1/4 K1/2 H-1/4

which will not be discussed in detail in this paper. However, it is worth
while to note that C = 2 k1 /2 is a damping representation and this

representation plays a special role in VE damper design.

Examine the following case. In traditional viscous-elastic (VE) damper

design, damping ratio is given by Equation (4)
W

d 
(4)

41 W
p

where W is energy dissipated during a cycle. W is the maximum potential
d p
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energy (or maximum kinetic energy) before the cycle. An extension of

this SDOF formula can give the i th damping ratio of a proportionallv

damped MDOF system (see Zhang (1986))

- di = j i

4n W1 2 Q1 QI
.th

where the subscript i indicates the formula is for the i mode.
.th

indicates the quantity is related to the j VE damper. Q is the

corresponding system eigenvector and V is the volume of the damper. With

the damping ratios given as in (5), damping coefficient matrix C can be

obtained by

d = Q diag( 2 gi) w QT (6)

Suppose damping ratio g, = constant for i 1, ... n. Then

W (G A / t )n QT k Q / a G A
i di = constant (7)

4n W 4 n k Q / 2  2 t a

where A is the area of tle VE material, t is the corresponding thickness,

V = At; and a is a proportional coefficient. Thus

G A GA

Q Tdiag( 2 1 )Q I Qdiag( = a 1/2

2 t a ta GA

where the proportional coefficient = -1 2 .

ta

From the above explanation we can see that, if a system is strictly-

proportionally damped, (i.e. , = constant for all i), then its damping

matrix is proportional to k'12 with a coefficient of 2 g .

A GENERAL METHOD FOR EVALUATION OF THE DAMPING COEFFICIENT MATRIX

Among the three coefficient matrices, mass M, damping C and stiffness K,

of the dynamic system (1), K and M are comparatively easy to determine.

For example, we can use the finite element method to construct the mass

and stiffness matrices respectively. In general we do not have explicit

formula for damping matrices. This is why we consider matrix

representation (6). In the following, we will show that, if mass and

stiffness matrices of the structures and loss factors or loss modulus of

damping materials are known, we can establish a method to determine the

dampirw matrix within sufficient accuracy.
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GENERAL PROFORTIONALLY DAMPED SYSTEMS

For a strictly-proportionally damped system, the damping matrix is

C= 2 k1/2

Note that K has the eigen-decomposition

k= Q diag () QT

and Q = [Q, Q, ... Q " Thus
nn

2 Q diag (w ) QT = 2 () Q Q T (8)

From Equation (8) we see that, for a strictly-proportionally damped

system, the damping matrix is the sum of the outer product of mode shapes

Q and modal damping coefficients 2w I. This representation of damping

matrix is very useful because it can be extended to both proportionally

damped and non-proportionally damped systems. To understand this idea,

we try to obtain Equation (8) ay a force-method. This method is different

from the energy-method used earliP to obtain C = 2 k' /2. The energy-

method is often employed to determine stiffness matrices (see Timosinko

(1982)), but for a system with complicated energy interactions it can not

produce the general damping matrix. Without loss of generality, we use

the monic equation again. For simplicity in notations, we omit the

overhead bar -.

X(t) + C X(t) + K X(t) ft)

If we can find a forcing function F(t) st - inertia force )(t)

constantly cancels the spring force KX(t), Lve

C X(t) = F(t) (9)

and from Equation (9). we may be able to deterr ne damping matrix C.

For the easiest, case of strictly-proportionally damped system, it can

be seen that such a force corresponding to the i th mode of the system

can be given by

F (t) = 2 2 Q COS (W t)

Si ncee

X(t) =Q sin (w t), and -wt ~2 Q sin (W t)

so
2

K X(t) = W Q sin (W t) : - X(t)

and

C X(t) C Qi Q cos(t) = 2 7 w Qi osWt) = F (t).
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Now let the forcing function be
n n

F(t) F (t) = 2 W2 Q, cos (Wt)

Then
n

X(t) = Q sin (wIt)
1=1

n

C X(t) = F(t) = 2 w' Qicos (w t) (10)
1=1

Therefore, for the strictly-proportionally damped systems, the damping

matrix C must be in the form of Equation (10). For a more general case of

proportionally damped systems, the damping ratios are not necessarily

identical. However, since the damping matrix must have the same

eigenvector matrix as the stiffness matrix, so
T n TC = Q diag (2 w ) QT = Z 2 w Q QT (11)

J=1

Equations (8) and (11) appear to be trivial for proportionally damped

systems. However, if all the modal damping ratios are known, then this

representation of da;aping matrix is unique.

NON-PROPORTIONALLY DAMPED SYSTEMS

In the case of non-proportionally damped systems, the damping matrix may

still be expressed in the form
n p

C = P diag ( 2 1 P 2 w P PT

J=1 I
where P is the system eigenvector matrix, which Is now different from Q,

the eigenvector matrix of K. The quantities n are also different from g,
t~h

the I damping ratio of the system. Generally speaking, we can no longer

find all P by the same approach described in the previous section. For

the time being, we will not discuss how to overcome this difficulty which

is left to the next section. Let us now examine the force-method again in

a more general setting, by considering a simple damper shown in Fig. 1.
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-----) f = f cos(wt)

0

-- x = x sin(wt)0

-) x'= W x cos(wt)
0

Fig. 1 A damper fixed at one end

If work is done on this damper by external force f = f cos(wt), then the0

forced displacement will have 900 phase difference from the given force.

The velocity will be in phase with the force, that is x = x sin(wt) and x

= W x cos(wt). The subscript o denotes amplitude, w denotes the driving
0

frequency. Work W done by the external force in one cycle 0-2n/w is
C

given by
2Tr/W 2To/W

w=f f dx f 0cos(wt) i x cos(wt) dt

2T[/G)
2T1 1W

WC 2

J f 0Xcs (t) dwt =f0 x/2 (wt + sin(wt)cos(wt))

=R f x (12)

Now consider a 3-DOF system shown in Figure 2, where kI and c(1 ) are the

stiffness and damping between the (i-i) th and the ith floors respectively.

Suppose the structure itself is damping free and the system damping

si entirely provided by the added dampers, each has an identical value.

Then c is the number of dampers mounted in between the (i-1) th and the(1)

th floors. If both k and c are constant, or the ratios k I/c arei (1) 1 (1)

constants for all i, then the system is proportionally damped. Otherwise,

it is non-proportionally damped.

By using the force-method, we can determine the damping matrix of the

structure. The procedures are: (1) Create a sub damping matrix for each

mode with natural frequency w . Denote the matrix by C . (2) By applyingI !

the properties of lightly damped systems, add all sub matrices C

together. The result will be the damping matrix C, i.e.

C=C +C +C
1 2 3
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4..Le that, for a general damped syst , wthuut d, teniklii the pitig

matrix, we can not obtain the exact values of natural frequencies.

However, If the system is lightly damped (see Liang et al 1991), we can use

Wni' the square root of the corresponding eigenvalue of eneralized

stiffness matrix K , to approximate the natural frequency w . The

error in such an approximation is negligibly small. Now, consider the

first mode, with natural frequency w
1

m

m
2

m

k1

Fig. 2 3-DOF system with springs and dampers

Assume first that tl.e second and third floors are fixed, and only the first

m 3
/

k3

m2

c(2)

kf = f cos(W t)
2 1 01 1

m 1 = Y sin(w t)
1 01 1

k (1x'=W wxcos(W t)
11 0

~7/ / // // / // / / /

Fig. 3 3-DOF system with 2nd and 3rd floors fixed

floor may vibrate under loading f = f cos(w t). In a stabilized state,1 01 1

there is an instant when the inertia and the spring forces cancel each
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other. Say at t0 , the damping force exerted on mass No.1 equals to the

external loading. Namely,
(1)
c x,(to ) = f(to ) (13)
1 1 t01 1 (t01

Here the damping coefficient c is quantitatively equal to thei]I

amount of force exerted on the ith mass if the jth mass Is moving with a

unit velocity and all other masses have zero velocity. The superscript (1)

is used to denote the damping effect caused by the ith natural

frequency. Therefore, we can write

c = flCto ) /x '(t ) = f /(x o ) = f
11 1 01 1 01 01 01 1 01 X L =1

01 1

Note that, within one cycle, the work done by the external force f Isi

equal to the energy dissipated in the damper. That is W = W . In a later
f d

section it will be shown that in certain cases such as VE damper design,

( the loss modulus G" and total volume V of the damping material are

given), the energy dissipated in a cycle can be calculated by

W d= n r 2
d

where 7 is the strain caused by deformation of damping material, 3 is a

proportional coefficient. If the damper is a shear-resisting damper, as

in the above example, then

T =x /t

where t is the thickness of the damping material. Thus, we have

fx2 -2=132 x2 (14)00 £ d 0if ~ 7t3t
or,

f =(3x
0 0

where the proportional coefficient 0 = f/t. Denote the coefficient R of the

damping c(1) by f3 . We refer to P3 as the damping factor. We then have

f01= f3x (15)
(1)

With the help of Equation (15), damping coefficient c can be determined
11

by
(1) = f /(x ) = f = ((3 + ( )/W
11 01 01 01 1 2 1

01 1

Following the same procedure, we can have

12 2 1

and
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c =0

13

since there is no relative motion between the second floor and the third

floor.

Next let us assume the first floor is fixed and the second floor is free, as

shown in Fig. 4
/

m

k f 2 = f cos(W t)

3 1
m 2x 2= x0sin(w It)

()x'= Wx cos(W t)

k 2 7El 2/ 1 02 1

// / / / ///

mJ/

k 1

Fig 4 3-DOF system with 1st and 3rd floors fixed to grounds

Similar to the first case, we have

021 - 1 ' C22 = ( 32 + g3 )/W1 and c23 = 3/1I

Finally, we free the third floor and fix the second floor, as shown in

Fig. 5
f3 = f 03cos(Ci t)

- x = x sin(w t)
m 3 03 1
3LW- I c - x'= ~x cos(o t)

3 / 0

m 2

c
(2)

m1

c/

Fig. 5 3-DOF system with Ist and 2nd floors fixed to grounds
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We know c31 = 0 , c32 = -13 / I and c33 = 13 3/o . Therefore, for harmonic
driving frequency e1, we have

/3 1 + f3 2 - )3 2 0

C 2 -3 /2 f3 2+ /3 - 13 3 2
0 - 3 3 3 3

Similarly, for harmonic driving frequency w 2, we have

)6+13 2 - [32 0

C 3 - 132 2 
+ f3 1- 3 w 3

0 - 1 3 93

By adding up all the components, The damping matrix is obtained

131 + R 2 - 0 2 0
C =C1+ C 2+ C 3 R 2 2 +03 0 3 (1/woI + 1/W 2 +1/W 3cc 1  c 2 + 3 = 2 +  -~ 1 2 3)

0 -13 3 13 3

This Idea can be extended to n DOF systems, without loss of generality, we

write

n n

C C B (16)
1=1 i=1

where B is the damping factor matrix

r 1 2 - 132 ..... 0

--2 2 + 8 3- 3.. . 0

n n

The above procedure is further explained by using the following example.

EXAMPLE

Consider again the structure shown in Fig. 1. Assume that the mass

matrix is I, and the stiffness matrix is

[ 600 -200

-200 300 -100 ]
0 -100 100

First, incorporate a number of dampers on the ctructure to make the system
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proportionally damped with the damping ratio 0.0625. Denote the

corresponding damping matrix by C . Then add two sets of same dampers

between the first floor and the ground. Add another set of the same

dampers of the original kind between the first and the second floors.

Denote the damping matrix regarding to these added dampers only by C .1

Now, let us try to determine C matrix. According to the earlier

discussion, if the system is lightly damped, we have

C=C +Co 1
The eigenvector matrix of K is

.1706 -.4317 8857

.4732 -. 7526 -47

.8643 .4973 .07 59

and w = 6.7268, w = 15.8539, w = 26.5218. Therefore1 2 3

(1/w + 1/w + 1/w ) = .2494

C = Q diag(2 x .0625 x w ) Q1
0 1

2.9947 -.6330 -. 0786

2.0059 -.5129

1.1372

FromC= we have B =C / (11w + 11w + 11w)Fro 0O ehv 0° C 1 2 3

12.0056 -2.5376 -0.3150

8.0417 -2.0564

4.5590

So, 13 = 9. 1530 and (3 = 3.4477.

21.7536 -3.4477 0

Thus B [ 3.4477 0

0

5.4262 -0.8600 0

C = [ 0.8600 0 ]
0

8.4209 -1.4930 -0.0786

Thus C = 2.8659 -0.5129 ]
1.1373

Table 1 lists complex damping ratios of each cases.
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Table 1 Complex Damping Ratios

system with 1st mode 2nd mode 3rd mode

C only .0625 + .0000j .0625 + .0000j .0625 + .O000j

C only .0157 + .O005j .0294 + .O016j .0971 - .0022j1

C + C .0782 + .0005j .0920 + .0017j .1597 - .0022jo i

From Table 1, we know that for i = 1, 2, 3, approximately

91(C) = 1 (Co) + 91 (C I

and
c (C) = I(C 0) + CI(C I

With non-proportional damping C, we can calculate the natural frequencies

= 6.7303, w = 15.8804 and w = 26.4637. Compare the results with that of1 2 3

the corresponding proportionally damped system, we know the errors are

small.

FORMULA FOR DESIGN OF VISCOUS-ELASTIC DAMPERS

In the previous section, we showed th- procedure of how to determine the

sub damping matrix when the system is not proportionally damped. In

this section, we discuss a remaining issue of how to determine the damping

factor R I' For a given material, it is usually difficult to determine the

damping factors. However, for certain damping materials, such as visco-

elastic (VE) material, since the loss modulus are known, the damping

ratios can be calculated by equation

Si Z2 G V
= - - j i I 1 (17)

4nW 2 QTkQ

For more detailed information of this formula, readers may refer to

Lin and Liang (1989). Now, for the case of certain proportionally damped

system, Equation (17) can be used together with Equation (7) to

determine the damping matrix.

In general cases, Equatiun (17) may not be valid. However, [he energy
dissipated by a damper during one cycle, Wd can be calculated by

d

W = n C"(w) A/t x
d 0
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Comparing with Equation (8), we know that

13(J) = G"(w ) A /t (18)i1 j I I
h .th

where the subscript I denotes the it h damper, and j denotes the j mode

or driving frequency. Note that, for VE material, the loss modulus G" is a

function of frequency, denoted by G"(w ). Therefore, the global damping

matrix for VE damper design can be written as
n

C = C (19a)

1 1 ( t) 2 1 ) + ) ( 1 ) .

C 2 2/3 (19b)

0 (  t 8(i)

n n

CONCLUSION

The procedure described in this paper is the first attempt to develop a

way of design VE dampers for non-proportionally damped systems. Also the

procedure provides r. good approach to identify the system's damping

matrix. It is hoped that actual applications of this method can bring out

its practical meanings.
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ABSTRACT

This work reexamines the use of constrained layer damping for controlling the lower
modes of vibration of a large flexible truss. The device used to suppress vibrations is a
"viscoelastic strut". The design, modeling and experimental verification of the viscoelastic
strut as well as the three longeron truss with and without the constrained layer treatment is
presented. A complete finite element analysis (FEA) and experimental verification will be
presented. The experimental results are represented by examining transfer functions and
modal damping ratios as well as a video presentation of the effectiveness of the viscoelastic
approach for vibration suppression.
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INTRODUCTION

Viscoelastic damping of large space structures shows promise of providing high loss
factors with low cost in additional weight and no moving parts. Although many methods
have been derived which are capable of determining the damping matrix of a structure after
collecting response data, prediction of non viscous damping is still quite elusive. For large
space structures which cannot be ground tested, such as the space station, accurate
prediction of damping is required before optimal vibration control may be implemented.
The modal strain energy technique is often used to predict damping in lightly damped
structures with real modes, however, the introduction of highly damped struts may make
the assumption of real modes improper. The Golla-Hughes-McTavish (GHM) model for
viscoelastic damping is a finite element based method which models the frequency
dependant complex modulus of materials and is fully compatible with the usual linear
second-order equations of motion most commonly used to model structure dynamics. In
order to test this theory, a highly damped viscoelastic strut has been constructed and tested.
Loss factors of the viscoelastic strut are also determined using the concept of modal strain
energy. Finally, the GHM method is used to predict the equivalent modal damping ratios of
a test bed and a comparison is made between experimental and predicted response when the
viscoelastic strut is placed in the structure.

STRUT DESIGN

The viscoelastic strut design goals were to provide a strut which would not significantly
change the natural frequencies of the test structure (i.e.. the real part of the complex
stiffness should be of the same order as the undamped strut's stiffness between 10Hz and
100Hz) and to create a strut which had the typical viscoelastic characteristic of frequency
dependant complex stiffness. Since proving a strut with a high stiffness could still
significantly increase the damping in the structure and modeling this ecfect were the primary
concerns, creep was nct considered in the design. Tests on the actual structure showed that
creep was not significant over a period of more than one week while our dynamic tests
lasted only minutes, verifying our assumption that fom our purposes creep was not an issue.

Inner Constraining Layer

Viscoelastic Layer Outer Constraining Layer

FIGURE 1: A schematic of the Viscoelastic Strut design illustrating the constrained layer
configuration relative to the strut.
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Shear Action

Compressive Force Level

FIGURE 2: A schematic of the Viscoelastic Strut indicating the str-ss flow path.

The concept of the viscoelastic strut is simple in that ai 'er and inner layer act to shear a
constrained viscoe;lttic layer when the strut is placed in ision or compression (Figure 1).
The constraining layers are T-6061 aluminum on the order of .0' inches while the
viscoelastic layer is .005 inch thick Scotchdamp T SJ-2015X Type 112 viscoelastic
material. Due to the fact that the viscoelastic layer is so thin the majority of the deflection
take, place in the constraining layers. T-owever, the high loss iactor of the viscoelastic
material maintains a high overall loss factor for the strut in the frequency range of interest.

STRUT "LOCAL" MODEL

The strut was modeled using discretized extensional springs for the constraining layer and
discretized shear springs for the viscoelastic layer. With one end of the strut in a clamped
condition, the model used was a 29 degree of freedom model similar to the one shown in
Figure 3. The variables Ki and K,, are the discretized inner and outer stiffnesses and K, is
the discretized stiffness of the viscoelastic layer. Note that this model neglects shear
deformation in the constraining layers as well as other less significant ef'.cts. The

modulus G'(o) for the viscoclastic layer was taken from manufacturer produced charts at
room temperature. Due to the dependance of the complex shear modulus of the viscoelastic
layer on frequency. K, is also frequency dependant. A, selected intervals, the stiffaess of
the strut and the percent strain energy in the viscoelastic layer relative to the strain energy in
the entire strut were found using the -,har niodulus of the viscoelastic layer at that
frequency. Using the principle of modal strain energy, the loss factor of the strut at a given
frequency is given by

Vv(c)

where V(O) is the tracti~m of elastic strain energy in the viscoelastic laer at the frequency

o) and rlv((,}) is the f )s factor of the viscoclastic niaterial.

vT--



Ki

Kv

FIGURE 3: A scnematic of the discretized spring model of Viscoelastic Strut of Figures 1
and 2.

These calculations give a complete characterization of the complex stiffness of the
viscoelastic strut over the frequency range of 1-100 Hz.

THE GHM VISCOELASTIC MODEL FOR A MASSLESS ROD

The OHM viscoelastic model is a linear transfer function method for modeling frequency
dependant complex modulus. Curve fitting the GHM transfer function to complex material
data over a frequency range of interest creates a linear model which is compatible with
standard finite elements. Using transformations described by McTavis4 2viscoelastic finite
elements can be easily derived. The GHM transfer function is

F k

AGA

K Xss)-- K 1 + 2t A2A )
I s +Z4n(0nS+0,)-n

n=1

A A AO

where the hatted varithles (, , o, and K are free variables for curve fitting (The transfer
function is shown in terms of the rod stiffness. The references show the more general case
for a material modulus). The number of terms in the expansion is dependant on the
accuracy of the curve fitting desired, the frequency range size, and the degree of frequency
dependance of the viscoelastic material. For a viscoelastic material which does not exhibit

A 0
creep, K would be the static stiffness of the strut. However, since no static stiffncss is
assumed, this variable is also free for curve fitting. The linear second order matrix
realization of this transfer function for a rod with k= 1 is

F +± (Y A I~0(1 ( )(

I.

Setting .i- () in thc sc m:t rice> rcduces them to tho 0mtinary finite clcncnt rod matriccs
except for the third kn)r(Ii natc . Thc third coordinatc represents a di ssipat ion coordinate
which has no pi ci siCnifcancc except perhap a a state cst I niator. The static
properties of the irit clement ait not effected by this coordinate. These additional
coordinates add t c Jnned Asc' modes to the n(ldcl %khch are easily identifiable. a1s
dcnonsrratcd in ret.Ier, C\ I and 2.The cur-%C I itn, a ws donc ()n thc cormplc\ Sti tnc5s



data found from the discretized spring model. The results of the curve fitting are shown in
Figure 4.

Real Stiffness vrs. Frequency

1047,

Ci

... ........

10' 101 102

Frequency (Hiz)

I (Y)Loss Factor vrs. Frequency

102

- 10- 10 102

Frequency (l z)

FIGURE 4: Strut model data points and GHM approximation. The line represents the
curve fit of the GHM transfer functions to the data points represented by the '*'

TEST BED

The test bed (Shown in Figure 5) is an eight bay triangular meroform truss cantilevered off
of a 2000 lb steel and concrete monolith. It exhibits 5 modes below 1M Hz. The modes
targeted for damping were the first and fourth modes, which were the first two modes in
the vertical plane similar to those of a cantilevered beam. The second and fifth modes are
horizontal bending modes similar to cantilevered beam modes while the third mode is a
torsional mode.



Location of Viscoelastic Strut

FIGURE 5: The test bed trrangement illustrating the monolith with the eight bay truss
cantilevered off the top.

The truss was modeled using Euler-Bernoulli beam/rods. The damping matrix of the
original undamped structure was constructed using equivalent modal damping factors from
tests of the structure. The reason for assuming an original damping matrix is that the
objective of this experiment is to model the change in equivalent modal damping due to the
introduction of viscoelastic damping to the structure. Homogeneous, clean (without joint
damping) aluminum structures tend to have damping ratios on the order of .17%. It will be
shown this was the case for this truss as well, therefore predicting the truss internal
damping effect is not of concern. Compliance in the monolith was accounted for by using
spring to ground instead of clamped boundary conditions at the base of the truss. The
viscoelastic strut was situated in the horizontal position on the top of the truss nearest the
base. This provided maximum damping effect in the first mode. The Euler-Bernoulli
beam/rod element in this position was replaced with the GHM rod elem-nt to model the
installed viscoelastic strut. The results of the models and tests are shown in Figure 6,7 and
8.

Mode Original Structure FEM of Structure With FEM with GHM
Original Visco-Strut model
Structure

O__ _ d (1z) F(%) (Od(Hz) o(%) OJ (Hz) (%) o (Hz) (%)

1 13.22 .18 12.88 .18 13.37 2.00 13.29 1.37
2 19.25 .17 18.82 .17 19.25 .17 18.32 .17
3 49.25 .17 50.38 .17 49.25 .17 50.30 .17
4 76.75 .17 77.82 .17 77.58 .57 77.22 .25
5 95.00 .17 97.83 .17 95.00 .17 97.75 .17
6 136.(F .17 134.8 .17 136.5 .36 136.0 .34

FGI.R V6: Fxpcri n !ta verses theorcticill results iidicatin 2 the damped natural
trequencies and cqIiiv acnt modal damping ratio)s.
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A number of results are presented in this table. First, note that the natural frequencies of
the structure did not significantly change, although the viscoelastic strut has no real static
strength. Secondly, the damping ratios of the targeted modes increased by a factor of ten in
the first mode and a factor of 3.3 in the fourth. However, the prediction of the increase in
damping was errant by 35% in the first mode and 75% in the second. Two effects may
partially explain this. The viscoelastic material samples used in the viscoelastic strut had a
thickness tolerance of ± 20% which can lead to obvious model error. The discretized
spring model, although simple to use, is probably not sophisticated enough to properly
model the deformation in the strut. Ideally, test data for the viscoelastic strut would be
used in the GHM modeling instead of the data derived from any FEM or discretized spring
model

CONCLUSION

Viscoelastic struts introduced into flexible trusses can significantly increase the inherent
damping of the structure without significantly changing the natural frequencies of the
structure. The procedure for modeling the effect of viscoelastic struts using the GHM
technique has been outlined. Accurate knowledge of the complex stiffness characteristics
of the viscoelastic strut is vital and test data for the complex stiffness should be used if at all
possible.
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ABSTRACT

To check whether a structural system is proportionally damped in dynamic

analysis, Caughey advanced criterion to examine if the generalized

damping and stiffness matrices of the system commute. This criterion

depends on the data of generalized damping which are not directly

measurable. This is a sever restriction. In this paper, we present an

alternative criterion to determine the proportionality of damping which is

rigorous and dynamically flexible. In particular, it can be used in both

forward and inverse problems.



INTRODUCTION

Modal analysis is a rapidly-growing field, both in theory and in

engineering applications. In recent years, the theoretical basis of modal

analysis has progressed extensively from the level of one-degree-of-

freedom systems to the level of multi-degree-of-freedom systems by many

individuals including: Frazer (1946), Foss (1956), Lancaster (1966),

Clough (1975), Meirovitch (1980), Vold (1982), Ewins (1984), Juang (1985)

and Mitchell (1990), et al. etc. In dealing with an MDOF system, the simplest

model is one that can be decoupled into a group of SDOFsy'tems. Such an

MDOF system has great advantage over other MDOF systems in that it can be

easily treated by using various techniques developed for SDOF systems.

For some time, it was not obvious on how to identify the decoupleable

system until Caughey and O'Kelly published a necessary and sufficient

criterion (1965) that states: A system of the form

I X+CX+KX=O
n 1 1

possesses a complete decoupling, if and only if the matrix C and K1 1

commute, i.e.
CK= KC.
1 1 1 

Based on this criterion, the notion of proportional/non-proportional

damping was introduced. A system is said to be proportionally damped

If and only If the above expression holds.

Caughey and O'Kelly's criterion is a widely accepted approach In modal

analysis. However, the criterion depends on the data of generalized

damping which are not directly measurable. Such a limitation restricted

the further applications of the criterion in many areas of modal analysis

such as system identifications, forward and inverse

problems. In this paper, we present an alternative criterion which in many

aspects is better than the Caughey criterion in a dynamic context.

FUNDAMENTAL VIBRATION SYSTEMS AND THEIR MODES

Consider an n dimensional free vibration system described by the

following matrix equation.

I4 + CX + KX = 0 (1)

F0- 2



where M, C, K are the mass, damping and stiffness matrices of size nxn

such that M and K are positive definite, and C may be positive semi-

definite. X, X and X are the displacement, velocity and acceleration

vectors. In general, we also require (C2- 4K) to be negative definite,

(see Inman, 1989). Since M is non-singular, it is easy to see that

Equation (1) is equivalent to

I R + M-1/2C M-1/2 X -1/2K M-1/2X 0 (2)
n 1 1 1

where M- 1 / 2 is the square root of the inverse of M, and I is the
n

identity matrix of size n; and X,= M / 2 X . Let C and K denote1 1 1

M 1/2C M- 1 / 2 and M 1/2 K M- 1/ 2 respectively. Then we can write

I + C X + K X = 0 (3)n 1 1 1 1 1

Note that matrices C and K have the same definiteness as those of C and1 1

K respectively. And, both C and K are symmetric.
X1 1

At X2 At
Let X 0 = [ en and substitute It back in (3). We have

Xn

2
(I A+ C A + K )XO= 0 (4)n 1 1 0

In the case of proportional damping, it is known that C and K commute1 1

( i.e. C K = K C ). So there exists an orthogonal matrix Q such11 11

that Q TQ I , and it diagonalizes C and K simultaneously.
n 1 1

T1 c II T k -c k

Q C IQ 22 A , QK 1Q = A

c k k

nn nn

It follows that Equation (4) can be further modified to have the form

Q (I A2+ A CX + A )QT = 0 . (5)n c k 0

Let P denote Q TX . Then multiplying QT to Equation (5) from the left,0

we get

(I A2+ A A + A )P = 0 (6)
n C k

We define this as the characteristic equation of a A -A system. Sincec k

the determinate I A2 + A A + A k equals
n k

fe- 3



X2+ c 1 + k

n

22 J(X+ cX+k
t=I

A 2+ c X +k

nn nn

with (C -24K) negative definite, we can solve IIn X + 2A c A + A = 0

for n pairs of conjugate roots A, I 1; X, A; 2.. A, n; where
th

A is defined as the i system eigenvalue (eigenfrequency). They can

be further expressed as

th

where EI and w are the i damping ratio and undamped natural frequency

of the system. In the following, we may omit the subscript I of A , P
2

and w , etc., for simplicity. Note that in the normal mode case, w are

also the eigenvalues of the matrix K1

Corresponding to each A there is a system eigenvector e ( the unit! I

vector at Ith direction in an n dimensional space ) which satisfies

(I A 2 + A A + A )e = 0
n I C I k I

(I A2 + A A + A )e = 0
Write n ci k I

2A =] and P [1

n

We call A and P the eigenvalue and mode shape matrices respectively.I

It is now clear that the system has been completely self-decoupled. (A

more rigorous definition of self-decoupled system will be Introduced

later.)

In the case of non-proportional damping, we know that C K K C So the11 11

above analysis is no longer valid. However, there still exists an

orthogonal matrix Q that diagonalizes K . Applying the matrix Q to
1

Equation (4), we have

(I A 2+ QT C IQ A + Ak )P = 0. (7)

Next denote a symmetric matrix by

BCE)-,.



d d ... d11 12 In

D= QC1Q d 12 22 d2n

1 d[ d d. j
In 2n nn

Note that, in equation (7), the diagonal matrix A has the same form as

equation (S). Therefore, we have

(I A2+ DA + A )P = O. (8)n k

This equation is called the characteristic equation of the D-A system.
k

The D-A k system has similar eigenproblem as system (1), that is, they both

have the same eigenvalues and their eigenvectors are related by the

formula
p = QTx- = QTM-1/2 X

where P , X and X denote the eigenvector matrices of Systems (8), (3)0

and (1) respectively.

Because of the above mentioned prop-rty of the D-A system simplifies

the eigenproblem, we refer this system as a fundamental vibration system

(FVS) or canonical vibration system. Fig 1 shows a 3 degree-of-freedom FVS.

k

d d

11 12

k

m

d d
22 23

k

m l3

d 'd '
33 13

Fig. 1 A 3-DOF FVS

Comparing Fig.1 with Equation (3), we see that

d = d + d '+ d ' d = - d ' ,d =-d' , etc.
11 11 12 13 22 12 23 13

It is noted that the previou-1y mentioned proportional damping model is a

:1 ___-



special case of the FVS. Following the procedure descried above in dealing

with the A -A system, we can similarly obtain an eigenvalue matrix and aC kC

mode shape matrix. However, in order to understand the properties of these

two matrices, some new concepts will first be introduced.

DEFINITION: A non-zero system eigenvector P is said to be true-complex

or strongly-complex for the corresponding eigenvalue A if

(I A2 + DA + A )P = 0n k

holds and P can not be expressed as a complex linear combination of the

real-valued eigenvectors of A . A system eigenvector P is weakly-complex

if it is not true-complex.

It is clear that a proportionally damped system has only weakly-complex

system eigenvectors. Hence the system has a real-valued mode shape matrix.

LEMMA 1: Given an FVS. If P is a system eigenvector such that

(I X2 + DA + A )P = 0
n k

for some A, and P is weakly-complex, then the corresponding elgenvalue A

satisfies AX = k for some i = 1, ..., n, (where k is the ith
ii ii

diagonal element of A ).

COROLLARY 1: Suppose A is a system elgenvalue of a given FVS such

that A5 * k for all I = 1, 2....., n. Then its corresponding

eigenvector P is strongly-complex.

LEMMA 2: Given an FVS, if P is a system eigenvector, then the

following conditions are equivalent.

(1) P is an eigenvector of the damping matrix D.

(2) P is an eigenvector of the stiffness matrix A kk

(3) P is weakly-complex.

LEMMA 3: Given an FVS. If there is a vector P such that P is an

eigenvector of both D and A k , then it is also a system eigenvector.

Moreover, P is weakly-complex.

liCD-6



A CRITERION FOR DETERMINING PROPORTIONALLY DAMPED SYSTEMS

In this section we present a theorem for determining a proportionally

damped systems. Before starting with the theorem itself we need to

consider a lemma of Rayleigh quotient.

LEMMA 4: For any Hermitlan matrix A e ,nxn denoting its first (smallest)

and last (largest) eigenvalues by a and a respectively. Then the

Rayleigh quotient equals a or a , i.e.

X HH A X a1(9
X X

or

XH A X (10)
a

X H X n

if and only if Its corresponding non-zero vector X e Cn is the first or

last eigenvector of A. Here the superscript H denotes the Hermitian

transpose, Cnxn and Cn stand for the set of all nxn matrices and vectors,

real or complex, respectively, ( see Ortega, 1987).

DEFINITION For an FVS, If the damping matrix D Is of the following

form, then we say that the system is self-decoupled into two subsystems.

d ... d
11 it =

0
d ... d
It tt

D ... . .- . . . . . . .

d ... d
t+l t+l,n

0

d ... dt+l,n nn

An FVS with diagonal D is self-decoupled into n subsystems. In this

case, the system is said to be completely self-decoupied.

DEFINITION : Two FVS D - A and D - A are said to be equivalent if1 ki 2 k2

there exists an orthogonal matrix T such that

TTDT =D
1 2

T
TTA T= A

k k2

LCD-7



THEOREh 1 : For a given FVS, all the system eigenvectors are weakly-

complex, If and only if, there exists an one-one correspondence between

the system eigenvalues A and the eigenvalues k of A such that

X = k i =1.......n.
I I I!

PROOF: Sufficiency.

First, we discuss the case where all the eigenvalues of A are distinct.k

Consider the smallest k1, say k 1 Let P be a system eigenvector whose

eigenvalue satisfies A11 = k 11. By the characteristic equation

P H(I A + DA + A )P = 01 n k 1
we have

PHDP p A P
A 2 + 1 A+ 1 k -0. (11)

I H I pHp

1 1 1 1

PHDP pHA P1 1 1Ik

Since the Rayleigh quotients 1H and are real, it

1 1 11

follows that both A and its conjugate A are roots of Equation (II). We
1 1

know that a real quadratic equatinn has a unique irreducible expression
pHA P

in the real field. Thus H X A A = k . By Lemma 4, P must beDH 1 1 1 11

1 1

the first eigenvector of A k Namely, P,= pe where p is a scalar.

Then from

I A2 + D A + A )pe = 0
n 1 1 k 1

we have
A2p + d p A + k p 0
1 1 1 1

0 + d 2pAt + 0 =0
12 p1

(12)

0 + d pA + 0=0.
In I

Equations (12) imply that

d = 0, m= 2 ..... n.Im

Note that D is symmetric. So it mlist be of the following form

i "(") - "



d 0 ... 0
11

D 22 2n

0 d . . d
2n nn

Therefore, the D-A system is self-decoupled into two independentk

subsystems each forms a D-A model with lower dimensions.k

Now apply the same procedure to the subsystem with n-1 dimension we can

show that the damping matrix D can be further divided. Hence it must be

in the following form

d 011

0
0 d0

22

D = d ... d
33 3n

0

d ... d
3n nn

Repeat the same procedure, D will finally be shown to be a diagonal

matrix. Thus it is proportional damping, and the system eigenvectors are

weakly-complex.

Secondly, we consider the case where A has a repeated elgenvalue kk rr

with multiplicity r. Without loss of generality, assume k is the
rr

smallest among all k , and A is in the formr1 k
k1krr 

.

A rr

k
rl

Lk
nn

Choose an orthogonal matrix T such that

t t11 ir

0
t ... tri rr

T

0I
r



TT A T A , andk k

d d . . d
11 1,r+l In

dd ... d
rr r,r.l rh

d ... d d ...
1,r+l r ,r +I r+l,r+l r+l,n

d .d

In rn r+ ,n nn

Now we apply the same procedure described in the previous case to this

induced D - A system until Equation (11) Is obtained. According to the

assumption there are r system eigenvalues, say A 1, A2 . . . . .. A , such
r

that A A = k , I = 1, 2...... r. By Lemma 4, their correspondingI I rr

eigenvectors P are eigenvectors of A with eigenvalue k . Hencej kC rr

P: 1eI + 32e2 + + e , i1,2 ...e =r.

If in D, d .... d are distinct. Then we claim P is of the form

P, = Pije j  1 1 -5 j - r.

Otherwise, if P Is the linear combination of more than one e , then we

find there are at least two eigen-equations, say

A2+ d A + k =0
1 11 1 rr

A2 + d +k 0
1 22 1 rr

Since d 1* d this will contradict the uniqueness of a real

coefficient irreducible quadratic expression.

Under this circumstance, we can use the same argument given in (12) and

thus see that

d ... d ... d
Ir+l In L , Yr+ In =0

r,r~l ... rn r,r+l ... rn

Therefore, we have

LCD)-1C



d
11

0
rr

D=
r+1,r+1 r+1,n

d .. d

d .. dr d. d

D=-TDTT -=

r+1r++1 r 1,n

d ...

r+1,, nn

It is clear that D is sef-decoupled. Hence we can continue work on the

subsystems and eventuav!y show that D-A is equivalent to a D - A

system where D is diagonal.
I

As for the case where there are some repetitions among d1 , d2 ..... d c

11 Ir

22, rr

say di = di = d2 = . . . = dcs , we claim that the system has a repeated

elgenvalue A with multiplicity s. Because for each P., 1 5 1 s s, the
1

elgen-equat ion

2 1 1 A + -0

has the same coefficients

syste whr D isdagnl
H H>

y - d and -
H H rr

Therefore, A = A ... = A A and the coefficient matrix (Aci DA + A

1 2 s k
has rank n-s. It follows that we can simply choose e , e...... s

I I = da di k I k

our P, P. .... P 'hen following the same argument we can see that

D is self-decoupled and eventually reduce D-A system to an equivalent

D -A system with D diagonal.1 kI 1

We now know that under the gi,.:n corvii t ion a D-A system must bek

equivalent to a D - A sy-;t(fm w'here the damping matrix D is diagonal.
l ki 1

[LCD-I I



Consequently, DAk = A kD and the system is proportionally damped.

Therefore, all the system eigenvectors are weakly-complex. Thus the

sufficiency of the Theorem is proven.

Necessity.

The necessary condition of theorem 1 is implied by Lemma 1.

COROLLARY 2: Given a System (1), either it has no strongly-complex

eigenvector in which case the system is proportionally damped or there

are at least two strongly-complex eigenvectors in which case it is

non-proportionally damped.

EXTENSION OF THE CRITERION IN DISTRIBUTED MASS SYSTEMS

For linearly distributed mass systems, a similar theorem holds just as for

the discrete lumped mass systems. Ltt U be a variable defined in a bounded

domain D and ;atisfy the equation:

U + LU + L U = 0 (13)
tt 1 t 2

with homogeneovs linear boundary conditions specified on the bounding

surface r. L and L are compact self-adjoint spatial operators. Suppose

that the boundary conditions for a higher-order operator are derivable

from a compatible set of boundary conditions associated with a lower-order

operator. We begin our discussion by considering the properties of

eigenfunctions.

DEFINITION: An eigenfunction of System (13) is a non-zero function ¢

associated with a scalar A such that the function is differentiable by

both L and L and satisfies1 2

(A2 + A L + L ) ¢ = 0 (14)
1 2

and the boundary conditions attached to (13). The scalar A is called an

eigenvalue of System (13).

DEFINITION: An eigenfunction ¢ associated with eigen value A is said to be

true-complex or strongly-complex if it can not be expressed as a linear

combination of the real-valued eigenfunct ions of A. If' ¢ is not strcngl,/--

cup 1p . .. , t I,en it. Is I cd p:;0u ,o- co'::p lox or woi 1v-cpU x.

... .......



LEMMA 5: For a given System (13), if D is an eigenfunction, then the

following conditions are equivalent.

(1) D is an eigenfunction of tht. viscous damping operator L

(2) 1 is an ejgenf'unction of the otiff'ess operator L
2

(3) D is weakly-complex.

PROOF: (1) is equivalent to (2).

Suppose L = . (15)

Substituting Equation (15) into Equation (14), we get

2A + 0) + L 2 = 0.' 2

So L b 2 +

Since -(X2 + X ) is a scalar, 0 is an eigenfunction of L 22

Now, suppose L2 = 3q. (16)

we can similarly prove (1) if" (2) holds.

(1) or (2) is equivalent to (3).

Suppose P is complex valu.d, i.e. 4 + ji, where 0 and n are real-

valued functions. Then L 1 = L 1 + j L 1. It is easy to see that Li Is

real and j L Ir is imaginay.1

On the other hand, L = c(p = uo + jay. Since L is self-adjoint, all of
1 1

its eigenvalues must be real. Therefore, at is real and jan is imaginary.

Comparing the above two equations, we conclude

L 0 = X 0, L n = o ni i

That is, both k and -q are real-valued eigenfunctions of L Since 0 is a

linear combination of 0 and 7), 0 is weakly-complex.

LEMMA b: rGiVen a Systtm (13), if there is a function ( such that $ is an

eigenfunction of both L and L2 , then it is also a system eigenfunction.1 2

Moreover, I is weakly-('omplex.

lp o ; ~i ' inw r otions ',' -d (36) into (14) and denoting the

left h arpl cs i 4f-

2

we I

h' "):" u ,, then we have the desired

ii]-



result.

LEMMA 7: For any compact and self-adjoint opcrator L, let its smallest
(greatest) elgenvalue be denoted by A (A ). If the Iayleigh quotietit

1 n

equals A1, i.e.

< T ,TL >
= FL' A (A ), (17)

where < C.) , (.) > denotes an inner product, then the non-zero function

T Is an elgenfunction of L associated with A (An), and vice versa.
1 n

PROOF:

Since operator L is compact and self-adjoint, there is a complete set of

eigenfunctlons for L, i.e. for any function f in a Hilbert space,
00

f= <f', 01 >

and 1=1

00 00Lf L < f, > < f, > A A

I=1 1=1

where A is associated eigenvalues. Suppose A is the smallest eigenvalue.I I

Consider < T , LT > = A < T, T >. We also have
1

00

< , >
1=1

and

UP= <  T, ¢ 1 >  A i¢i
1=1

Therefore

<4', L > = < ', i > < 4, >A = A A < , > < T, ¢>
1=1 1=1

Or
S

<, 4> < T, > (A - A ) = 0 (18)
_ 1 1

where * denotes the complex conjugate of functions.

Since A is the smallest eigenvalue, (A - A ) * 0 when i * i. This fact1 1 1

forces <4, 0 > 0, for all i * 1 and < T, 4 > * 0 due to non-zero ;.

Here subscript 1 denotes the eigenfunction being associated to A . we

therefore conclude T = < 4, ¢1 >01. This proves that 'F is an eigenfunction

of L associated with the smallest eigenvalue A . In a similar fashion, we

can show the case for A , the greatest eigenvalue.
n

ECM- 14



THEOkLA 2: For a givcn System (13), all the system eigenfunctions are

weakly-complex, if and only if, for any system eigenvalues A , we can

fi7-4 an eizenvalues ( of operator L such that, 2

, (3I (19)

PROOF. Necessity.

Consider an eigenfunction associated with eigenvaiue X . Suppose it

is weakly-complex. From

X 2 + A L + L = 0
i I I 1 i 2

and using the Equations (15) and (16) with the subscript i, we 1ave

(A2 + A j3} €  0.

Since 0 * 0, so

(A 2 + A a+3) =0 .I I

Note that both a iand (3 are real, so Equation (19) holds.

Sufficiency.

We only prove the case that all eigenvalues are distinct. 7or the case

with repeated eigenvalues, the proof is similar but more complicated.

Consider the smallest eigenvalue 3 of L2

A A =[3
I I

witL? the corresponding eigenfunction # and its associated system eigen-

value A , that
2 

0A Ip + A iL + L = 0.11 11 L21

Taking the inner product of the above equation with we get

< A X 2 ¢P> + <¢, A L 0 > + <¢ L 
> = 0.

1 1 1 ll 1 2 1

Then

A + A PI 1 1 > <0 _2Il
A 1 1 - -

< 1 ' > + < 1 1

Note that the terms in above { } are real scalars since { .} { .

f'or both L and L are eielf-adjoint. Therefore,1 2

{ -'-x } A A: = 13

EM I
I-:(1)- 13



(3 is the smallest eigenvalue of L2 . Thus 01 is an eigenfunction of L 2

From Lemma 5, we know that ¢1 is weakly-complex. Now we show that ¢1 is an

eigenfunction of L . Since L is cornact, it has a complete set ofI I

orthogonal base Spant j 0,. So 01 can be represented in Span 0 .

Also L is closed on Span J: iP}) and L is closed on Span1=i k . It

2

follows that for any scalar A, S(N) = ( A + A L + L ) is a
1 2

closed operator on Spans c } and Span{ ¢ } Consider the second smallest

2 2 2

Let 02 be the eigenfunction of S(A ), I.e. S(A 2) 2 = 0. Then ¢2 can be

express ¢P 2 as

2 =a I + a

where e SpanI , Let (2

S(A )0 = S(A )(a 11 + a T) = a S(A )0 + a S(A )4 = 022 2 1 2 1 21 2 .

Since € is orthogonal to 41, we have a 1S(A 2) = 0 and a2 S(A )4 = 0.

But

S(A2) -  0

because PI is not an eigenfunction associated with A 2 Therefore we have

a = C and

02 a4 (20)

From Equation (20), we know that 2 E Span: 00 }, so we can repeat the

same procedure for the case

S(A ) 2 = 0

and show that ¢2 is weakly-complex as was shown for " This eventually

gives the proof that all 0 are weakly-complex.
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The PACOSS Dynamic Test Article

Russell N. Gehling t
Martin Marietta Astronautics Group

ABSTRACT

The Dynamic Test Article (DTA) developed under the Passive and Active Control
of Space Structures (PACOSS) program is a test-verified laboratory system for
evaluating the behavior and interaction of passive and active control strategies on
dynamically complex structures. The pneumatically suspended DTA possesses high
modal density in the 1 to 10-Hz frequency range, with moderate levels of passive
damping (neat 5% modal viscous) designed into the flexible modes. The system also
includes a real time control processor, ten reaction mass actuators, 23 velocity
sensors, and a host workstation. Also, 200 accelerometers suitable for modal testing
are available for identification and verification of performance.

This presentation describes the DTA system components, capabilities, and
overall test results. The DTA has been delivered to the Air Force Institute of
Technology where it was assembled for use in further studies of controls/structures
interaction and passive damping performance.

t P U. Box 179. Denver, CO. 80201, Mail Stop H4330, phone, 1303) 371 -9388.
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,,troduction

" Future Large Space Systems Will Require Vibration
Control

* Passive/Active Approach Is Most Effective Means

* DTA Designed As Testbed for Passive/Active Control
Strategies

Future large space systems (LSS) will possess high modal density at low
frequencies. Mission requirements for some LSS lead to control bandwidths
overlapping many closely spaced structural modes. Therefore, some means of
vibration control will be necessary to avoid excessive excitation of the flexible modes

The Passive and Active Control of Space Structures PACOSS) program has
shown that a combined passive and active vibration control approach will result in a
simpler system which can be expected to be more robust and reliable than a
corresponding system utilizing active control exclusively.

The PACOSS Dynamic Test Article (DTA) was designed to serve as a laboratory
testbed for passive and active structural vibration control implementat;on and testing
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DTA Summary

* High Modal Density at Low Frequencies; 23 Major
Flexible Modes between 1 and 10 Hz

* Moderate Passive Damping (5 to 10% Modal

Viscous) Designed into Structure

* Versatile Active Vibration Control System

* Extensive Instrumentation

The primary characteristic of the DTA is high modal density. There are 23 major
flexible modes between 1 and 10 Hz. Nine of these modes are global in nature, with
several separated by less than 0.2 Hz. The high modal density presents a challenging
modeling and control problem, thereby making the DTA a unique testbed for vibration
control research.

Passive damping was designed into the DTA to achieve 5% to 10% modal
viscous damping in the structural modes which participate in the DTA performance
metric, the line of sight (LOS). Also, a versatile active vibration control system was
developed to allow implementation of a wide array of control laws. To date, five
algorithms have been implemented;

Local Direct Velocity Feedback
Modal Space Control with a State Estimator
LOG Optimal Control with Loop Transfer Recovery
n. (H-infinity) Control
LOG Optimal Control with Residual Mode Filtering

In addition to the active control system instrumentation, nearly 200 Kistler model
8632A5 accelerometers are installed for the purpose of modal testing. These light
weight piezoelectric accelerometers are ideal for the 1 to 10 Hz frequency range of
interest.



DTA TEST SETUP

This photo shows the DTA during testing in the Controls-Structures Interaction
(CSI) Lab at Martin Marietta Astronautics Group's Main Plant. The lab maintains a
uniform temperature within 2 degrees F, thereby allowing confident application of
vscoelastic material properties (at a given temperature) in analysis of test articles.



DTA PNEUMATIC-ELECTRIC SUSPENSION DEVICES

The DTA is suspended from three pneumatic-electric suspension devices
recently developed by CSA Engineering Inc. The CSA devices provide a soft, virtually
friction-free suspension, and are relatively easy to adjust for load ranges from 50 to
350 lbs.

Although an active centering loop is provided on each PESD, the rigid body
dynamics of the DTA suspension arrangement, combined with very small restoring
forces from control system and instrumentation cabling tended to keep the DTA
centered without use of the active loop.

I DA-



Suspension System Performance
"Roll Mode" fn, Hz %

With Instrumentation Cables 0.26 10
Without Instrumentation Cables 0.17 11
Predicted 0.15 ?

102

--- With Cables
Without Cables

101

100

Frequency, Hz

This figure shows the success of the PESDs in achieving a low frequency
suspension. Also, the effect of modal survey instrumentation cables is apparent. The
frequency response function (FRF) shown by the dashed line was measured with
approximately 180 microdot cables attached to the Kistler accelerometers mounted on
the DTA. The observed resonant frequencies were much greater than predicted by
analysis including the PESD stiffness, and pendulum effects. However, as shown by
the FRF denoted with a solid line, when the instrumentation cables were removed, the
agreement between predicted and measured rigid body frequencies was excellent.
Similar results were seen for the other suspension modes.

While tiere is no measurable friction in the PESDs, air movement through a 20-
micron filter paper does dissipate energy, thereby giving rise to the apparent damping
present in the suspension modes. However, the loss is well modeled by linear viscous
damping, and is insignificant with regard to the DTA flexible modes.
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DTA Passive Damping
F Solid Sleeve Metal .-sDamper Housing

Clamshell s- ' -High-Precision Angular
Viscoelst Contact Ball Bearings- Maera Damper Shaft

Helix Spring-/

Damper Rod Viscoelaslic Material

Graphite Epoxy
Constraining Layer

Viscoelastic

Main
S Structure

Tubing

Six different types of viscoelastic damping treatments were applied to the DTA,
three of which are shown in this figure. The design and placement of each treatment
was based on the modal strain energy method.

Extensional shear dampers are used in the box truss and equipment platform,
and are effective in damping lower truss modes. Rotational shear dampers are
located at each tripod leg/secondary mirror interface to damp modes involving relative
rotation between the legs and mirror. Constrained layer treatments are used on the
tripod legs, antenna legs, and solar array masts. The DTA antenna dish has an
integral damping treatment. Viscoelastic shear straps are used to further damp vertical
bending of the solar array masts, while tuned mass dampers suppress solar array
blanket modes.

SIDA.
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Analog-"

Control Boxes

DTA CONTROL SYSTEM COMPUTERS

This photo shows the DTA active control system equipment. The control
processor is an Optima/3 which is based on a Motorola 68030 CPU. The Optima/3 is
hosted by a Sun-3 workstation which is used to generate and download an executable
control code to the Optima/3. Single-ended analog inputs are sampled by the

Optima/3, processed according to the control code, and output. The input and output
signal range is +/- 10 volts. DC drift of the DAC is negligible and the noise level is in
the 10 to 20 millivolt range. Also shown in the photo are the signal
conditioning/current drive control boxes for the actuator/sensor units.
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DTA REACTION MASS ACTUATOR

This photo shows an actuator/sensor u~nit. Each unit consists of linear motor
with a linear velocity transducer (LVT) to measure the relative velocity between the
motor mass and actuator frame, and a Sundstrand QA-1400 accelerometer to
measure inertial acceleration. The motor mass is supported on springs which give the
actuator a 1.5 Hz natural frequency. The actuator stroke is approximately +/'- 1 in. The
pictured actuator is in a vertical configuration. Four DTA actuators may also be
configured for horizontal operation with opposing extensional springs. In the
horizontal configuration, the actuator natural frequency is about 0.7 Hz.

The QA-1400 signal is integrated in the signal conditioning electronics via an
analog bi-quad filter to provide inertial velocity of the control point. The LVI signal is
used to increase the damping of the actuator, and also is integrated to provide a motor
mass position feedback allowing adjustment of the actuator fn from about 1 .2 to 1 .8 Hz.

i i)A-I



Control System Summary
Signal

Sensors -- - Conditioning &

Integratiun

Up to
A n I 32 Inputs

A No iolocaed At Uits

O / Tr.....ing "peOptima/3 Sun/3 Host "

Thi figur sumarze th D cievbaincontrol syst- em.gn Enaich

acutrsenso ~ni proucectwsesor Dinlietilaclrtowndloaiv

..... ° goring R-0.. ,.°,.

... .*.*

t Eia,pree t Up to
P.a tt .... 32 Outputs

Actuator
Actuators <F- -- Zurrent

, Drives

Optima/3 Processing Speed: 64 States, 23 inputs/lO Outputs: 280 Hz

This figure summarizes the DTA active vibration control system. Each
actuator/sensor unit produces two sensor signals (inertial acceleration and relative
reaction mass velocity) which are fed to the analog signal conditioning electronics.
Also, three non-collocated acceleration measurements are available. The inertial
acceleration measurements are integrated and sent to the Optima/3 ADCs along with
the LVT signals. The Optimal3 will accept up to 32 input channels, and also output up
to 32 channels. In the current DTA configuration, there are 23 inputs, and 10 outputs.
The Sun host workstation is used for design, analysis, and download of control
algorithms to the Optima processor. Analog outputs from the Optima are sent to the
actuator current drives which command a current directly proportional to the command
voltage. Finally, the actuators apply a force proportional to the current command on the
DTA.

The processing speed of the Optima allowed a 64 state control law with 2.3 inputs

and 10 outputs to be processed at 280 Hz; well above the 10 to 20-Hz bandwidth of
control laws applied to .he DTA. Thus, it was not necessary to .-. , ,,: ::?tizatiorn
effects of the control system.



DTA Analytic Model

* 23 Modes Correlated with Test Results
* 9 Global Modes

A detailed finite element model of the DTA involving over 10,000 degrees of
freedom was developed and test verified during the PACOSS program. Each
substructure was modeled and test verified before the full DTA was tested. The 23
major flexible modes between 1 and 10 Hz were successfully identified in the DTA
modal survey, and correlated with analytic modes.

L,)A- ! 2



DTA Natural Frequencies
12

S I Measured

10 Predicted

b

I
U-

4

1 2 3 4 5 6 7 8 9 1011121314151617181920212223

Mode Number

Agreement between measured and predicted natural frequencies was excellent
for nearly all of the identified modes. This figure presents a bar chart to graphically
depict the agreement. All natural frequencies agree to within 5% with the exception of
mode 19 which is a local antenna dish mode.
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DTA Modal Damping
14
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Mode Number

This figure presents the measured and predicted (via the modal strain energy
method) modal damping ratios. The agreement is typically within 20% which is quite
good considering the difficulty in determining damping ratios from the measured data.
Closely spaced, highly damped modes lead to FRF measurements which cause
scatter of nearly +/- 20% in identified damping ratios.



Test Setup and Analysis Validity Checks

* Instrumentation Cable Effects

* Linearity

* Closed-Loop Analysis

During DTA closed-loop testing, differences between the measured and
predicted frequency response functions (FRF) led to an evaluation of the validity of the
test setup and analysis techniques. Were the observed differences simply due to
analytic model inaccuracies, or were they due to a test setup problem or the real mode
model of the DTA? Three issues were investigated:

Possible instrumentation cable effects on DTA flexible modes
DTA and control system linearity
Real versus complex modes used in the DTA model.



Instrumentation Cable Effect

Typical DTA FRF

Magnitude Phase Angle

100

4 0' 12 2 4 8 TO 2

faq : Frorquencv fi

Possible instrumentat Ion cable effects were investigated by removing nearly all of
the over 180 microdot cables from the DTA. The plots shown in this figure are FRFs
taken before and after removing the cables. Clearly, the instrumzentation cables have
a negligible a ect on the DTA dynamics above 2 Hz.



Synthesized Closed-Loop FRFs
* Form Closed-Loop FRFs from Open-Loop Measurements

and Analytic Compensator

CP9 F68Z CP9/F68Z
4, 4

3 Measured Open Loop Measured Open Loop

2 2

. 2~ I Syritheslzad Closed Loop 2 Measured Closed Loop

o .

6 8 10 2 4 6 a 10

Frequency. Hz Frequency, Hz

To investigate the linearity and function of the DTA control system, closed-loop
FRFs were synthesized using the analytic compensator transfer functions, and
measured open-loop FRFs between the DTA control points. The idea here is that if the
control system is functioning as mors-led. and the DTA is a linear system, the
synthesized FRFs should agree with the actual closed-loop measured FRFs. This
figure demonstrates good agreement between a synthesized and measured FRF
using the LQG/LTR control law, thereby indicating that the control system indeed
performs as designed and modeled, and that the DTA behaves as a linear system.

t'XJA- 1.7



Complex Modes
0 Couple Compensator to DTA Modeled with Real and

Complex Modes

Open Loop DTA FRF; CPS.768Z Open Loop DTA FRF; CP8.F68Z

. .. mpl.Modes

-M@surod *" \ - - CompJ. Modes

10
0  

, 0

10- 1 .2W

10.
2  

, ,400
0 2 4 6 a 10 0 2 4 6 8 10

Frequency. tiz Frecquncy. Hz

As previously mentioned, the DTA model used for control law design and
analysis was generated using real modes. However, some sample studies indicated
that in the presence of closely spaced modes and relatively high damping, closed-loop
results can be significantly altered if complex modes are used in the plant model rather
than real modes.

To investigate the effect of complex modes in the DTA analysis, complex modes
for the DTA were calculated from the reduced DTA mass and complex stiffness
matrices. The reduction was performed via the Guyan technique using only the real
part of the stiffness matrix. The figure shows three open-loop FRF plots; an actual
measurement, the corresponding analytic FRF computed using real modes'MSE
approach, and the analytic FRF computed using complex modes. Note that the FRF
from complex modes generally agrees retter with the measurement, particularly in the
3 to 5 Hz range. Not coincidentally, the 3 to 5 Hz range possesses the highest moda!
density of the DTA and encompasses many global modes.

Although the open-loop ag eement is improved when complex rather than real
modes are used in analysis of the DTA, the closed-loop results did not change as
significantly. Many of the closed-loop anomalies seen during DTA testing were not
explained by using complex modes, and the overall agreement between test and
analysis was not great!y improved.



Conclusion

* DTA Exhibits Characteristics of Future LSS

* Analytic Model Is Quite Good

* Control System Behaves Linearly

* DTA Will Be Set Up at Air Force Institute of
Technology for Further Passive/Active Research

The DTA exhibits the dynamic characteristics expected of future LSS: high modal
density at low frequencies. Passive damping designed into the structure provides a
somewhat more forgiving system for investigation of active control algorithms. Also,
further passive control approaches can be implemented due to the substructure
assembly of the DTA. Thus, the DTA .s an excellent testbed for continuing research of
LSS structural vibration control, both passive and active.

The analytic model of the DTA is test verified up to 10 Hz and predicts open-loop
DTA behavior relatively accurately. However, it may be insufficient for accurate
prediction of the performance of high authority modern control laws. Any further model
improvement would most likely involve empirical tuning, since the finite element model
has been exhaustively reviewed and refined based on DTA dimensions and element
tests.

The DTA control system behaves linearly and is highly versatile. While only
linear constant coefficient control laws have been implemented thus far, the Optima/3
is capable of implementing any control algorithm that can be coded in "C", including
adaptive control.

The DTA has been set up at the Air Force Institute of Technology for further
passive/active controls research.
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RETROFITTED DAMPING TREATMENT
FOR A THREE STAGE BOOSTER SYSTEM

Daniel J. Segalman1

Sandia National Laboratories

Albuquerque, NM

E. L. Marek
Sandia Natinal Laboratories

Albuquerque, NM

ABSTRACT

A three-stage solid propellant booster system has been developed to launch a variety
of payloads. A critical issue to the success of any flight is the possible interaction of

the elastic vibrational modes with the control system. Modal test results indicate
that damping factors may be very low (0<0.5%), adversely affecting control design.

To alleviate the concerns, a study of retrofitted damping application was performed.

The central difficulty in designing a damping treatment was that access could be

obtained to only a fraction of tko- straining surfaces. Thus, achieving an optimal
damping design on those surfaces became essential.

FULL PAPER NOT AVAILABLE FOR
PUBLICATION

'Sandia National Laboratories, Divisifnn 1524, P.O. Box 5800, Albuquerque, NM 87185-5800,
(505) 846-1899
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DAMPING DESIGN FOR A
DISK DRIVE HEAD FLEXURE

Eric M. Austin'

James C. Goodding

CSA Engineering, Inc., Palo Alto, CA

William A. Driscoll

3M ISD Laboratory, St. Paul, MN

ABSTRACT

This paper describes the work done by 3M and CSA Engineering (under contract

to 3M) that lead to the design of a high-performance damper for load beams in disk

drive head suspensions.

3M has supplied dampers for such applications for the past eight years. While

the current damper designs do a good job of attenuating the first bending mode

of the load beam, they do only a satisfactory job of attenuating the first torsion

mode and a less than satisfactory job of attenuating the sway mode. Unfortunately,
disk drive design changes have caused the sway mode to become one of the more
dominant modes in the load beam during operations of the drive. If excited, this is
the most severe mode with regard to operation of the disk drive servo heads. After
the drive is manufactured, if a resonant condition occurs in the load beam of the
servo suspension, the drive is rendered useless and has to be reworked.

The purpose of this work was to design a damping treatment that attenuates all
three modes in a satisfactory manner. The paper describes the four phases that are
typical in the design of a damping treatment for attenuating resonant vibrations:
1) mathematical modeling of the undamped system, 2) incorporation of a damping
treatment into the mathematical model, 3) arriving at the optimum design for a

damping treatment, and 4) preparing and experimentally evaluating the design.

1Senior Engineer, C'SA Engineering, Inc., 560 San Antonio Road, Suite 101, Palo Alto, CA 94306,
(415) 494-7351
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DAMPING JET ENGINE FRONT FRAME
STRUTS

Captain Vance Johnson1

U.S. Air Force
Wright-Patterson AFB, OH

Dennis Murphy

General Electric Aircraft Engine Company

Kurt Nichol
Sverdrup Technology, Inc.

ABSTRACT

Throughout the development of the F110-GE-129 improved performance engine

(IPE), the fabricated front frame struts experienced high stresses and associated

weld cracks. Initially the cracking was attributed to poor weld penetration and

benching during the manufacturing process. However, strain gages from instru-

mented front frames continued to indicate high stresses in a 4500 Hz natural fre-

quency panel mode. Stiffeners and material changes were employed to break up the

panel mode and provide additional strength margin. Subsequent flight testing at

Edwards AFB, CA with instrumented front frames and real time monitoring of strut

stresses revealed no problems. During formal qualification of the F110-GE-129 jet

engine at Arnold Engineering Development Center (AEDC), however, unexpected

high stresses were measured on several front frame struts. Component test data

from holography, SPATE, VPI, and siren tests indicated many natural frequency

panel modes with very high damping Q values existed within the 32 per revolution

operating range of the fan blades. Several different damping schemes were developed

and tested in March-June 1990 during actual jet engine operation at AEDC in Tul-

lahoma, TN. The viscoelastic constrained layer damper wrap resulted in excellent

stress reduction and well damped modes, however, the structural adhesive failed

when tested at a high aerodynamic Q condition of Mach 2, 30K altitude with anti-

ice valve failed to open. The wide waffle expandable coulomb damper configuration

resulted in lowering stress am)litudes, but the frequency modes continued to exhibit

high Q damping values. The narrow waffle coulomb friction damper essentially had

no effect at all and the stresses remained high and the frequency modes remained

very sharp. The damper design utilizing pourable RTV to fill internal strut cavities

demonstrated excellent damping Q characteristics and stress aml)litude reduction.

'U. S. Air Force, Propulsion SPO. ASI) YZE'E., Wright-Fatterson AFB, Off 45433. (513) 255-

2596

''1)1)--1



Other damping designs were developed but not tested during engine test cell oper-

ation. The RTV damper method was chosen as the final design after qualifying at

all F-16 fighter aircraft flight envelop operating conditions and further component

tests to evaluate thermal and adhesion properties. In conclusion: "A little bit of

damping goes a long way."

FULL PAPER NOT AVAILABLE FOR
PUBLICATION
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ISOLATION JOINT FOR FLEXURAL AND COMPRESSIONAL ISOLATION

Presented by: Al Wignall
Co-Author: Jeff Aron
Company: Schlumberger

Abstract:

An isolation joint was designed for an oil well logging tool operation in a
downhole environment. The joint is capable of up to 1000-lb. loads and
has more than 50db of attenuation for both flexural and compressional
vibration in the frequency range of 500 to 20 khz.

Schlumberger Well . ,'vice - Engineering
5000 Gulf Freeway
P.O. Box 2175
Houston, Texas 77252-2175
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Cartridge

Receivers

3.5 if S Dipole - Monopole) o, JReceivers

T17
Isolation Joint11.5 1ft

.~1.. * -- Monopole Transmitter

Upper Dipole TransmmlerI ! - Lower Dipole Transmiter

Transmitters

Tool Specifications

Temperature Rating 350-F (175-C)
Pressure Rating 20,000 psi (13.8 kPa)
Tool Diameter 3 5/8 in. (9.2 cm)
Tool Length 51 It. (15.5 m)
Maximum Logging Speed 1800 It/hr for a 8-Waveform set
Digitizer Precision 12 bits
Digitizer Sampling Interval Limits 10 14S - 32.2 mS/sample
Digitized Wave Duration Limits 15,000 samples/all wavelorms
Acoustic Bandwidth 80 Hz - 5 kHz - Dipole and Stoneley

8 kHz -30 kHz - High Frequency Monopole

FIGURE 1
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Characterization of Viscoelastic Damping in an Antenna Structure

James Argento
Research Assistant

Robert Carlin Ephrahim Garcia, PhD
Research Assistant Visiting Assistant Professor

Mechanical Systems Laboratory
State University Of New York at Buffalo

Buffalo, New York

Abstract

The dynamics of a ribbed antenna structure are examined. The symmetry of the

structure generates repeated natural frequencies and hence a "beating" phenomena in the

dynamic response of the structure. Two of the antenna's ribs are replaced with passively

damped ribs which are treated with a constrained viscoelastic material. Since these repeated
natural fiequ-ncies cannot be identified using standard frequency domain techniques, a time

domain metod, the Eigensytem Realization Algorithm (ERA), is employed to measure

damping in the repeated and closely spaced natural frequencies. A comparison is made

between ERA and the Polyreference identified modal parameters. Consideration is given to

a slight structural modification to increase the ineraction between the damped and

undamped antenna ribs, thereby increasing the overall performance of the viscoelastic

damping in each mode.
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ERA Summary (Juang and Pappa, 1985)

• Impulse Response function - Markov Parameters

[ Y(k) Y(k+l) Y(k+2) ... ] - time histories

" Form a Block Data (Hankel) Matrix

- CAkB CAk+IB ... CAk+nB 1
Hmn(k) = CAk+IB CAk+2B

LCAk+mB CAk+m+IB ... CAk+m+nBi

- time domain data

" Singular Values from the SVD of the Hankel matrix are
used to determine a "good" model order and a minimum
order realization.

Hmn(k) = PDQT; D = diag[ol,02, ..., On]

* The Eigensystem Realization Algorithm (ERA) finds a
triple [A, B, C] based on the experimental data in Hmn(k),
i.e.,

Y(k+l) = CAkB
= EpTPD1/2 [ D-1/2pTHmn(1)QD-i/2 ]k D-I/2QTEm

o Eigenanalysis of the realization yields modal parameters

for the system - {i, wi, MCFi and 0(x)}.
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LAMINAR BLADE DAMPER

Michael Koleda
15 Murray Avenue

Port Washington, NY 11050
(516) 767-2174

ABSTRACT

This d,vice cc,insist. multiple layers c, ' aphite-epox iImts ,paratcd from
each other by a film of silicone grease. The sheets are interleaved and fastened to a
structure in such a way as to permit sliding motion between alternate sheets as the
structure bends. Damping results as this sliding motion is resisted by the viscosity
of the silicone grease.
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1. Introduction

A discrete flexible vibration damping unit to co-extend with a vibratile product for
sensing and damping vibrations of said product, the unit including, a framework
portion means and means including, a laminar group of flexible strip members of
the framework having opposed side faces directly confronting one another interiorly
of the group, with there being a flexible first strip member in the group, and the
laminar group an framework portion means having portions of the framework in-
tercoinected in the framework through the flexible first strip member in the group
and the framework portions to be secured to the vibratile prodlhct with the unit
co-extending with the product side facially of the framework toward the product,
for the flexible strip members in the group to be flexed from side to side and longi-
tudinally relatively move with reference to one another having said all other of the
flexble strip members in the group remain connected with the flexible firo' strip
member and longitudinally movably free-ended, when the group is flexed between
the framework portions, and a tacky visco-elastic substance longitudinally reaching
between the opposed side faces all of the flexible strip members in the group about
as far as the opposed side faces of one and next of the flexible strip members in the
group longitudinally co-extend directly opposing one another, and the tacky visco-
elastic substance directly visco-elastically interengaging the opposed side faces with
one another in the group, for the unit to have the flexible strip members In the
group, flex from side to side and be retarded in the relative longitudinal movements
thereof by the tacky viscoelastic substance when the flexible unit is on the vibratile
product co-extending with the product side facially of the framework portions se-
cure(l to hte product and the uit is responding to vibrations of the product by
Hiexing between time framework portions, with all other of the ilcxi ble strip niembers
in the grou p remaining comiected with the flexible first strip memiber in the group
and longitudimiallv movablv free-ended.



Flat-wise, edge-wise and end-to-end damping is achieved with three dimensional
vibration absorbing system, adding little stiffness and small frequency change to the
product.

Fi:,lure 1. Two dampcr units fixed to segment clamps, secured to tubular specimens.



Fi-giire 2. Two dlampe r strips bonded to segnen lt cblmips, fixed to tu~bultar speclillen.



2. First Analytic Summary

The following seven pages indicate a damping factor of eight times.

The damper unit is 1/8 inch thick
2 inches wide
11 inches long
weight 1 and 1/2 ounce

The damper unit is bonded to "E" glass specimen 1/4 inch thick

2 inches wide
16 inches long

The specime, I clamped to a shaker table, the opposite end is weighted for
these tests.

The next five pages are with damper, the two following are without damper.
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3. Second Analytic Summary

The following five pages relate to temperature and twisting of laminar damper in a
flat-wise and edge-wise mode.

Single damper bonded on each side of specimen in these tests.
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Graphite Lamina Silicone Grease

Structure

Figure 1. Cross-section of Laminar Damper

Fexbeam Shearing of silicone grease

Laminar Di L a of BladDamper

Figure 2. Action of Laminar Damper During Lead-Lag of Blade



turnbuckle

tail rotor hub Laminar Blade Damper

tail rotor paddle

Figure 3.
Test Set-up for Determining Effect of Twist

on Laminar Blade Damper Effectiveness
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Figure 4.
Laminar Damper Damping vs Impressed Pitch
Non-Rotating Rap Test of S-76 Tall Rotor Spar



4 160

Top View 2'

Side View

Laminar Blade Damper Fiberglass
Specimen

Figure 5. Second Prototype Laminar Blade Damper
Mounted on Fiberglass Sample
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0
0 edgewise damping, 22-0 Hz

15 01 edgewise damping. 23.0 Hz
* edgewise damping, 15.9 Hz

0

e 0 0
10 0

u0 0 flatwise damping. 9.0 Hz
@0~4 0 atwls damping, 2.8 Hz

5.
E

0

70 80 90 100 110 120

Temperature, degree. Fahrenheit

Figure 6.
Damping Variation with Laminar Blade Damper Temperature



4. Third Analytic Summary

4.1 Bang Test Results on a Tail Rotor Flexbeam

Two graphite tail rotor flexbeams and two tail rotor blades. One of these flexbeams
has two dampers attached. The dampers each consist of four sheets 2-1/2 in wide
and 8-1/2 in long, and werc mounted on opposite sides of the flexbeam. To perform
the test, the flexbeams were firmly clamped to a solid base with one end hanging
down vertically. An accelerometer was then used to record the time history of the
flexbeam motion in response to an impulse. A moving-block analysis was employed
to calculate the damping ratio.

Bang tests were performed both with and without dampers, and with and with-
out tail rotor blades attached for both flapwise and chordwise excitation. The
damping ratio results a,,- summarized in Table 1. The actual moving-block data is
attached as Appendix B.

Damping (% Critical)

Natural
Figure Description Frequency (HZ) Without Damper With Damper

B-I Flapwise Excitation 4.0 1.19

Blade Attached
B-2 4.1 - 3.23

B-3 Chordwise Excitation 35.6 0.77

Blade Attached
B-4 33.6 - 8.43

B-5 Flapwise Excitation 5.7 0.21 -

1-1) %%eight Attached
B-6 6.4 - 11.68

Table 1. Summary of Results

EDG- 19



THE MOVING-BLOCK METHOD

On-line damping ratio data reduction was accomplished using a digital
computer program based on the Fast Fourier Transform (FFT). This method,
called a moving-block analysis, was applied to the time history of the
transient response of the unfiltered accelerometer signal. The frequency
of the mode being analyzed was identified from the frequency spectrum.
Having identified the frequency, a moving-block size (time period) was
selected based on the frequency accuracy required, the length of the time
history, and the frequency of interest. Starting at the beginning of the
transient, the FFT was performed on the block of data, and the amplitude of
the frequency of interest was determined and saved. The block was then
moved forward an increment in time and the process was repeated. This
scheme of moving the block and FFT analysis was continued over a prescribed
time period. After this process, the computer compiled a history of the
transient behavior of the mode's free vibration decay. Then the logarithm
of the amplitude changes was plotted against the time. A damping ratio was
obtained by measuring the slope of this curve.

•~~~~~~~~~~ Tx "u _2 0 m~unnmni III
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EXPERIMENTAL STUDY ON NOISE
REDUCTION DUE TO DAMPING

TREATMENTS

Ken, Okada1

AT&S Tohsho Engineering Co., Ltd.
Tokyo, Japan

Junichi Kanazawa

Kobayasi Institute of Physical Research

ABSTRACT

Recently, a lot of damping material has been used for the control of structure-borne
sound in electrical and automobile manufacturing, etc. in Japan. However, the
accurate prediction of noise reduction by damping treatments is not easy from the
catalogue data only.

In this report, the sound radiated from rectangular plates and cubes made of
damped steel plates with various loss factors is examined. Sound pressure levels
radiated from these testing pieces are measured on the near field and the loss fac-
tors of the complex test plates are measured by the free beam testing method. The
relation between the sound pressure levels and the loss factors of the test plates is
discussed with regard to these different figures of the structures.

THIS ABSTRACT PROVIDED FOR INFORMATION
ONLY. ACTUAL PAPER WAS NOT PRESENTED AT

THE CONFERENCE.

'AT&s Tohiho Engineering co., Ltd., Konan Park Building. 2-12-20 Koan, Minato-kii, Tokvo
1M8 Japan, (81) ',3-371-591
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Evaluation of Damping Concepts for Precision

Mounting Platforms1

D. Hill2, C. Stahle, and J. Staley

General Electric - Astro Space Division

ABSTRACT

Conceptual analysis of a damped precision mounting platform
with improved thermal and dynamic stability is presented. The
use of metal matrix composite materials combined with
viscoelastic damping materials resutli in uniqueiy stable,
lightweight structures. Achievable goals for improved
performance of an existing spacecraft precision mounting
platform are established. Eight concepts are evaluated and
ranked on damping, strength, thermal distortion, instrument
mounting, and cost of fabrication. Three designs are selected
for detailed quantitative analysis. Results for all three designs
indicate performance goals can be met or exceeded. Thermal
distortions and dynamic jitter response are both reduced by a
factor of 5.

INTRODUCTION

Improved thermal and dynamic stability of spacecraft precision structures is an
evolving requirement generated by the need for increased accuracy and size in the
presence of more severe orbital disturbances. Remote sensing spacecraft are
projected to require larger and more stable precision mounting platforms (PMPs) to
support the next generation of sensors, while larger dynamic excitations caused by
high instrument scanning masses and larger spacecraft guidance actuators make the
platforms more susceptible to jitter. The combination of metal matrix composite (MMC)
materials and passive damping using viscoelastic materials (VEM) provide uniquely
stable lightweight structures suitable to the needs of future spacecraft. MMC materials
are utilized to provide high stiffness, high thermal conductivity, low thermal expansion,
and high specific strength. VEMs are engineered to provide high damping at desired
modulus, frequency, and temperature ranges and can be used to obtain high
composite loss factors on precision platforms.

A USAF Wright Research Development Center program, Damping and Metal Matrix for
Precision Structures (DAMMPS), is being performed by GE Astro Space Division to
develop and demonstrate a stable spacecraft PMP utilizing damping and metal matrix
materials. The approach is to design, fabricate and test a Demonstration Structural

1Tnis work has been performed under USAF-WRDC contract F33615-89-C-3202.
2 Dennis Hill, GE Astro Space, 234 Goddard Blvd., King of Prussia, PA, 19406. (215) 354-6551
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Article (DSA) using the design requirements of an existing platform to assure
interdisciplinary design constraints are represented. The selected platform is from an
existing GE-ASD spacecraft shown in Figure 1. The program utilizes the design
requirements of this platform to set goals for the DSA representative of those required
for the next generation of improved sensors.

The alignment critical sensors of the satellite are mounted on the PMP, located at the
forward end of the spacecraft. The current design is a dip brazed aluminum egg crate
structure which is kinernatically mounted to the main body of the spacecraft through
three struts with ball fittings at either end and a shear attachment with a ball fitting at
one end. The kinematic mounting arrangement minimizes distortions due to thermal
growth or distortion of the main body of the spacecraft.

The DSA design requirements and goals have been set to provide major
improvements in performance including an enlarged sensor-mounting area. The DSA
platform is shown in Figure 2 and the performance requirements and goals are
compared in Table 1. The enlarged platform extends both axially and laterally while
configured to stay within limits imposed by launch stowage of the solar array. Package
locations are based on field-of-view studies. The DSA requirements are similar to the
current design except for the minimum resonant frequency which has been lowered,
based on control system considerations. The goals were selected based on previous
experience with damped panel designs(I) and are felt to be achievable. Major
performance improvements will be accomplished if these goals are met.

DESIGN CONCEPTS

The first step in the design process is the identification of concepts which should
satisfy the design requirements, and goals. At this point the design goals can be
regarded in general terms which fall into five categories, namely damping, stiffness
and strength, thermal control and thermal distortion, support and component mounting
interfaces, and ease of fabrication and cost.

Concepts which were intended to rank well in all five categories were considered as
design candidates, and those in which damping is an integral part of the design were
of primary interest since this is expected to provide the best damping at minimum
weight. The eight concepts presented here are shown in Figure 4, and each concept is
given a brief description below.

The VEM is sandwiched between two honeycomb panels in the dual honeycomb
design. Each honeycomb panel consists of an aluminum core and MMC facesheets.
Instruments can be mounted to inserts potted in the honeycomb panels.

The external stiffener concept has been used successfully in the past(l) to provide
stiffness and damping in equipment panels on a defense communications satellite.
The base panel is constructed of aluminum honeycomb core with MMC facesheets.
Strips of VEM and aluminum honeycomb core with MMC facesheets are bonded to the
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base panel to provide damping and added stiffness. The interior stiffener concept is a
s,milar design with the stiffeners mounted inside the base platform. The advantage
over the external stiffener design is the improved instrument mounting area.

The dual eggcrate concept evolved from the present, undamped platform design. The
eggcrate core is dip brazed, then facesheets with lightening holes are dip brazed to
the core. Two panels would be fabricated with eggcrate cores and MMC facesheets.
These would then be bonded to the VEM layer to form the platfrrm.

An isogrid concept is currently being used for mounting instruments on another of GE
ASD's earth sensing satellites. The isogrids would be machined from MMC castings.
Two isogrids would be machined and bonded to the VEM layer in the center of the
platform. Instruments mount into holes at the web intersections.

The adhesive used to bond the MMC facesheets to the aluminum honeycomb core for
the lower panel provides the required damping in this concept. The upper panel would
be mounted to the spacecraft structure. The upper and lower panels share a common
inner facesheet.

The dual honeycomb/intercostal platform is constructed of two honeycomb panels
(aluminum core with MMC facesheets) connected by intercostal beams with an
intermediate VEM layer. The modified intercostal concept is an offspring of the original
intercostal concept. This concept cuts the number of parts by almost half. The VEM is
bonded to the top and bottom flanges of the intercostals, and the honeycomb is in turn
bonded to the VEM.

CONCEPT SELECTION

The five concept ranking categories in descending order of importance are ease of
fabrication and cost, damping, thermal distortion, strength and stiffness, and instrument
mounting. Each category is assigned a weight factor from 1 to 5 based upon relative
importance. The design concepts are assigned a rank from 1 to 5 in each category.
The rank in each category is multiplied by the weight factor and summed to a total. The
three designs with the highest total score are selected for quantitative trade studies.

The concept ranking matrix is shown in Table 2. The highest ranked concept is the
dual honeycomb concept, which received high rankings in all categories. The external
stiffener concept is ranked second. It received high rankings in all categories but
mounting, and the mounting category was assigned the least overall importance. The
third highest ranked concept is the modified dual honeycomb/intercostal concept,
which ranked higher than the original intercostal concept because of lower fabrication
cost. The adhesive damped concept received the lowest ranking because of
development cost, damping and strength considerations.
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PLATFORM SIZING ANALYSIS

The three concepts emerging from the concept evaluation studies are the dual
honeycomb, external stiffener, and modified dual honeycomb/intercostal (henceforth
referred to simply as "intercostal") designs. Initial component sizes were determined
based upon the 15.5 Hz minimum frequency requirement and damping goal of greater
than 10 percent in all modes below 100 Hz subject to minimizing platform weight. The
thicknesses of the MMC facesheets and VEM layers were limited due to manufacturing
constraints. The MMC is available in thicknesses from 0.015 to 0.15 inches. The VEM
can be formulated in thicknesses from 0.05 inch to 1.0 inch. The honeycomb thickness
may range between 0.25 inch and 3.5 inches.

MSC/NASTRAN Finite element models (FEMs) were constructed to evaluate the
stiffness and damping characteristics of the designs. The three concept FEMs are
shown in Figure 3. The FEMs are composed of solid elements (HEXA) representing
the VEM layers and plate elements (QUAD4) modeling the honeycomb layers. The
intercostal FEM has additional plate elements representing the geomey of the
intercostals themselves. An additional model of the original eggcrate structure with the
same platform area, but with no damping material was constructed for comparison with
the other designs.

A normal modes analysis was performed on each FEM to determine frequency and
damping values for all modes less than 100 Hz. Damping was calculated using the
modal strain energy method(2), thus

1,= x 7 (1)

were r1 is the composite loss factor, c, is percentage of strain energy within the VEM,

and rv is the material loss factor for the VEM. A material loss factor of 1.0 was
assumed for sizing since the specific VEM was unspecified at this point and the
modulus of the VEM was one of the variables subject to optimization.

The element sizing analysis is similar for all three designs and only the dual
honeycomb sizing will be discussed here. The design parameters which were varied
are the thicknesses of the outer facesheets, honeycomb core, and VEM, and the shear
modulus of the VEM. The inner facesheet thickness was fixed at 0.015 inch because it
is primarily a bonding layer, and contributes little to platform stiffness because it is
close to the platform neutral axis.

An initial sensitivity study was performed to determine which parameters were effective
in increasing frequency and damping. Each design variable was modified one at a
time and the frequency and damping effects on each mode below 100 Hz were plotted
against the change in platform weight. Results presented here are for the fundamental
mode only. Different and even opposite trends occurred for the higher modes.



Results for the dual honeyccmb concept, shown in Figure 5, indicate increasing
honeycomb core thickness and facesheet thickness raise the fundamental frequency
while also raising platform weight. Decreasing the VEM thickness increases the
fundamental frequency and lowers the platform weight, both of which are desirable
results. Unfortunately, decreasing the VEM thickness also decreases damping in the
fundamental mode. Damping is increased by reducing core thickness or increasing
facesheet thickness. Damping is also affected by the VEM shear modulus. Decreasing
the shear modulus ncreases damping but reduces frequency.

The sensitivities provided insight for the 19 design iterations that were required to
meet the frequency requirement and damping goal. A total of 29 and 31 sizing
iterations were performed for the external stiffener and intercostal designs respectively.
Progress toward the final design can be charted by defining a penalty function as
follows:

pF= W px[1 +0.2xE'(10. -7i)+(15.5-f1)]; 71i<1 0.;flI < 15.5

Wpx[1 + (15.5-fl)]; 1i>10.;f 1 
< 15.5

Wpx [1 +0.2x 1 (10. - i)]; i< 1 0. ;f1 > 15.5

Wp 7i > 10.; f, > 15.5 (2)

where Wp is the platform weight, and f, is the fundamental frequency. This function is
shown for all three designs in Figure 6. While the penalty function is somewhat
arbitrary, it does reflect the relative ease in achieving the design objectives, and it
reduces to only the platform weight when the design goals are satisfied. The plot
illustrates that the dual honeycomb design converged to a lighter configuration in
fewer iterations. The dual honeycomb penalty function shows a large spike at iteration
7. This was one in a series of runs with increased modulus and stresses the
importance of a low modulus VEM. As the VEM modulus was raised, the damping fell
off rapidly.

The modal characteristics and weights of all three designs in the final configuration are
given in Table 3. The dual honeycomb platform is 4.0 inches thick with 0.045 inch
outer facesheets and 0.05U inch thick VEM. The external stiffener has a 1.0 inch thick
base panel. The exterior stiffener has a 0.050 inch outer facesheet, 5.5 inches of high
density honeycomb core, and a 0.125 inch VEM layer. The intercostal design has
0.030 inch outer facesheets, 2.5 inch honeycomb core, 0.125 inch VEM layers, and
1.75 inch intercostals. Only the dual honeycomb met the 10 percent damping goal for
all modes. The external stiffener had one mode and the intercostal had two modes
with damping values slightly less than 10 percent. Additional iterations wouici have
increased damping in the three modes. However, the damping values were deemed
sufficiently close to the goal as not to warrant further iterations during the trade study
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phase of the program. The design selected for detailed design, fabrication, and test

will be thoroughly optimized, and meet all damping goals.

VEM AND MMC MATERIAL SELECTION

The platform sizing analysis provided insight as to the range of VEM shear modulus
which results in optimum damping. Optimum damping in all three concepts was
provided by a VEM shear modulus between 50 Psi and 1200 Psi. Some latitude in the
damping material modulus can be gained by examining the shear stiffness, GA/t,
where G is the storage modulus of the VEM, t is material thickness, and A is the area in
shear. Therefore, for a given damping material, lower stiffness can be achieved by
increasing the material thickness or reducing the area in shear. However, increasing
the VEM thickness increases weight and reduces througn thickness thermal
conductivity. Reducing the area of VEM in shear increases the stress in the material
and also reduces the through thickness thermal conductivity. Then, the most desirable
manner of decreasing the shear stiffness is the selection of a low modulus VEM.

Table 4 shows the shear modulus and other VEM requirements. A high material loss
factor is critical to achieving the damping goal of greater the 10 percent in each mode
less than 100 Hz. Outgassing criteria must be adhered to for every space qualified
material. Many damping materials have high material loss factors, but also have high
outgassing properties. This is undesirable in space because material lost fron the
VEM not only degrades platform performance, but may condense on the sensors or
solar array panels causing serious degradation in satellite performance.

The material tentatively selected is one of the GE-ASD SMRD formulations,
designated B37T2B. The SMRD damping material has a proven track record in space
applications and the material properties can be tailored to meet stiffness requirements.
This material was subjected to detailed testing as part of the DAMMPS program. The
VEM properties were measured with CSA Engineering's DCS tester. The machine
uses the direct complex stiffness (DCS) technique, in which a shearing force is applied
across the specimen and the resulting displacement is measured and used to
compute the complex modulus. The test results are shown in Figure 7. Also shown are
modified Oberst beam results for comparison, The test results are in good agreement
considering the accuracy of the beam test method. The material satisfies the VEM
requirements for all three designs.

The metal matrix selection issues are modulus, strength, hysteresis, thermal
conductivity, coefficient of thermal expansion, cost. Materials with high stiffness-to-
weight and strength-to-weight ratios are desirable for light weight designs. Hysteresis
should be low to minimize alignment error. The material of choice should have high
thermal conductivity and low coefficient of thermal expansion to minimize thermal
distortions. Low cost materials are always sought to reduce overall program costs.

The properties of the three leading candidate materials are compared with those of
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aluminum in Table 5. P120/Al has the highest modulus and thermal conductivity and
the lowest coefficient of thermal expansion. The modulus is three iimos higher than
aluminum with comparable density. The thermal conductivity of P120/Al is higher than
that of aluminum with a coefficient of thermal expansion which is 8 times lower. The
cost of P120/AI is somewhat higher than SiCp/AI and B/Al because it is relatively new.
The P120/Al material has been tentatively selected because of the outstanding
properties and in spite of the increased cost.

JITTER ANALYSIS

This analysis is helpful in relating the modal characteristics of the designs to physical
quantities so they may be compared on a more direct basis. The rotational response of
an instrument mounted on the platform to a disturbance input is the jitter which an
instrument will experience during operation on orbit. Uncontrolled jitter adversely
affects instrument performance. Damping can be used to control jitter by limiting the
magnitude of the instrument response and by decreasing the settling time. The settling
time of the instrument response is the time taken to reach an acceptable level of jitter
at which instrument performance will not be adversely affected.

The dynamic torque imposed by the primary sensor, the SSS, is the major
disturbance. The sensor imposes torque pulses on the paiform when the moving
element reverses direction as shown in Figure 8. The Fourier analysis of the pulse
train depicted in the figure shows rich harmonic content through 100 Hz. Other
r'isturbdnces which must also be considered are the solar array torque, reaction wheel
unbalance, and the torques resulting from the rotating dish of the SSM/I instrument.

The jitter evaluation was performed using the same FEMs developed for the modal
and stress analyses. An MSC NASTRAN modal transient response analysis formed
the basis for the evaluation. The worst case jitter results '(including all disturbances
simultaneously) are shown in Figure 9. The eggcrate nodel without the benefit of
viscoelastic damping has the highest jitter response. The responses of the three
damped designs are relatively small in comparison. The intercostal design has the
smallest response, and this is probably due to the excellent damping in the first three
vibrational modes.

To further investigate the effect of damping on platform stability, the response to a
generic slew maneuver was determined. Figure 10 displays the superior settling time
of the damped designs. It is a comparison of the slew maneuver response of the
undamped eggcrate model to that of the dual honeycomb design. The results are a
classic illustration of the effect of damping on settling time. The damped designs
stabilized 20 times faster than the eggcrate.

THERMAL DISTORTION ANALYSIS

The thermal distortion analysis provides a basis of comparison for the thermal
performance for each of the designs. In order to make a relative assessment of the
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designs, it will be assumed that the same thermal control system is applied to each
design. With the same heater inputs, each design will have a different thermal gradient
normal to the plane of the panel. Therefore, designs with lower thermal resistance will
have lower thermal gradients and lower thermal distortions. The equivalent thermal
gradient across the platform can be calculated from

AT= (Y 1/ki) / (1 1/kj) AT' (3)
where

AT = equivalent thermal gradient
AT' = reference thermal gradient
k, = normal conductivity of the ith platform element
kJ = normal conductivity of the jth reference platform element

Then selecting the 3.96 inch thick dual honeycomb concept as the reference with the
design thermal gradient of 3 C, the equivalent gradient across the 1.05 inch thick
eALernal stiffener platform is 0.76 C. Similarly, a 8 C thermal gradient is applied across
the 6.88 inch thick intercostal.

The relative distortion of each design is shown in Figure 11. As indicated by the
equivalent thermal gradients, the intercostal distortions are significantly higher,
followed by the dual honeycomb and external stiffener thermal distortions.

SUMMARY AND CONCLUDING REMARKS

The concept analysis results at this point in the program are compared with the goals
in Table 5. The weight reduction goal was exceeded in all three designs. The damping
goal was satisfied in the dual honeycomb design, but damping in the other two
designs fell slightly short of the goal. This does not appear to have affected the
dynamic response of the platforms since all three designs far exceed the jitter
reduction goal. The dual honeycomb and external stiffener designs exceeded the
thermal distortion reduction goal, but the thermal distortion reduction of the intercostal
design fell short of the goal. All three designs are viable candidates for the final
design.

Preliminary conceptual design results have been presented for the on-going
DAMMPS program. In the subsequent program phases, a detailed design will be
developed for one of the three selected concepts. The design will be fabricated, and
finally, ground tests will be performed to verify performance predictions. This work has
established the feasibility of combining MMC and VEM materials to dramatically
improve the dynamic stability of satellite sensor platforms.

FAA-8



ACKNOWLEDGMENT

The work reported herein was performed for the Air Force Wright Aeronautical
Laboratory, Contract No. F33615-89-C-3202, "Damping and Metal Matrix for Precision
Structures," under the technical direction of Michael Zeig!er.

REFERENCES

1. Stahle, C.V., Staley, J.A., and Strain, J.C., "RELSAT - Reliability for Equipment in
Environmental Vibration," Final Report, AFWAL, June 1990.

2. Johnson, C.D., and Kienholz, D.A., "Finite Element Prediction of Damping in
Structures with Constrained Viscoelastic Layers," AIAA Journal, Vol. 20, &No. 9,
Sept. 1982, pp. 1284-1290.

FAA-9



Table 1 DSA Requirements and Goals
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Table 4 VEM Requirements

TEMPERATURE RANGE (F) 40-75
FREQUENCY RANGE (HZ) 15-2000
SHEAR MODULUS (PSI) 50-1 200
LOSS FACTOR > 1.0
STRENGTH (PSI) > 50
OUTGASSING - TML (% <1.0
OUTGASSING - CVCM < <0.1
THICKNESS (INCH) .010 -1.0

Table 5 MMC Requirements

Volume Lami'nate Elastic Yield 1 FThermal
'Materiai Fraction Geometry ouu SkIrength CTE Conduct.

Percent iMsi Ksi 10 /F IBTU/H Ft F
SiCp!. Al 40 Isotrop. 21 60 8.1 75
P120 AI(6061) 50 (0/190)NS 31.7 12 1.7 120
BAl 50 (0 / 90)NS 25 12 IS.6 42
Aluminum - - 10 35 113 85

Table 6 Analysis Summary

CATEGORY GOAL DUAL EXTERNAL INTERCOSTAL

_____ HC STIFF _ _ _ _ _ _

WEIGHT REDUCTION (/) 20 30 21 22

>10 %DAMPING <100HZ ALL 12/12 7/8 11/13

THERM DIST REDUCTION 5 5.5 13 3.6

JITTER REDUCTION 2 5.1 4.8 5.3
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SYNERGISTIC DESIGN OF PASSIVE DAMPING
AND METAl, MATRIX COMPOSITES
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1111 Lockheed Way
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Advanced materials, such as Metal Matrix Composites, offer significant
improvements in the areas of stiffness, weight, and thermal stability over most
conventional materials. To further enhance the benefits afforded by these materials,
integration of a passive damping concept should occupy a prominent place in the
structural design process as early as feasible. To prove this synergistic approach, a
simplified version of a flight-ready spacecraft attitude sensor platform has been
chosen. Ultimately, two such platforms will be built, tested, and contrasted in
several ways to demonstrate the performance improvements which are possible
through this integrated approach. One structure will be fabricated using
conventional materials and fabrication techniques, while the other will combine
Metal Matrix Composite panels with a constrained-layer viscoelastic damping
treatment. This paper describes the requirements, history, and design of the
passively damped structure, and introduces plans for future testing and validation of
analytical models.

INTRODUCTION

Present military aerospace systems, as well as those planned for future development, require
increasingly stringent dimensional precision which is unattainable with reasonable extrapolations of
current technology. In particular, the capabilities of systems involving radar, optical, communications,
and infrared surveillance are becoming limited by structural and attitude control considerations.
Deformations induced by thermal excursions and gradients make attainment of required dimensional
precision extremely challenging. In addition, dynamic motions due to operational or residual
vibrations often limit the ability to establish and/or maintain required pointing accuracies. These
challenges are especially critical when the attitude control system itself is involved, because even small
errors in sensor alignment can lead to significant misalignments of the satellite.
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This paper describes the Damping and Metal Matrix for Precision Structures (DAMM PS) program, an
Air Force Wright Laboratory program being performed by Lockheed Missiles and Space Co. (LMSC).
The objective of this program is to demonstrate the synergistic benefits of metal matrix composites
(MMC) and viscoelastic materials (VEMs). MMC technologies provide high specific stiffness, high
thermal conductivity, and a low coefficient of thermal expansion, and VEM technologies provide
passive vibration damping (PVD). The approach of DAMMPS is to design, fabricate, and test two
Demonstration Structural Articles (DSAs) that functionally duplicate a satellite Attitude Reference
Module (ARM) I 11. One of these structures will be constructed of aluminum, providing baseline data
from which improvements will be measured, and the other will incorporate PVD and MMC in the
u.3 ,. Both ,,-.cture: will contain rnast simnulptors reprezenting inetial refe'erce ,, ritc l),

horizon sensors, and an accelerometer unit.

The process of selecting an appropriate DSA began with five potential candidate structures and was
based on an evaluation of several weighted criteria. Because this is an advanced development program
for the Air Force with the goal of technology transition into hardware programs, the two highest
weighted criteria were probability of insertion and cost. Other criteria, in descending order of
weighting, were definition of environment, PVD treatment, and testing complexity. Based on these
criteria, the ARM, which is currently in the hardware phase of an ongoing Air Force program, was
chosen as the DAMMPS DSA because it possessed the greatest design maturity and detailed
knowledge of the two environments of interest. The most unattractive aspect was the relative
complexity of the structural configuration, but with subsequent simplifications, preserving all salient
features, a modified version of the ARM emerged as the final choice.

The DSA design further evolved during the preliminary design phase from a simplified representation
of the ARM to a detailed dynamic model with better traceability to satellite system configuration and
requirements. The original design placed the two horizon sensors on the "top" of the DSA along with
the accelerometer unit. Further, the size and mounting details of the simulated sensors were not
precisely replicated. Following a meeting between ARM and DAMMPS personnel, it was decided to
move the horizon sensors to the "bottom" of the DSA, and to scale and more closely represent actual
mounting characteristics of the mass simulators. In this way, the DSA will more accurately reflect the
dynamic response of the ARM. Figure 1 depicts the original ARM and the current PS,.

.4 PANEL.

ARM
LOAION

-:. SENSORS
::: :MOUNTED

ON .Z
PANEL)

Z PANEL

"CC F I F"0-
MF TFA

IRU NO IN .RU NO 2

Figre 1. I'raceability of the DSA to ARNI

This paper provides an overview of the I)AMMPS progran at IMS('. including goals, technical
progress. and plans. Particular emphasis will be placed on the passive daumpilg aspects.
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ARM AND I)SA OPERA'T()NAI. ENVIR()NMENTS

One of the principal reasons for selecting the ARM for detailed study under the DAMMPS contract was
the maturity of knowledge regarding the thermal and dynamic environments. In most instances, the
level of detail available greatly exceeded that which could be efficiently utilized in the planned test
program. therefore conservative simplfications were employed. Figure 2 is a comparison between the
ARM thermal environment specification and the simplified temperature distributions which are
designed to simulate a nominal operational loading.

Location Hot -F Cold -F
Horizon Sensors 1 82 47
IRUs 107 72 "

Accelerometer 98 61 Bulk Thermal
ARM -Roll Axis End 103 68 Loading
ARM +Roll Axis End 101 69 40

ARM -Pitch Axis End 96 66
ARM +Pitch Axis End 98 62 25 "------ " Thermal Gradient
ARM/IRU-1 Support Plate 107 67 Loading
ARM/IRU-2 Support Plate 107 68 1Al

ARM Thermal Environment Specification DSA Thermal Environment Simplification

Figure 2. Thermal Environments of the ARM and DSA

J level 4X 103, /I ' /o 
-

, ~/ "'.----J \l,
-

0

2 ,

uJ/,
04

WHEEL SPEED (RPM)

ARM 1)ynamic Environment DSA Dynamic Environment
Specification Simplification

Figure 3. Dynamic Environments of the ARM and DSA

The dynamic environment of the ARM is dominated by inputs from the reaction wheel assembly
1,WA which is mounted to the spacecraft bus a short distance away. The spectrum of this excitation
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source is known to be dominated bv the first harmonic, and may excite the bus (hence, the ARM) in
any direction. The test-derived envelope of RWA spectra, representing maximum vibration levels
observed in any direction at specific wheel speeds, is shown in Figure 3. The RWAs are presently
used at speeds under 3000 rpm, but growth plans involve operation to 3500 rpm (58.3 Hz.. assuming
first harmonic dominance). Based on these considerations, the peak dynamic excitation from the
wheels (below the growth speed) is 0.004 g - assumedly steady-state, due to the naturc of the
excitation source. A more conservative dynamic environment (showi, for comparison purposes in
Figure 3) has been assumed for the DSA. This simplified spectrum is based on the peak acceleration
level of the current RWAs, but extends to 200 Hz.

ARM AND I)SA PERFORMANCE REQUIREMENTS

Another of the principal reasons for selecting the ARM for DAMMPS contract studies was the maturity
of system-level requirements flow-downs with regard to thermally and dynamically induced error
budgets. These requirements fall into two general categories: those designed to protect the sensors
themselves, and those designed to yield consistent information from all sensors (alignment tolerances).
Requirements from both categories are shown in Figure 4.

8

'I
-

O
0 2-

0
CC I / "'I..

0 50 100 150 200
Frequency (Hz)

COMPONENTS IRUs HSs

Axis Pitch Roll Yaw Pitch Roll Yaw

Pitch 120

Accelerometer Roll 120

Yaw 120

Pitch 34

IRUs Roll 34

Yaw

Pitch 34

HSs Roll 34

Yaw

Units: Arc-seconc

Figure 4. ARM and DSA Rotational Rate and Alignment Requirements
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I)SA RESPONSE ANA!ASES

During the preliminary design phase of the cotract. several finite-element models of DSA were
constructed and subjected to appropriate thermal and dynamic environments. All models share the
same general geometry as shown in Figure 5, which is a repre:;entative finite-element model used for
dynamic response studies.

Figure 5. Representative Finite-Element Model of the DSA

For the purpose of comparison, several different material properties were substituted into geometrically
similar models (see Figure 6). Standard aluminum characteristics were used to establish a baseline and
coarse-tune panel thicknesses. Current plans involve the use of an aluminum sheet, folded to produce
the general shape of the DSA above the baseplate. All joints will then be fastened using either sheet-
metal screws or welded connections.

Two different MMC materials and shapes are required to produce the other DSA. In this case, SiC/Al
structural angles (0.25 VF) and several flat P100/Al quasi-isotropic plates will be joined together to
form a precision sensor base. For connections between the "upper" DSA and the baseplate, angles
will be placed in exterior corners for ease of construction. Due to mounting constraints, angles to
fasten the top plate to the side panels will be located on interior surfaces.

Young's Coefficient of
Modulus Density Thermal Expansion

Material Ipsil Ilb/in 31 [in/in/°F]
SiC/Al (0.25 VF) 17.0 0.102 7.0 X 106
P100/Al (Quasi-isotropic) 20.0 0.090 1.9 X 10-6

Aluminum 10.0 0.098 13.0 X 10-6

Figure 6. Selected Mechaiical Properties of DSA Materials

The aluminum DSA was used to establish a baseline thermal performance level which was compared
with that of the MMC DSA. Misalignment results for the Aluminum DSA are shown in Figure 7.
Figure 8 presents the same results for the MMC DSA. While these results should be compared to each
other to determine the level of improvement attainable by changing the material of the structure. these
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esults should also be compared to Figure 4 - the alignment requirements. This latter comparison
ndicates that neither structural configuration produces the required results, but the MMC DSA deviates
rom allowable levels in only two areas (both involving IRU-2), whereas, the aluminum DSA exceeds
Lcceptable values in several cases involving the horizon sensors and IRUs. Slight modifications to the
:onfiguration, presently under investigation, are available to the designer and analyst to improve these
esults even further.

IRU-1 IRU-2 HS-1 HS-2

COMPONENTS Pitch Roll Yaw Pitch Roll Yaw Pitch Roll Yaw Pitch Roll Yaw

Pitch 18/2 616
Roll 109136 123/6

Accelerometer Yaw 0/0 0/0

Pitch 18/2 6/6

IRU-1 Roll 123/58 137/15
Yaw "___-_

Pitch 18/2 6/6
IRU-2 Roll 34/4 21/38

Yaw
Pitch 18/2 18/2

hS-1 Rog 123/58 34/4
Yaw

Pitch 6/6 6/6

HS-2 RoN 137/15 21/38
Yaw

Notes: 1. Units: arc-seconds.
2. Bulk Response/Gradient Response.

Figure 7. Alignment Deviations due to Thermal Loading of the Aluminum DSA

IRU-1 IRU-2 HS-1 HS-2
COMPONENTS Pitch Roll Yaw Pitch Roll Yaw Pitch Roll Yaw Pitch Roll Yaw

Pitch 28/7 0/3
Roil 21/10 23/30

Accelerometer Yaw 0/0 0/0

Pitch 28/7 0/3

IRU-I Roll 11/10 10/0
Yaw

Pitch 29/8 1/3

IRU-2 Rol 38/6 40/16
Yaw

Pitch 28/7 29/8
HS-1 Rol 11/10 38/6

Yaw

Pi',h 0/3 1/3
HS-2 R 10/0 40/16Yaw

Notes: 1. Units: .-irc-seconds
2. Bulk Response/Gradient Response.

Figure 8. Alignment Deviations due to Thermal Loading of the MMC DSA
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The DSA was designed such that salient dynamic characteristics are traceable to the ARM. To achieve
this, mass simulators and panels were sized and placed to yield the first four modal frequencies near
those of the ARM, though information concerning the associated mode shapes is minimal. While the
finite-element models contain more element detail than needed for most basic eigenvalue analyses,
there is appropriate detail for performing trade studies and predicting damping performance. Fixed
boundary conditions were imposed at the edges of the baseplates to simulate mounting on a relatively
stiff spacecraft bus or test fixture. The first four modes predicted for the aluminum DSA are shown in
Figure 9. Their frequencies are 66.8 Hz, 77.6 Hz. 78.4 Hz. and 109.8 Hz. - acceptably close to those
of the ARM.

Mode1 Mode 2

Mode A Mode 2

Mode 3 Mode 4

Figure 9. Four Lowest Frequency Mode Shapes of the Aluminum DSA

A baseline undamped MMC finite-element model was constructed and used as a starting point for the
analogous damped structure. In this model, MMC panels were sized such that natural frequencies of
the first four modes were as close possible to those of the aluminum baseline, further maintaining
traceability.

Standard damping treatment design methods require identifying offending modes of the structure and
performing trade studies involving various damping solutions. The target modes were those which
contributed the largest percentage to base rotation rates at the IRUs and sensor misalignments - the two
classes of performance requirements. At this point, the damping level normally associated with a
jointed aluminum structure (e.g.. 0.5% of critical) was used as a baseline for all modes to determine
the level of additional damping required from a passive damping treatment. Since, by replicating
known frequencies of the "as-mounted" ARM. the DSA model was designed to simulate the dynamic
load path from the RWA to the ARM. excitation was applied as a base shake of the DSA from the
constrained rim of the base plate. Using the assumed 0.5% damping ratio, transfer functions were
calculated which rclated base shake inputs in the x. y. and z directions to each of the pertinent response
quantities (i.e., relative alignments and IRU base rotational rates). By definition, these transfer
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functions represent the dynamic responses to steady-state, init-amplitude, sinusoidal base shake
inputs, Data thus obtained were scaled to 0.004 g to determine the responses at the actual input levels.

As expected, several different analytical modes produce dominant responses. depending on the
excitation frequency and direction. To determine modal damping requirements, each of the peak
responses in each of the transfer functions were tabulated. A total of nineteen response quantities and
three input directions yielded 57 plots which were examined in this manner. Final results indicated that
the lowest four modes dominated all critical response quantities. Therefore, by linearly scaling the
baseline damping level, the required damping levels for these four modes (in order) were determined to
be 4.0%, 3.5%, 4.0%, and 1.2%. Implicitly, the assumption was made that only damping is used to
bring the responses to a level consistent with the requirements.

PASSIVE IAMPING TRADE STUDIES

The most common classes of passive damping treatments are constrained-layer, free-layer, and
discrete. Free-layer treatments consist of a layer of viscoelastic or other dampiig material applied
directly to the base structure. In general, these treatments are heavy as well as inefficient for bending
modes; thus the concept is not being considered for DAMMPS. Discrete damper concepts such as
taned-mass dampers and damped links, usually used to damp a few specific modes, are not applicable
to this structure because the basic design is not readily amenable to such treatments. Constrained-layer
treatments, however, are both effective and weight-efficient for damping multiple bending-dominated
modes, if the bu', of the strain energy in these modes distributed over the treated area of the structure.

There are five primary characteristics of a constrained-layer damping treatment that can be varied
during a trade study: location, constraining-layer (CL) thickness, CL modulus (assumed equal to that
of the base material in this case), VEM thickness, and VEM modulus. The trade study undertaken for
the DSA addresses each of these with an overriding goal of achieving the levels of damping outlined in
the previous section while minimizing the weight of the damped platform.

Having identified the target modes damping from the dynamics requirements, the first step in the PVD
design is to determine which areas of the DSA participate most in these modes. It is conclusive from
both the distribution of modal strain energy (MSE, reference 2, Figure 10) and the mode shapes that
damping the baseplate is necessary to achieve the goals.

Mode I Mode 2 Mode 3 Mode 4 Mode 5

Frequency (Hz.] 66.77 77.60 78.45 109.8 124.9

Base Plate 81.8 61.3 82.2 13.1 51.9

Vertical Housing Plates 6.7 10.2 5.7 20.1 8.0

Sloping Housing Face 1.5 17.0 3.8 45.9 7.5

Other 10.0 11.5 8.3 20.9 32.6

Total 100.0 100.0 100.0 100.0 100.0

Figure 10. Modal Strain Energy Distribution for Target Modes
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Three concepts were chosen for study to take advantage of the bending characteristics of the baseplate:

1. Make the baseplate a sandwich section, consisting of a layer of VEM between two MMW
facesheets:

2. Bond the housing portion of the DSA to the baseplate with a high-loss VEM instead of a structural
adhesive, and

3. Attach a pair of extruded MMC angle sections to the underside of the baseplate with a VEM.

A variation of 'he second candidate treatment was also studied, in which the longer two attachment
brackets between the housing and baseplate were extended to the outer edge of the baseplate.

As partially enumerated before, each concept has strengths and weaknesses. In order to evaluate the
relative merits of the treatments, goals were set with -egard to added weight modal frequencies, and
damping. The goals for weight and damping were simple: minimize the weight of the treatment and
maximize the damping provided. For frequency, the goal was to fall within 15% of the baseline
aluminum DSA frequency. Figure 11 summarizes the best effort arising from each concept, along
with the relative score and overall ranks. The scores were normalized on a 100-point scale - higher
scores being the best. For conciseness, the frequency and percent MSE of only the first mode are
listed in this table, though each of the first four modes was considered in the final score. The VEM
thickness was maintained at 0.006 in., with a shear modulus of 140 psi for each of these rims. This
corresponds to the 3M Y-966 tested under DAMMPS evaluated at room temperature and 70 Hz. 13 1.
The loss factor of the Y-966 at room temperature is greater than 1.0 for frequencies in the approximate
range of 5 to 1000 Hz., so the MSE values in Figure II correspond to roughly equal levels of
structural loss. (In terms of structural loss, the goals for the first four modes are twice the goals for
viscous damping, e.g.. 8.0%, 7.0%, 8.0%, and 2.4%, respectively.)

CONSTRAINING MODE 1 MODE 1 FINAL FINAL
ELEMENT FREQ. [HZ.] MSE SCORE RANK

Baseline Aluminum 14.2 N/A 66.8 N/A N/A N/A

Sandwich Baseplate (1) 12.5 0.06" Face-sheets 49.8 8.6% 30.5 4

Structural Adhesive (2) 13.2 Housing 63.5 10.4 "o 56 1 3

Variation on Housing with Extended 109.0 9.6% 625 2
Structural Adhesive (3) Angle Brackets I

Constrained Angles 8.8 1 X 1 X 0.08 Extruded 482 201- 1000 1
on Bottom (4) Angles 48.2_20 _______ !

" \.i'Lht does not include the 62. 1 Ihs tor the nmass simulators
(I) VI'M sandwiched ,etween tvwo 0.060"-thick MM(C tacesheets
12) VfM replacing structural adhesive letveen housing and baseplate

(3) V1,.M replacing stnicturial adhesive between housing and ba,,eplate as well as lorg-directon attachnient brackets

cxsenn1 the Iength ot the baseplate.
14 V .t ,andwiched between baseplate and extnuied anglc section on the underside o4 the hotsin

ligure 11. Relative Ranking of Candidate Damping Treatments
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Each of the concepts could be altered so that it net ,onic ot the goals, but addi;-g the "constrained
stiffener" treatment to the underside of the haseplate proved to be the best compromise. It provides
very high levels of damping ( IM,)i viscous in the first two modes and 5 ' in the third and tourth) and
results in a weight reduction of approximately 4( over the aluminum baseline structure.

Figure 12. Selected PVD Concept

SUMMAIRY ANI FUTU i IIANS

At this point in the study. a baseline structural configuration has been selected and modeled. Thermal
analysis shows tha: some minor modifications and/or analytical refinements must be made to meet the
requirements in the case of the undamped DSA. tlurther anavsis will be undertaken to determine
whether the damped DSA exhibits greater or lesser tendency to achieve the alignment goals for the
system. If thermal conduction properties of the VEM are shown to hinder thi, performance, several
novel concepts tor optimizing this property will receive further investigation.

Purposely omitted from this paper are the ongoing activities involving design and testing of MMC
coupons. This topic could not be treated adequately in conjunction with the damping studies in a
discussion of reasonable lengtn. Since the stiffness characteristics and the associated MSE distribution
of the DSA are contingent on the accurate mechanical properties of MNIC, the current thrust of efforts
in this area is directed toward proving the acuacv and repeatability of these properties. Results from
these studies will be utilized in future analvses of both the thermal and dynamic performance of the
DS A.

As kno.vledge of MMC properties is obtained and the details of the PVD treatment converge on a
viable design. component testing \will begin, to prove the analytical assumptions and predictions and to
fine-tune the finite-element models,. Following tis basic groundwork, the I)SAs N ill be fabricated
and tested at the system le\el.
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INTEGRALLY DAMPED HONEYCOMB STRUCTURAL CONCEPTS TO INCREASE
NOISE TRANSMISSION LOSS

Jefferson F. Newton*
Roy Ikegami

David J. Carbery

Boeing Aerospace & Electronics
Structures Technology

Seattle, WA

ABSTRACT

This paper describes the design, analysis, fabrication, and testing of design concepts to add passive
damping to honeycomb panels to enhance the noise transmission loss in honeycomb structures. The
loss factors for several damping material and panel configurations were analyzed. Statistical Energy
Analyses (SEA) were then performed to predict the expected benefits of the calculated panel loss
factors in terms of increased acoustic transmission loss through the panels. Based on the analyses,
a honeycomb panel structural design concept was developed and three 6-ft by 6-ft panels were
fabricated for acoustic testing. The first was a baseline bare honeycomb panel with no passive
damping treatment, the second incorporated a NITRILE rubber material, and the third incorporated
a 3M ISD 113 viscoelastic material. Acoustic testing was performed in a split reverberant/anechoic
chamber at the Boeing Noise Engineering Laboratory. The results of the acoustic testing verified the
predicted acoustic transmission loss and performance of the damped panels. The acoustic test results
for the NITRILE damped panel showed less transmission loss than predicted indicating an apparent
problem with the honeycomb core cutting into the NITRILE rubber during the fabrication of the
panel. This was verified by radiographic inspection and subsequent sectioning and visual inspection
of the panel.

-Correspondence and comments may be addressed to:
J.F. Newton, M/S 82-97
Boeing Aerospace & Electronics
P.O. Box 3999
Seattle, WA 98124-2499
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INTROI)UCTION

The trend toward the development of stiff lightweight structures in the designs of spacecraft, launch
vehicles, and aircraft has made the task of protecting avionics equipment, payloads, and passengers
from the acoustic environment increasingly important and demanding. For example, the design of
launch vehicle shrouds, which shield the payload not only from the acoustic load, but from
aerodynamic forces, thermal input, rain, sleet, and lightning, must satisfy stringent and often
conflicting requirements.

It was the purpose of this research to develop and investigate design concepts that would solve or
ameliorate problems of noise transmission through stiff lightweight structure, while satisfying other
constraints, such as structural integrity, light weight, and low cost. One such concept, utilizing
integral passive viscous damping in a honeycomb panel, is described in the following sections, along
with the analvses and tests used to evaluate it.

CONCEPT DEVELOPMENT

The objectives that we set out to meet were two-fold: first, to develop stiff, lightweight structural
designs to provide noise attenuation in the 50 to 200 Hz range; and second, to determine the feasibility
of incorporating passive damping treatments into the design of honeycomb structures to increase
noise transmission loss.

In order to understand these objectives we must examine some trends, First, there is the trend toward
larger engines, or clusters of engines for both launch vehicles and aircraft. This, of course, increases
the total acoustic output, thus increasing the exterior acoustic environment. In addition, as total
power increases, the sound frequency at which the spectral maximum occurs tends to decrease. The
effect of the above two trends is to significantly increase the exterior noise in the 50-20() Hz region
of the spectrum. The other trend of significance is the decreasing effectiveness of standard, or
traditional noise suppression techniques at low frequency. Absorbers, such as fiberglass blankets and
sound barriers such as lead-loaded vinyl, both become largely ineffective below 100 Hz. The net
effect of these I
trends is to create
a"noise window" Structural Resonances
in the 50-200 Hz / . Transmission loss

/ plus absorption

as shown in
figure 1, and ex- Ct/irnos." ' = ~Exterior noise =,.
plains the par-
ticular interest in Z'
the low fre- Noise
quenc,\ end of the Window
spectrim. L... ___...

11) 2) 50 1 ) 2(0 5)() IK 2K 5K I ()K
lrcqucnce 1 Iz

Figure 1. Launch Vehicle Noise Window
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The objective of a stiff honeycomb panel is dictated by our decision to investigate integral passive
viscoelastic damping. It was felt that passive damping could be integrated into a honeycomb
structure with a small weight and stiffness penalty. Aluminum honeycomb was chosen for the
investigation since it combines high stiffness with low weight.

Figure 2 shows the panel design corre- Face sh/t VEM Septum Ply
sponding to this concept. An aluminum F s
honeycomb core is separated from the 7
facesheet on either side by a layer of
viscoelastic material (VEM). As the 171
panel bends, due to an impressed noise
field, for example, the viscoelastic layer
on each side is put into shear. Damping/

occurs because of the strain energy con- -

verted into leat through the VEM loss
factor.

Core Face sheet
VEM Septum Ply

Figure 2. Damped Honeycomb Panel Design

An optional, thin epoxy fiberglass septum ply is shown in figure 2 bonded to the core and acting to
transfer the shear from the core to the VEM. It can also serve to prevent the sharp edges of the core
from punching through a soft viscoelastic layer.

ANALYSIS

Two analysis programs were written to act as design tools as well as to provide performance
predictions for subsequent testing. The first program calculates panel loss factor as a function of
frequency; the second, using loss factors obtained from the first analysis, calculates transmission loss
through the panel.

DAMPING PREDICTIONS

Th is is programmed on SMART spreadsheet. using modal strain energy methods, for rapid nara meter
change and recalculation. Input parameters include: facesheet thickness, Young's modulus, and
density: core thickness, shear modulus and density; VEM thickness, density, shear modulus as a
function of frequency, and loss factor as a function of frequency. Loss factors can be input for the
facesheets and core, as well. The program calculates strain energy for the facesheets, core and VEM,
as a function frequency and deduces the composite panel loss factor. Outputs include- composite
panel loss factor. stiffness, and bending wave ,'elocity versus frequency.

TRANSMISSION LOSS PREDICTIONS

Thi ik "a ,,implc SEA model, again programmed on SMART spreadsheet, to allow rapid change of
panel in put parameters and observation of their effects. The SEA model represents the test as
,,tihJiLce nil pcrtofrned in the Boeing NoiTse Engineerinu Laboratory (NFL) Anechoic/Peverberant
[:,ilit v (,.\RFl. ligure 3 shk ,/s the AR ,and schematically diagrams the SEA calculation. Figures
4 nld 5 arc ph1otographs of the interiors of the anechoic room and the reverberant room, respectively.
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TEST

TEST PANELS

As a result of parametric studies done using the damping analysis and the transmission loss analysis,
three test panels were designed and fabricated. All three panels were 6-ft by 6-ft in outer dimension,
all had 0.050-inch aluminum facesheets, and all had identical 1.00-inch-thick aluminum honeycomb
core. See figure 2. The baseline panel consisted only of the above, with the facesheets structurally
bonded directly to the core, The second panel had a 1/32-inch-layer of Nitrile rubber bonded between
the core and the facesheet on each side. The third panel had a 0.030-inch-thick layer of Scotchdamp
ISD- 113 acrylic under each facesheet. Because of the softness of the VEM, a thin septum was bonded
to either side of the core, thus sandwiching the VEM between the septum and the facesheet. The
septum was an 0.008-inch-thick, cured epoxy fiberglass sheet, and served to distribute the shear load
from the core to the VEM, as well as preventing punch-through.

TEST PROCEDURE

Tran.,mission loss tests were performed on all three panels using the intensity method. (Reference
1) The tests were performed at the Boeing NEL Anechoic/Reverberant Facility. The reverberant
room measures 17.7-ft by 22.0-ft by 13.5-ft high and has hard, reflective walls. A speaker set acts
as the noise source. Mfltiple reflections off the reverberation room interior surfaces ensures a diffuse
sound field. A rotating boom microphone measures the spatially averaged sound pressure level
(SPL). The test panel is mounted in a window separating the reverberation room from the anechoic
room. Great care is taken to prevent noise leaks around the panel (flanking paths), using clay,
fiberglass, and lead-loaded vinyl sheet to seal around the edge of the panel.

Noise penetrating the panel into the anechoic room (8.5-ft by 11 .0-ft by 8.0-ft high, measured at the
wedge tps) is measured directly, as it exits the panel, using an intensity probe. This is a relatively
new procedure, made possible by the advent of the Fast Fourier Transform (FET). it measures the
sound vector intensity rather than the SPL. This method is procedurally simpler than the traditional
Reverb/Reverb suite method, and is conceptually more suaightforward. It has the additional
advantage ofallowing spatially resolved measurements over the surface of the test panel. Figure 6
shows the intensity probe being used to survey the panel. Reported transmission losses are spatial
aF e g e s. i."- r t i o

Figure 6 Intensity Probe Survey of the Test Pa ne/ Inside the, Anechoic Room7



Four acce!erometers were mounted on the panel to assist in interpreting results. A Norwegian

Electronics NE-830 analyzer was used to obtain the intensity measurements.

TEST RESULTS

The efficiency of the damp- Frequency, Hz
ing treatment is best illus- 40 100 250 630 1600 4000 10K
trated by comparing the 50 T,,_7
transmission loss of the Z ,!Scotchdamp -

treated panel with that of the 4cocham
baseline. Figure 7 shows the
performance of Panel 3, the - Z N

Scotchdamp ISD- 113 treated A3I

panel, versus the baseline Winow<
panel. Panel 2, the Nitrile
panel, is not included, be- " /
cause examination after the
test showed that the core had -10 /

punched through the rubber
during panel fabrication. This 0 _I
resultedin atransmission loss 16 20 24 28 32 36 40
curve essentially similar to 1/3-Octave Band
the baseline.

Figure 7. Noise Transmission Loss Test Results

The Scotchdamp (ISD- 113) treated panel performed well, exhibiting an average improvement in
transmission loss over the baseline panel of almost 6 dB (i.e. half the transmission of the baseline
panel). A maximum difference of about 9 dB was obtained at 80 Hz, in substantial agreement with
the pre-test predictions shown in Table 1.

Panel transmission loss (TL) test
Average difference between baseline panel TL and "Scotchdamp"
panel TL over frequency range 100-10,000 Hz

Average Transmission Loss Difference
C"Scotchdamp" minus baseline)
Analysis [ Test *
6.7 dB ] 5.6 dB

" Beam Test Beam Loss Factor
Mode Anal\ sis Test

"Scotchdamp" beam 1 37.7 46.2
(cut from test panel) 2 40.7 54.9

• Note:
The test results do not show the full difference predicted by
analysis because the analysis neglects losses due to edge damping

Table 1. Comparison of Test Results with Analytical Predictions



At the conclusion of the transmission loss tests, the panels were cut into beam samples, approxi-
mately 6-inches wide by 60-inches long. These were tested at the Boeing Vibration Laboratory and
the loss factor measured for the first two modes. The results of this test as well as those of the
transmission loss test are shown in Table I along with the corresponding analytical predictions. It
can be seen that agreement is good.

SUMMARY

The objectives of, first, developing a stiff, lightweight structural design providing noise attenuation
in the 50 to 200 Hz range and second, determining the feasibility of incorporating passive damping
treatments into the design of honeycomb structures to increase noise transmission loss were
achieved.

The damping and transmission loss analysis programs were verified by test, giving us confidence in
their future usefulness in design and prediction.

The effectiveness of the use of a septum ply to transfer the shear load from the honeycomb core to
the VEM was demonstrated, as was the septum ply's efficiency in preventing punch through.

The capability of Boeing Noise Engineering Laboratory to provide fast, accurate measurements of
transmission loss using the intensity method was verified.

REFERENCES

1. "Measurement of Transmission Loss of Panels by the Direct Determination of Transmitted
Acoustic IntensiTy", Crocker et al, Noise Control Engineering, July/August, 1981.
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Reduction of Acoustic Responses
using

Viscoelastic Damping Materials

David F. Chu* C. Stahle
Jong Peir J. Staley

M. McMeekin

GE/Astro Space Division

ABSTRACT

This paper presents the results of a development test conducted at
GE/ASD for reduction of acoustic responses of honeycomb panels using
viscoelastic damping material. The damping strip consists of viscoelastic
damping material, honeycomb core, and graphite constraint layer.
Acoustic tests were conducted on the undamped and damped panels. The
comparison of the acoustic responses with and without damping strip are
presented. Analytical prediction of the reduction factors and their
comparison with the test results are also described.

*GE/ASD, P.O. Box 800, MS: 410-2-A36, Princeton, NJ. 08540
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INTRODUCTION

Vibro.-,-oustic damping material has been used successfully over the past
17 years at GE/ASD to reduce the vibroacoustic responses of spacecraft
structures (References 1-5). The applicatons include printed circuit
boards of electronic boxes and equipment panels. This paper discusses the
analysis and test results of a damped honeycomb panel. Comparision of
the analysis prediction and test results is also discussed.
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TEST DESCRIPTION AND RESULTS

The acoustic test was conducted on the test panel with and without the
damping strips. The panel is an aluminum honeycomb panel. Two
components are attached to the panel to simulate a typical mass loaded
panel for spacecraft applications. Thirteen accelerometers were installed
on the panel to measure the responses. Figure 1 shows the test panel and
accelerometer locations. The shaded line indicates the location of
damping strips. The cross-section of the strip is shown in Figure 2. The
panel is supported by a rigid frame mounted around the boundary of the
panel. During the test, the panel was laid on the floor, supported by thick
forms. Six microphones were located near the test panel to measure the
sound pressure level.

The test panel was exposed to the protoflight acoustic level environment
in thA 10,000 ciubic foot acoustic chamber. Two tests were conducted; one
before and the other after the application of the damping material to the
panel. Table 1 summarizes acoustic test levels. The first column
identifies the 1/3 octave band and center frequencies and the second
column gives the test specification.

The panel vibroacoustic responses which are of most significance for
components mounted on the panel are those at component mounting
locations. These are the responses that dictate component random
vibration- test requirements. Test measurements at component mounting
locations for the damper and undamper panels are compared in Figure 3 for
accelerometer 6Z. These responses have been scaled to a common
acoustic test environment which corresponds to the test environment
measured in the undamped panel acoustic test. Figure 3 shows that
significant reductions of peak levels in the undamped panel random
vibration due to damping.

1.3B- 3



ANALYSIS CORRELATION

Modal damping of the test panel due to viscoelastic damping is determined
using modal strain energies and viscoelastic material damping properties.
In this approach, the viscoelastic material is represented in a finite
element model by the real part of the material shear modulus where the
complex shear modulus is given by:

G = (1 + irv )G (1)

where

G = real part of complex sheet modulus

" = viscoelastic material composite loss factor

A NASTRAN model of the panel is used to compute the fraction o1 the
modal strain energy in the viscoelastic material for each mode. The
fraction of the modal strain energy for each mode is then multiplied by
the viscoelastic material loss factor at the modal frequency and at the
appropriate temperature.

The finite element model used for the damping prediction is shown in
Figure 4. The model included the basic panel and the damper strips which
consisted of viscoelastic damping material layer, aluminum honeycomb
core, and graphite/epoxy constraining layer for each of the damper strips.
The predicted damped panel modal frequencies and composite loss factor
for all the panel modes up to 500 Hz are presented in Table 2 and in Figure
5. As shown in Table 2, some modes have modal loss factors which are
relatively high while others are somewhat low.

To estimate the reduction of random vibration responses for the damped
versus the undamped panel for the same acoustic environment, a reduction

factor can be calculated based on the loss factor of undamped and damped
panels. The reduction factor is defined as:

REDUCTION FACTOR . (QUO/QD) 2  (2)

where

FBB-4



QUD - undamped panel amplification factor

QO D 1/(.7 x LOSS FACTOR + (1/QUD))

and
LOSS FACTOR - the predicted modal composite loss

factor due to viscoelastic damping only

Only 70 percent of the predicted modal loss factor due to
viscoelastic damping was assumed to be effective based
on previous experience with viscoelastic damped panels
(Ref. 5).

Results for reduction factor based on prediction and test data are plotted
in Figure 6. Six accelerometer responses at the component mounting
locations were used in Figure 6. Test values are based on reductions in
levels for significant peaks in the undamped panel random vibration
responses. Figure 6 indicates that significant reductions in random
vibration levels have been achieved and that predictions are generally
conservative over most of the frequency range of interest.
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SUMMARY

Comparison of predicted and test results for random vibration reductions
due to viscoelastic damping for the test panel shows that:

1) Reduction of random vibration peaks seen in panel responses at
component mounting points was generally greater than predicted.
Reasonable agreement was obtained between analytical predictions and
experimental results.

2) Significant reductions in test responses indicate that the

damping design methodology is effective for honeycomb panels.
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Table 1. Acoustic Test Level for Damping Material Test

FREG SPEC.
(Hz) (dB)

40 128.5
50 131.0
63 134.0
80 136.5
100 138.0
125 138.0
160 138.0
200 136.5
250 135.0
315 133.0
400 131.0
500 129.0
630 127.5
800 125.5
1000 124.0
1250 122.5
1600 121.0
2000 119.5
2500 117.5
3150 115.0
4000 113.0
5000 111.0
6300 109.0
8000 107.0
10000 105.0

Overall 146.2



Table 2. Damped Panel Predicted Modal Frequencies
and Composite Loss Factors

MXE UNDAMPED FREQ CLF
FREQ. (HZ) (HZ) (%)

1 57.9 92.6 25.03
2 121.1 160.7 15.12
3 155.3 184.2 7.74
4 259.2 273.8 6.51
5 269.0 297.8 16.87
6 371.9 399.1 7.28
7 441.4 463.8 5.56
8 468.6 481.4 5.35
9 481.8 493.4 7.82

AVE LOSS FACTOR - 10.8%
MAX LOSS FACTOR - 25.0%
MIN LOSS FACTOR - 5.4%
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DESIGN METHOD OF DAMPING
TREATMENT FOR STRUCTURE-BORNE

NOISE REDUCTION
Iwao Honda'

Mitsubishi Heavy Ind., Ltd.
Nagasaki, Japan

Tadao Nakamura

Mitsubishi Heavy Ind., Ltd.
Nagasaki, Japan

Yoshihiko Irie

Mitsubishi Heavy Ind., Ltd.
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Kazuo Yaxnamoto
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ABSTRACT

In many kinds of mechanical structures, the quietness becomes one of the important
values, and the dampilg treatment using viscoelastic material is applied to reduce
structure-borne noise. 1 at, vibrational characteristics of viscoelastic material de-
pend on temperature and frequency, so the systematic design of damped structures
and the prediction of damping effects was difficult. This paper presents a prediction
method of vibration by damping treatment applied to viscoelastic materials. The
major points of this paper are as follows:

1. The iterative design procedure to determine the vibratory characteristics of
a damped beam by viscoelastic material, whose properties are dependent on
temperature and frequency, is shown.

2. The prediction methods of reduction in vibration, based on both modal analy-
sis and the SEA method, are shown. Additionally, the estimated results using
these methods are well in agreement with the measured results.

THIS ABSTRACT PROVIDED FOR INFORMATION
ONLY. ACTUAL PAPER WAS NOT PRESENTED AT

THE CONFERENCE.

'Mitsubishi Heavy Ind., Ltd. Nagasaki R & D Center, 1-1, Akunoura-madhi, Nagasaki, 850-91,
Japar, (81) 95'8-71-5136 FtC-1



EARTHQUAKE SIMULATOR TESTING OF TWO DAMPING SYSTEMS
FOR MULTISTORY STRUCTURES

Ian D. Aiken, Research Engineer

and

James M. Kelly, Professor of Civil Engineering

ABSTRACT

The use of two different types of damping devices to improve the earthquake resistance
of buildings is investigated in a program of earthquake simulator testing of a 1/4-scale, nine-
story, steel frame model. The devices studied are a constrained-layer viscoelastic shear
damper designed using an energy approach, and a friction damper with almost perfectly rec-
tangular hysteresis behavior, for which an iterative nonlinear analysis design method was
adopted.

The model was tested with both types of energy absorbers installed and also in moment-
resisting and concentrically-braced configurations. Numerous diagnostic and earthquake tests
were performed. The large number of tests performed permitted numerous different comparis-
ons of the four structural systems. Responses are compared in terms of accelerations, displace-
ments, interstory drifts, and story shears. Floor response spectra are also evaluated for the
moment-resisting frame and the two damped systems.

The damped structures were found to behave similarly to the concentrically-braced frame
in terms of displacements, while having accelerations similar to those of the moment-resisting
frame. Story and base shears of the damped structures were of the order of those of the
moment-resisting frame, and less than those of the concentrically-braced frame. The response
of the two damped systems was very similar for nearly all of the earthquake motions used.

* Earthquake Engineering Research Center, Universtv of California, Berkeley, CA 9-720. (415) 231- 9480
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INTRODUCTION

Conventional seismic design practice permits the reduction of forces for design below the
elastic level on the premise that inelastic action in a suitably designed structure will provide
that structure with significant energy dissipation potential and enable it to survive a severe
earthquake without collapse. This inelastic action is typically intended to occur in especially
detailed critical regions of the structure, usually in the beams near or adjacent to the beam-
column joints. Inelastic behavior in these regions, while able to dissipate substantial energy,
also often results in significant damage to the structural member, and although the regions
may be well detailed, their hysteretic behavior will degrade with repeated inelastic cycling.
The interstory drifts required to achieve significant hysteretic energy dissipation in critical
regions are large and would usually result in substantial damage to non-structural elements
such as in-fill walls, partitions, doorways, and ceilings. As a response to the shortcomings
inherent in the philosophy of conventional seismic design a number of innovative approaches
have been developed (Fig. 1).

One of these approaches involves adding energy absorbers to a structure. The use of
energy absorbers to improve the dynamic behavior of structural systems is well established.
There are many applications to tall buildings to reduce wind-induced vibrations. The possibil-
ity of using energy-dissipating devices to improve the earthquake resistance of buildings and
other structures is a more recent development. The aim of including energy absorbers in a
structure for earthquake resistance is to concentrate hysteretic behavior in especially designed
and detailed regions of the structure and to avoid inelastic behavior in primary structural ele-
ments (except perhaps under the most severe conditions). Numerous different types of
energy-absorbing devices have been proposed for this purpose. Devices based on the plastic
deformation of mild steel were developed and extensively tested a number of years ago [1].
Friction devices of several types have been the subject of a number of test programs, and one
type was recently installed in a library building in Montreal [2]. By the end of 1990, the
Sumitomo-type friction dampers studied here had been incorporated in 31- and 22-story build-
ings, both in Japan. Viscoelastic dampers have been used in several tall buildings as wind
vibration absorbers [3]. The dampers use a highly-dissipative polymeric watcrial which has
well-defined material properties and behavioral characteristics [4]. The most notable applica-
tions arc the twin 110-story towers of the World Trade Center in New York City, in which
the dampers have been installed for twenty years.

DESCRIPTION OF DAMPERS

The two types of devices studied wcrc a sliding friction damper and a viscoelastic (VE)
shear damper. Both types of device have already been used in a number of .tructural or
mechanical engineering applications, however, this experimental study represented the first use
of the dampers for earthquake loading conditions.

The friction damper was designed and developed by Sumitomo Metal Industries, Ltd.,
Japan. It is a cylindrical device, with friction pads that slide directly on the inner surface of
the steel casing of the device (Fig. 2). The device was originally used for shock absorption
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applications in railway rolling stock. Each of the friction devices manufactured for the test
program was subjected to proof tests prior to the earthquake tests. These tests were intended
to confirm the correct setting of the slip load and to identify any dependence of the force-
displacement behavior on the variables of loading frequency, amplitude, temperature, or the
number of loading cycles. All of the dampers performed as intended, and the effect of these
factors was found to be negligible. The very good behavior of the devices has been observed
in many previous tests performed by Sumitomo.

The VE damper comprises two layers of material, and was introduced in single-diagonal
bracing in the test structure (Fig. 3). The VE material was manufactured by 3M Co., USA.
The detailed nature of the VE material and its physical properties have been described else-
where [4,5] and are summarized in the next section.

VISCOELASTIC MATERIAL

The VE dampers used in the earthquake simulator test program were based on a class of
viscoelastic materials with certain specific characteristics. The acrylic copolymer materials are
known to be very stable with good aging properties, are chemically inert and are resistant to
environmental pollutants. When used as the energy absorbing components in dampers, they
are normally used in the form of shear layers and the exposed surface area is very small rela-
tive to the volume of material. Thus any chemical processes that depend on diffusion, for
example, moisture absorption or penetration, will be very slow.

The viscoelastic properties of these materials when used in shear are characterized by: (i)
the loss modulus G", (ii) the storage modulus G', and (iii) their ratio, the loss factor
tan6 - G"IG'. The loss modulus controls the specific energy dissipation capacity of the
material. This is the most important characteristic of the material for damping applications.
High values of G" mean high energy dissipation per unit volume of the material. The storage
modulus G' is also important in that it will influence the change in stiffness (frequency) of the
structural system to which the damper is added. The ratio tanb is a measure of the suitabiFt
of the material as a damping medium. The materials used in this research program have peak
values of tan6 in the range of 1 to 1.4.

These three material properties are sensitive to temperature, frequency and strain. The
materials can be produced with the desired properties over a wide range of temperature and
frequency. Four types of material are currently available, and of these, the material desig-
nated ISD 110 by 3M was used in the test -rogram. The manner in which the loss modulus
G" depends on temperature, frequency, and strain is the same for all of the ISD copolymers.
Thus the behavior characteristics of one material can be used to predict that of the others, pro-
vided that data points at a certain temperature, frequency and strain are available.

Tests of the materials were carried out using a standard MTS closed-loop hydraulic test
machine. The primary purpose of the tests was to determine the strain sensitivity of the
material properties. Material properties provided by the manufacturer in the form of data
tables are based on standard tests at low levels of shear strain (< 10%) which are appropriate
for vibration damping applications. For seismic applications, however, strains in the range of
10-100% or greater are needed, and tests were performed to provide performance data in
this strain range.

FCA-3



The material tests were performed on the dampers used in the earthquake simulator test
program (Fig. 3). The dampers were subjected to sinusoidal displacement signals at a range
of frequencies. The test results showed that (for a given frequency) while there is a very large
difference between moduli at small strains (< 10%) and those at large strains (20-150%) the
sensitivity of the moduli to strain within this range is not great. This has advantages for
seismic design since over the range of seismic response the damping system can be con-
sidered as linear. In contrast, a conventional structural system with equivalent damping greater
than 10% must be considered to be nonlinear, and nonlinear dynamic analysis is not con-
venient for routine seismic design.

DESIGN OF DAMPING SYSTEMS FOR THE MODEL

(a) FRICTION DAMPERS

The size (slip force) of the friction dampers and their layout in the test structure was
determined using a nonlinear time-history analysis approach. An initial slip load distribution
was chosen, based closely on the results of a previous shake table study of the test structure
containing another type of friction damper [6], and a series of analyses were performed for a
number of different earthquakes at various input levels. The final slip load distribution was
chosen as that which provided the best (lowest) structural response for all of the inputs.

(b) VISCOELASTIC DAMPERS

The method used for the design of the VE dampers for the test structure was a simplified
first-mode procedure aimed at providing the structure with a specified level of damping (10%)
at a nominal maximum displacement. This was done using an energy approach. A complete
description of the procedure used is given in [5].

DESCRIPTION OF TEST FACILITY AND MODEL STRUCTURE

The experimental program was carried out using the earthquake simulator of the Earth-
quake Engineering Research Center of the University of California at Berkeley. The earth-
quake simulator (or shake table) measures 20 ft x 20 ft in plan and can support test specimens
weighing up to 130 kips. Simulated seismic motions can be applied vertically and in one hor-
izontal direction, with maximum accelerations of 1.Og and 1.5g, respectively.

The basic test structure was a 9-story, moment-resisting steel frame representing a sec-
tion of a typical steel building at 1/4-scale. The structure was tested as a moment-resisting
frame (MRF), a concentrically-braced frame (CBF), and in friction-damped (FD) and
viscoclastically-damped (VD) configurations (Fig. 4). The VE dampers were added to the
MRF in single-diagonal bracing. and the friction dampers wcre added as part of a modified
che ron bracing system.

Constant stress scaling, such that model and prototype accelerations arc equal. was used
for the shake table tests. This required that approximately 90 kips of mass bc added to the
model in the form of concrete blocks and lead billets. fhe total test weight of the model was
100 kips. Responsc quantities measured during the shake table tests included floor displace-
ments and accelerations, bracing forces and damper displacements, base shear and base over-
turning moment. and shake table accclerations and displacements.
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DESCRIPTION OF EXPERIMENTS

The four configurations of the model structure (Fig. 4) were subjected to a number of
different dynamic tests. These were free vibration (pull-back), pulse, random noise, and earth-
quake tests. Fundamental frequencies for the MRF and CBF of 1.95 Hz and 2.95 Hz, respec-
tively, were identified. The dynamic characteristics of the VD and FD models were a func-
tion of the level and type of excitation, and were largely a result of whether or not the
dampers were activated during the motion. From the results of the pulse tests, the fundamen-
tal frequencies of the VD (dampers activated) and the FD (dampers not activated) models
were 2.30 Hz and 2.60 Hz, respectively. A more detailed presentation of the diagnostic test
results is given in [5]. The remaining discussion of results is devoted to those from some of
the earthquake tests.

Fourteen different earthquake motions were used in the shake table tests of the MRF,
CBF, FD, and VD structures. The most extensive sequences of tests were performed for these
motions:

(i) El Centro, Imperial Valley, May 18, 1940
(ii) Miyagi-Ken-Oki, Tohoku University, Sendai, June 12, 1978

(iii) Taft, Kern County, July 21, 1952

(iv) Llolleo, Chile, March 3, 1985
(v) La Union, Michoacan, September 19, 1985

(vi) Zacatula, Michoacan, September 19, 1985.

This paper discusses some of the results for the El Centro and Miyagi tests.

EARTHQUAKE TEST RESULTS

Typical hysteresis loops for the two types of dampers are shown in Fig. 5. The friction
dampers exhibited outstanding behavior. The hysteretic behavior is extremely regular and
repeatable. The devices showed almost no variation in slip load during earthquake motions,
and from previous tests of individual dampers, their force-displacement response was known
to be basically independent of loading frequency, amplitude, number of loading cycles, and
temperature. In contrast to the VE dampers, the friction dampers are not activated during
small excitations. Under such circumstances, the FD model behaved more as though it were a
CBF.

The VE dampers exhibit elliptical hysteresis loops, typical of materials with velocity-
dependent properties. The loops are regular in shape and show stable behavior. Throughout
the VD model tests the maximum VE damper shear strain was 208 %. Viscoclastic dampers
have no threshold or activation force level, and thus they dissipate energy for all levels of
earthquake excitatioih. This contrasts with the behavior of the friction dampers, which for
forces less than the slip force, do not slip and do not dissipate energy. The stiffness charac-
teristics of the VE dampers are dependent on a number of factors, notably strain amplitude.
freouency, and temperature. The variation of VE damper stiffness with shear strain for all of
the Miyagi tests is shown in Fig. 6. Between strains of about 0 and 50 %, there is a large
decrease in stiffness, but for strains in the range of about 50 to 200 %, the stiffness can bc
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regarded as approximately constant.

Because of the variation in VE damper stiffness with strain amplitude, the fundamental
frequency of the VD model also varied with excitation level, from 2.43 Hz down to 2.00 Hz,
compared with 1.95 Hz for the MRF. Low-level earthquake tests of the FD model revealed a
fundamental frequency of 2.67 Hz (compared with 2.95 Hz for the CBF), while for large exci-
tations a variation of 2.47 to 2.35 Hz was observed.

Temperature increases in the VE material during earthquake shaking were small and did
not significantly affect the behavior of the VE dampers.

Shake table response comparisons of the various systems were made wherever possible.
For a sequence of El Centro and Miyagi tests, the VD model generally behaved in the same
way as the CBF with regard to displacements, and in the same way as the MRF with regard
to accelerations. The same general trends were also seen for the FD model compared with
the CBF and MRF models. FD, MRF, and CBF acceleration and displacement response
profiles for the El Centro-400 tests are compared in Fig. 7. The FD floor accelerations are
considerably lower than those of the CBF, and about the same as those of the MRF, while the
peak floor displacements of all three structural systems are approximately the same. VD,
MRF, and CBF acceleration and displacement response profiles for the El Centro-400 tests are
compared in Fig. 8. For this input the VD model has peak accelerations and displacements
less than those of the MRF and CBF. The FD and VD models responded very similarly for a
large number of signals and a wide range of input levels. The FD and VD response profiles
for the Miyagi-350 tests shown in Fig. 9 are typical of this close comparison.

Peak base shears of the FD, VD, and MRF models for a series of El Centro and Miyagi
tests are compared in Fig. 10, where the FD and VD values are seen to be less than those of
the MRF. This result, coupled with the reduced drift levels achieved by the dampers
represents a significant overall improvement in response. A large number of equi,,alent tests
were performed on the MRF, FD, and VD models. From response comparisons for the El
Centro, Taft, and Miyagi sequences of inputs, drifts in both the FD and VD models were
reduced by 10 to 60 % over those of the MRF, while story accelerations were reduced by 25
to 60 %. In all cases, the FD and VD responses were reduced.

Floor response spectra were also used to compare the MRF, FD, and VD models. Two
perccnt-damped spectra for the 3rd floor of each of the models are presented in Fig. 11 for the
El Centro-400 and Miyagi-400 tests. The damped structures both offer significant reductions
in spectral acceleration, particularly over the range of 5 to 10 Hz. Above 10 Hz, the VD spec-
trum is about half that of the MRF, while the FD spectrum is less than or about the same as
that of the MRF. These results, and those for many other earthquake inputs, indicate that these
two types of energy absorbers do not pose problems for internal equipment in structures, and
in most cases actually provide improvements over the equivalent MRF.

A comprehensive presentation of the results of the shake table tests is given in [5].

CONCLUSIONS

This, experimental study has demonstrated the response improvements possible in
earthquake-resistant structures through the use of energy absorbers. Separate comparisons of
the FD and VD systems with the "undamped'" MRF and CBF structures showed that both
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damped systems behaved similarly to the CBF in terms of story drifts and similarly to the
MRF in terms of story accelerations and story shears. The FD and VD systems were remark-
ably similar with regard to acceleration and displacement responses for a wide selection of
earthquake inputs. Peak base shears of the FD and VD models were similar for a range of
input levels of the El Centro, Miyagi and Taft signals. They were approximately the same as,
or less than, the MRF maximum base shears. These results were achieved while simultane-
ously reducing the drifts to as little as one half of those of the MRF. The VE dampers sup-
plemented the structure damping at all levels of excitation, in contrast to the friction dampers
which do not operate below a threshold level of excitation. This means that VE dampers are
particularly effective for low to moderate levels of seismic loading.

Floor response spectra showed spectral accelerations of both damped systems to be less
than those of the MRF. Neither type of energy absorber caused undesirable high frequency
response amplifications in the frequency ranges important for internal equipment or nonstruc-
tural components.
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ABSTRACT:

Viscoelastic dampers as supplementary damping devices have been applied to building structures
under wind loads. More recently, analytical and experimental results have shown that, when properly
designed, they can also be effective against earthquake and other environmental forces. One of the
challenging areas in research and implementation of viscoelastic dampers is to evaluate the damping
effect of the dampers on structures. In this paper, the modal strain energy method in conjunction
with the finite element method is used to evaluate the damping ratio of a 1/2.5 scaled steel frame
building with viscoelastic dampers installed. Computed damping ratios are found to be in very good
agreement with the experimental results.
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INTRODUC i iON

In recent veais, both researchers and practicing professionals have recognized that energy( dissipation
de ices can .... ,fficint,, ... ans o ng . hs- nducd by strontg motion
earthquakes (ATE?- 17 1986 and ATC-15-3 1990). By dissipating the vibratory energv in the
structure, the energy dissipation devices can reduce the risk for the building of experiencing
excessive detornmations or accelerations. As a result, less ductility or inelastic energy demand is
required.

Since the first implementation of 10,(0() viscoelastic dampers in each of the two World Trade Center
bui Idi-s in New Y,rk City in early the 19 70's, two more buildings, the (o1Lumbia Center and the
Two Union Square hiildinig, both in Seattle, have incorporated passive viscoelastic dampers. All
these applications are to increase the structural damping and eventually to reduce the building
response due to ambieat wind loadings. Recently, the viscoelastic dampers have also been tested
in scaled models on shai-ing tables for seismic applications (Soong and MahmooJi 1990 and Aiken,
Kelly and Mahmoodi 1990). It has been shown that passive viscoelastic dampers can very .f,:tivelv
attenuate the earthquake-induced structural responsL. It is also noted mat the viscoelastic damp,.'L
behave quite linea rlv. This should greatly simplify the damping analysis and design for buildings

Literatures on the characterization of viscoelastic materials for passive building dampers are
identified by Mahmoodi (tI(r instance, Mahmoodi 1969 and Keel and Mahmoodi 1986). Recently,
the analysis of the damping effect on buildings were attempted by Lin. et al (1991) and Zhang, el
al (1989). wcer, no cffr s has been made to correlete the analytical results to the experimental
results.

In this paper, analytically calculated modal damping ratias and moda frequencies are compared to
experimental results.

EQUATIONS OF MOTION OF A VISCOELASTICALLY DAMPED SYSTEM

Viscoelastic dampers installed in a building may behave linearly within a range of strain of the
viscoelastic material (Aiken, Kelly and Mahmoodi 1990). Tte dampers will contribute to the viscous
damping as well as the stiffiess of th, building. In this case, the discretized system linear equatio-s
of motion for the building subjected ii an earthquake excitationX,(t) may be written as

[m]{X} +[c] {X} +[k]{X} =-[i]{ 1 }Xg(t) (1)

where {X} is the column vector of the displacements of the nodes relative to the base; a dot repiesents
differentiation with respect to time; {1} is a column vector of ones; and [mi], [c] and [k] are the
mass, damping and stiffness matrices, respectively, in physical coordinates.

Although the response of the building can be obtained by direct time integration of Eq. 1, it is
generally more efficient to analyze the system by modal analysis techniques. The system response
is then approximated by a linear combination of the lowest modes of vibration.

In conducting modal analyses, one of the main tasks is to estimate modal parameters, i.e., modal
frequency, mode sh,:pe and modal damping ratio for the modes of interest. It has become a common
practice to calculaitthe modal frequency and mode shape of buildings, for instance, using ,Inite
element methods. The modal damping ratio of a building is usually based on empirical estimates
since efficient analytical predictions are hindered by the complex damping mechanisms involved



in buildings. However, by taking advantage of the fact that a viscoelastically damped building
responds approximately linearly to dynamic excitations, a method based on the modal strain energy
method can be used to predict the modal damping ratio.

MODAL STRAIN ENERGY METHOD

The modal strain energy method has widely been used to calculate the damping ratio of viscoelastic
damped systems (Ungar and Kerwin 1962 and Johnson and Kienholz 1982). In this method, the
real normal mode modal analysis is used.

In real normal mode modal analyses, the modal equations of motion for Eq. 1 can be written as

,+ 2 Z, + Z, -m 1 (2)

IX(t)} = {q }Z(/) n = 1,2, 3,.. (3)

whereZ, is the nth modal response, is the nth modal damping ratio, to, is the nth modal frequency,
{ ,, T is the nth mode shape vector and is the transpose of {p,}, and m,, is tht nth modal mass. These

quantities as well as the system response, {X(t)}, can readily be evaluated if the matrices [m], [c]
and [k] and the excitation in Eq. 1 are known.

In this paper, no attempts is committed to the evaluation of the damping matrix [c] of the system.
Rather, from the modal strain energy method (Johnson and Kienholz 1982), the modal damping
ratio of the nth mode Z can be calculated as

tqE, "- (5)SmE
S

where il, is the loss factor of the viscoelastic material at the modal frequency, E, is the nth modal
strain energy of the system with dampers and E, is the energy stored in the viscoelastic dampers.
These energies are calculated from

E,= {,,}[kj{9 ,,} and E, = .{q,,}r[ks]{,,, (6)

,where [kj is the stiffness matrix attributed to the added dampers and [ks] is the stiffness matrix of
the structure when the dampers are installed.
Eq. 5 can be rewritten as

2'"E, = ,E, (7)

Eq. 7 states that the energy loss in the structure equals the energy dissipated in the dampers. In other
vords. only the viscoelastic dampers contribute to the damping of the structure. Other mechanisms

of damping are neglected.
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DAMPING RATIOS OF A VISCOELASTICALLY DAMPED 5-STORY MODEL

Viscoelastic dampers are installed in a 1/2.5 scaled single bay 5-story steel moment resisting frame
model as shown in Figs. la and lb. Six cases are used to verify the modal strain energy method for
computing the modal damping ratio of the first mode. Experimental verifications were conducted
on a shaking table. Detailed te,:; procedures and results will be presented elsewhere.

Finite element methods are used to obtain the system mass and stiffness matrices. A spring element
is used to represent the damper stiffness. Fig. 2 shows that the predicted first modal frequencies in
all cases are in very good agreement with the measurements. It is also shown that by employing
the dampers, the rn-:dal frequency of the structure is slightly increased.

Predicted damping ratios of the first mode for all cases using Eqs. 5 and 6 are shown in Fig. 3 along
with experimental results. The prediction error is within t5%. It is also shown that the damper
placement greatly affects the modal damping ratio of the structure. In order to maximize the damping
ratio, an optimum placement strategy may be warranted. However, as a rule of thumb, dampers
should be placed at the locations that will experience large deformations.

CONCLUSIONS

"The structural modal damping ratio is estimated using the modal strain energy method in conjunction
with the finite element method. The estimated damping ratios of a 1/2.5 scaled model are verified
by experiments. The viscoelastic dampers provide a very efficient way to increase the damping and
survivability for buildings under earthquake excitations.
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ABSTRACT

In this study experimental results are presented, obtained during an investigation
on the influence of the axial load change in the eternal bean-column joints' damp-

ing capacity. Six full sized exterior beam-column joint specimens were tested. The
increasing or decreasing of the load point displacement was simultaneous with the

increasing or decreasing of the axial column's compression (or tension) load. It was

concluded that the column's axial load change is important and causes a signifi-
cant ,Juction in strength, stiffness, ductility and energy dissipation capacity. This
effect cannot be neglected in either the analysis or design, as it may be the cause
of premature instability. A new mechanism (with inclined bars) for improving the

structural damping properties of earthquake resistance reinforced concrete exteric, r
beam-column joints was examined and the results were very encouraging regarding
the reduction of the unfavourable effects of the axial column load's change in the

above (mentioned) structural elements.

FULL PAPER NOT AVAILABLE FOR
PUBLICATION

1-Researcher, Department of Civil Engineering, Aristotle University ofThessaloniki, Greece, 031-
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EDDY CURRENT-BASED VIBRATION DAMPING
FOR AEROSPACE STRUCTURES
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ABSTRACT
A need exists for enhancing the passive damping present in proposed

aerospace structures. A research program is underway to assess the feasibility
of exploiting the retarding force experienced by conductors moving in the
presence of a magnetic field, to provide passive damping of space-deployed
structures. The characteristics of this approach are strikingly suitable for space
applications: non-outgassing, relatively insensitive to temperature,
noncontacting (no stiction or wear), linear, radiation tolerant, highly reliable. An
eddy current-based damper could be used as the damping element in a tuned
inertial reaction device (passive vibration absorber, proof mass actuator, etc.) or,
alternatively, as part of a static broad-band damper. For a static damper, a
flexure-based mechanism would amplify the vibratory motion of the truss
member, ensuring sufficient motion of the conductor to develop adequate power
dissipation. Preliminary calculations have shown that substantial modal damping
ratios can be achieved at minimal weight. SatCon is undertaking an analytical,
experimental and design-oriented program to assess the weight, performance,
cost and reliability of this novel approach to vibration damping of space
structures.

James H. Goldie
SatCon Technology Corporation

12 Emily Street
Cambridge, MA 02139

Phone: (617)661-0540 ext 204
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What is basic idea?

MAGNETICP -N
CIRCUIT PERMANENT

~V(t)

CONDUCTOR

oField can be produced by a permanent magnet

oConductor experiences a viscous drag force

oCurrents induced in moving conductor dissipate vibrational energy
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It is well known that a conductor moving within a magnetic field will experience a
drag force. As the conductor moves, eddy currents are induced which interact
with the field present so as to resist the motion. The net result is that vibrational
energy is converted to heat (produced by the dissipative losses of the caused by
the eddy currents in the conductor).

The approach shown in the figure is the simplest rendition of an eddy
current-based damper. A totally passive damper can be made by letting a thin
conducting strip move within the field of a permanent magnet. Alternative
schemes employing superconducting fipld magnets or electromagnets can be
envisioned. A superconducting magn- would offer extremely high flux densities
and the elimination of return iron. Application of electromagnets would permit
the field to be actively controlled, which would allow control of the damper
characteristics.
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What are the benefits of eddy current-based damping?

[Applications -. Space Cryogenics 1Precise Commercial
ILPositioning Vibration

[BENEFITS: Isolation

-LINEARA _______ _ A

-INSENSITIVE To TEMP.AA ____ __

NON-OUTGASSING A ________

NON-CONTACTINGAA

No WEAR/FATIGUEA ________

-HIGH RELIABILITYA ______________

TEMPORAL STABILITY A ___ ___

EASY ADD-ON A _ _ _
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SatCon is particularly excited about eddy current-based damping because
of its extraordinary collection of attributes.

Its linearity under most operating conditions is attractive because of the
resulting analytical simplicity and the avoidance of exciting higher modes of
vibration.

Perhaps its most significant attribute is its relative insensitivity to
temperature. The performance of other damping schemes involving hydraulics
or viscoelastic materials is extremely sensitive to temperature. There is some
sensitivity of an eddy current-based damper, due to the change in conductivity
of metals with temperature. The change in conductivity, however, is ,ielatively
benign and can be tailored by the proper choice of the conducting metal and its
purity. This insensitivity and tolerance to a wide temperature range is
particularly beneficial for vibration damping in space or orbital applications,
which experience wide temperature swings, and for cryogenic applications.

The eddy current-based damper is comprised of metals. Consequently, it
will not outgas in a space vacuum.

Amongst the attributes of the eddy current damper are its noncontacting
nature, and its low wear and high reliability. These attributes spring form the fact
that there is no contact between the moving and stationary pnrtions of the
device. They are particularly beneficial to cryogenic, precise positioning and
space applications. The noncontacting character is significant for cryogenic
application, since it prevents the introduction of additional conduction paths.
Applications which require precise positioning of components (such as optics)
benefit since the phenomena of stiction and position hysteresis are eliminated.
Finally, vibration damping applications in space benefit from the high reliability
and long life offered by the eddy current-based damper.

There is no reason for the characteristics of the damper to change with
time. This offers benefits for long duration space applications and precise
positioning applications.

Finally, it should be added that an eddy current damper could be
conveniently added to an existing structure which requires supplemental
damping.
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Eddy Current-Based Dampers have been used for Cryogenic
Applications

o Good conductivity at cryogenic temperatures beneficial

o Alternatives such as squeeze film dampers, viscoelastic material

dampers or coulomb friction dampers not practical

o Stanford Gravity Wave Experiment

o Vibration control in cryogenic turbomachinery
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Eddy current-based dampers have been used in a few specialized
vibration damping applications. The most important are cryogenic applications
such as the Stanford Gravity Wave Experiment, where cryogenic temperatures
are required to reduce Brownian motion to an acceptable level. In its lt-.t
rendition the damping scheme is inside the cryogenics and, hence, is required to
work at cryogenic temperatures. Consequently, an eddy current-based damping
scheme is employed in which vapor-cooled superconductors carry the induced
eddy currents out of the dewar to be dissipated in a location where the resulting
heat is tolerable. The eddy current damper is particularly appropriate for this
application since it does not produce heat in the cryogenics, it provides damping
at cryogenic temperatures and it does not introduce substantial heat conduction
paths. Some research has been performed by Robert E. Cunningham at the
NASA Lewis Research Center regarding the use of eddy curreat damping for
vibration control in cryogenic turbomachinery 1. At cryogenic temperatures
common techniques employing squeeze film dampers, viscoelastic material
dampers or coulomb dampers are not feasible, whereas eddy current-based
dampers exhibit improved performance. Other applications have included

2damping of wind tunnel models and Foucault pendulum damping

L. C;.. -. gham, "Passive Eddy-Current Damping as a Means of Vibration Control in
Cryogenic Turbomachinery," NASA Lewis Research Center, NASA Technical Paper 2562, 1986.

2 G. Mastner, et al, "Foucault Pendulum with Eddy-Current Damping of the Elliptical Motion,"

Review of Scientific Instruments, Vol. 55, No. 10, October 1984.
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How is .. ; eddy current-based damper analyzed?

MAGNET

CONDUCTOR

. x -V

Field Problem for Eddy
Current-Based Damper

O Complete 2-D model

1 By+ ay _By + V MY
Nx 2  y 2  at ax

Includes skin effect, end effects and nonlinearity.

o For many operating conditions and design parameters, a simple
model may be used

Jz = aVBy

F= -oVBy2 • (Vol)cond (Lorentz force)

b = cvBY2 - (Vol)cond
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The field equations can be combined to yield a two-dimensional partial
differential equation for the flux density for a conductor moving in a magnetic field.
This is a challenging analytical problem, due to the nonlinearity caused by the
variation of the vibrational velocity, V. In many situations the field produced by the
eddy currents is small compared to the imposed field. Under these circumstances
the drag force is proportional to the velocity, the conductivity and the square of the
flux density.
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Broad Band Supplemental Damping of Space Truss Structure

SUPPORT STRUTS

CONDUCTOR

TRUSS MEMBER WALL

FLEXURE PIVOTS

MAGNETICMANET
CIRCUIT

o Relatively small vibrational strains/velocities

o Damping is enhanced by use of flexure-based mechanism

beyf = m 2 b

ITW\- 1 I)



One approach envisioned by SatCon for applying an eddy current-based
vibration damper to individual members of a space truss structure results in a
broad-band damper that would enhance damping in much the same way that a
hydraulic or viscoelastic-based damper would. The fundamental difficulty with this
approach is that the vibrational strains and velocities are too small to develop
significant power dissipation. In order to properly match the impedance of the
damper to the structure, a flexure-based mechanism such as the one shown can be
employed. It should be noted that the figure is intended to clarify the concept and,
consequently, is not to scale. The helical orientation of the support struts causes
the conducting disc to rotate substantially when the truss member axially deforms.
The large mechanical gain developed by a mechanism of this sort allows the damper
to dissipate significant vibrational energy. The use of flexures avoids the difficulties
of stiction, backlash and lubrication of metal surfaces in sliding contact.
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The Damping Ratio (divided by normalized weight) as a Function of
Vibrational Frequency

The Damping Ratios Achieved with 1 m Struts and a Broad-band

Eddy Current Damper

f(Hz) C (%) W'

1 1.0 .024

1 2.5 .061

10 5.0 .012

10 10.0 .024

100 25.0 .006



As with most engineering design, there is a tradeoff between desired
characteristics. In the case of the broadband damper, there is a tradeoff between
performance (i.e., damping ratio) and weight of the device. Assuming that the
design shown in the figure is used, the simple model discussed above can be used
to investigate this tradeoff. The plot shows the damping ratio divided by the
normalized weight of the damper (weight of the damper as a fraction of the weight
of the associated truss member) as a fi-nction of frequency. This calculation
includes the weight of the magnetic circuit components and the conductor required
and assumes that the truss member is hollow and made from graphite .ipoxy and
that the conductor used is copper. The damping ratio is calculated as 1/4 7 times
the ratio of the energy dissipated per cycle by the damper to the strain energy of the
member at it largest axial deformation.

It is worth noting that the modal frequencies associated with the important
lower modes of space-deployed truss structures are well below those of the
individual truss members. Consequently, motion of an individual truss member will
be predominantly static axial deformation caused by the vibrational movement of the
overall structure.

As the plot indicates, the performance improves linearly with frequency and
with truss member length. The improvement with length stems from the fact that
practical considerations limit the mechanical gain possible independent of truss
member length. Consequently, the power dissipated per cycle varies as the square
of the truss member length and strain energy only linearly with length for a given
maximum truss member strain.

The table gives some typical damping ratios and normalized damper weights
as a function of frequency. As the table indicates substantial damping ratios can
be achieved at small weights. For example, at 10 Hz. a 5% damping ratio can be
achieved with a damper which is only 1.2% of the weight of the associated truss
member.
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Damping Element in a Tuned Passive Vibration Absorber

or Proof Mass Actuator

M

k b

x(t)-
(vibration)

structure

o Tuned to slightly below first structural mode
o Appropriately sized to structure
o Damping ratio chosen to maximize vibrational power dissipation

2 .01
CL

E

le-6

0.1 1 10 100

Damping Ratio (%)
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Another promising application of this technology is as the damping element
for tuned passive vibration absorbers3'4 or proof mass actuators. These devices are
typically tuned to resonate at slightly below the first mode of the associated
structure. They are appropriately sized to the structure to which they are attached,
and their damping ratio is set to maximize vibrational power dissipation. Of course,
in this case the device added to a structure includes energy storage (the spring and
mass) as well as the damping element and, hence, the damping ratio is defined as
(1/47r) times the energy dissipated per cycle of the damper divided by the maximum
strain energy of the damper itself.

The plot shows the ratio of the damping element weight to the weight of the
sprung mass, as a function of the damping ratio for three different resonant
frequencies. The plot indicates that the eddy current-based damping element is a
very small portion of the overall weight of the device and, therefore, should be
seriously considered for use as the damping element in these devices.

3 J. R. Sesak, et al, "Passive Damping Augmentation for Flexible Structures," Lockheed, First

NASA/DOD CSI Technology Conference, November 18-21, 1986, pp. 475-493.

4 D.W. Miller and E. F. Crawley, "Theoretical and Experimental Evaluation of Space-Realizable
Inertial Actuation for Passive and Active Structural Control," J. Guidance Control & Dynamics, Vol.
11, No. 5, Sept-Oct 1988, pp. 449-458.



How is SatCon pursuing this approach to vibration damping?

o Theoretical understanding and modelling

How and when is performance influenced by skin effect, end
effects and nonlinearity?

Create models to predict performance

o Develop promising strawmen designs for specific applications

o Experimentally evaluate prototypes

o Consideration of alternative uses

Noise suppression (aircraft, spacecraft)

Precise positioning (optics)
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SatCon is pursuing development of eddy current-based structural damping
through a combined analytical and experimental program. The initial efforts have
been aimed at developing analytical design tools which can be used to evaluate
some promising strawmen designs. In addition, SatCon shall build and evaluate
some prototypes for an eddy current-based damper.

SatCon believes that this approach to vibration damping offers benefits for
a wide range of applications and should, therefore, be pursued aggressively.
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THE ABSOLUTE VALUE MODAL STRAIN ENERGY METHOD

Daniel R. Morgenthaler *
Martin Marietta Astronautics Group

Denver, CO

ABSTRACT

The Modal Strain Energy (MSE) method has become a significant design
tool in the last decade. The MSE method allows the approximate solution to a
complex eigenvalue problem using the solution to a real eigenvalue problem
and knowledge of element loss factors and the percentage of MSE contained in
each element.

While the MSE method has been shown to be relatively accurate in many
instances, particularly for design purposes, it can produce high errors even in
simple cases with relatively low damping levels. This paper discusses a new
MSE method which allows the approximate solution to complex eigenvalue
problems while providing more accurate approximations.

The Absolute Value MSE (AVMSE) method incorporates the absolute
value of the individual element impedances to form a real "stiffness" matrix.
From the solution of the eigenvalue problem associated with the system mass
matrix and this real "stiffness" matrix; approximate mode shapes, natural
frequencies, and damping ratios may be obtained.

The new method provides greater accuracy than the standard MSE
method in most instances, and more importantly provides conservative damping
estimates while the standard method tend to overpredict damping ratios. The
AVMSE provides more accurate results while remaining innexpensive to
implement.

* Mail Stop H4330

P. 0. Box 179
Denver, CO 80201
(303)-971-9387
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Introduction
* Damping Devices Can Be Modeled by Impedances

- Viscoelastics
- D-Struts
- Passive Piezoceramic Members

a Impedance Is a Frequency-Dependent Complex Quantity

Z(s) =ZR (s)+iZ I (s)

* Rearranging the Impedance Results In a Frequency-Dependent "Complex
Stiff ness"

= Kd  (s)'(1 +'Tid(s))

*Modes of Systems That Contain Damping Devices Are Complex

Passive damping applied to structures for vibration control has
become an accepted practice in the past decade. Passive damping
devices are efficiently modeled by their mechanical impedance for
incorporation into structures. Such devices include viscoelastic
members, viscous damping members, piezoceramic passive devices,
and many others.

Mechanical impedance is a frequency dependent complex quantity
which describes the relationship between an applied force to a member
and the resulting displacement.

By writing the impedance in the proper form, a frequency
dependent complex stiffness results. This form of the impedance is
typically used to model viscoelastic material, however, it can be used
for other damping members. The modes of a system which incorporate
damping devices with complex stiffnesses are generally complex.
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Introduction (concl)
* MSE Method Is Well-Known for Approximate Solution of Damped Systems

(- M )2 + KR ) (1)= 0

i (T • K ( ) i2
2 1

* MSE Method Provides Insight into Damping Design Improvements

" MSE Method Can Sometimes Provide Inaccurate Results-It Tends To
- Overpredict Damping Ratios
- Underpredict Natural Frequencies
- Overpredict Modal Motion across Damped Elements

* New Method That Improves Approximations Has Been Developed

The Modal Strain Energy Method is a well known method of
approximating the solution of the complex eigenvalue problem using real
eigenvalue problems.

In addition to the computational advantage of the MSE metnod as
compared to the complex eigenvalue problem, it has the advantage that
it provides irtsight in effective improvements in damping design for a
particular system. However, the MSE method can sometimes provide
inaccurate results. It tends to overpredict the damping ratios,
underpredict natural frequencies, and overpredict the motion across
damped elements.

This presentation discusses a new approximation method with
improved accuracy which also has the computation advantages of the
MSE method.
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Typical Complex Impedance Element
*The Ratio of the Motion Across a Complex Spring to Applied Force Is the

Absolute Value of the Impedance

x
F

K R"(1 + i ) :

Fe' 0 F = Keitan(1(q). Xei 0 x

XI K- KR.V.-rl2
IFI -

For a typical complex impedance element, the complex spring constant
describes the ratio of the displacement to applied force. The ratio of the
magnitude of the displacement to the magnitude of the force is the
absolute value of the impedance.
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Single Degree-of-Freedom Complex System

*The Natural Frequency and Damping Ratio Are Found from the Location of
the Pole

1 2- ) '

X = o°e i[tan (- 2)+2]

K R M (10+ i () M

11
2 + 1

For a single degree of freedom system with a complex spring, the
natural frequency and damping ratio can be obtained from the location
of the pole in the system transfer function. The eigenvalue can be
written in terms of its magnitude and phase angle, which are a function
of the natural frequency and viscous damping ratio.

Equating the pole location to the eigenvalue, we find that the natural
frequency is the square root of the ratio of the absolute value of the
impedance and the mass. The modal damping ratio is a function of the
element loss factor.



The MSE Method
*Assume the Real Modes Derived from the Real Part of the Stiffness Matrix Are

Good Approximate Eigenvalues

(- M o2+ KR) (1) = 0

*Compute the Rayleigh Quotient To Find the Eigenvalue
2 (K + K )' i

IT . M -*1

• Assume That the Real Part of the Rayleigh Quotient Is the Natural Frequency
Squared 2 " (

1 2 - KR ' 2

(I)T. M (

*Calculate the Damping Ratio Using the Approximation Formula
1 T 2

i=  - T- iK i ) )

In the well known MSE method, the real system modes which are
derived from the mass matrix and the real part of the complex stiffness
matrix are assumed to be accurate approximations to the complex
system eigenvectors.The Rayleigh Quotient is then used to
approximate the eigenvalues of the system.

As opposed to the absolute value of the Rayleigh Quotient, using
the MSE method the natural frequency squared is assumed to be the
real part of the Rayleigh Quotient. The damping ratio is then calculated
using an approximation formula which is one half the ratio of the real
and imaginary parts of the Rayleigh Quotient.

Note that the MSE method does not yield the correct result for the
single degree of freedom system. It is relatively accurate, however, for
small damping ratios.
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The Absolute Value MSE Method
*Assemble the Absolute Value Matrix

NE

K K
j=1 "

eFind the Eigenvectors and Eigenvalues Associated with This Matrix and the
Mass Matrix

2-
(- M ,) + K) -, = 0

* Assume That These Vectors Are Approximate Eigenvectors

*Compute the Rayleigh Quotient To Find the Approximate Eigenvalue

x 2 _ (DT.(KR+ iK) .

(DT- M- (p

*Calculate the Modal Strain Energy in Each Element
T 2

MSE.. = $(i KR, 1i2 + (I

(12

A new energy method of has been developed for the
approximation of the complex eigenvalue problem, which is termed the
Absolute Value Modal Strain Energy (AVMSF) methd. In the AVMSE
method, a stiffness matrix is assembled with the absolute value of
each elements impedance, which is consistent with the single degree
of freedom system.

The eigenvectors and eigenvalues associated with the system
mass matrix and this stiffness matrix are then computed. These
eigenvectors are assumed to be a good approximation to the complex
system eigenvectors. The Rayleigh Quotient is then used to
determine the location of the eigenvalue.

By defining the modal strain energy in the elements of the system,
in a manner similar to the standard MSE method, we can determine
the eigenvalue location in terms of element real and complex energies.
This provides the same insight for design development as the
standard MSE method.
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The Absolute Value MSE Method (concl)

* Calculate the Approximate Natural Frequency As the Absolute Value of the
Rayleigh Quotient

2 MSEi, M VSE1 - I

* Use the Phase Angle of the Rayleigh Quotient To Calculate the Damping Ratio

NE MSE IIj
.1

*" 1 _
T12+1

NE MSE 2

J.1 NI1. )

From the complex Rayleigh Quotient, the natural frequency is the
square root of its absolute value. This can be shown to be approxi-
mately the eigenvalue which is computed from the real eigenvalue
problem.

By defining the modal loss factor, the viscous damping ratio can
be determined from the phase angle of the eigenvalue similar to the
single degree of freedom system. The modal loss factor can be
written in terms of the MSE in various elements and their loss factors.
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A Simple Example Problem
*Simple 3-DOF System with One Complex Spring

'Vary the Spring Loss Factor K 3

*Compute Modal Properties Using Various Kd 2

Methods
- Complex Eigenproblem K 2

- MSE Method K
- Absolute Value MSE Method 4 x3

*Compare Results K 1

To demonstrate the behavior of the standard MSE method, the
AVMSE method, and the complex eigenvalue problem, a simple system
was used. This system consists of three masses interconnected by
springs, one of which is complex.

For the example, the loss factor of the complex spring was varied
and the modal properties were computed using the various methods, so
that the results could be compared.



Fundamental Frequency vs Spring Loss
Factor

o Absolute Value MSE Shows Frequency Increase with Spring Loss Factor

Fundamental Frequency vs Spring Loss Factor with Various Techniques

5.00

4.95 -
Complex Eigenproblem

Fundamental 4.90
Frequency, Hz A e,, Absolute Modal

4.85 Strain Energy

Modal Strain Energy

4.75+ I I I I I I I
0 0.2 0.4 0.6 0.8 1.0 1.2 1.4 1.6

Damped Spring Loss Factor

Plotted here is the variation in the system fundamental frequency
with the damped element loss factor. The MSE solution, of course
shows no variation in natural frequency with element loss factor. The
complex eigenproblem shows a frequency increase as the loss factor of
the element increases, implying "stiffer" behavior of the damped
element. Similarly, the AVMSE method also shows an increase in the
frequency with element loss factor, and is more accurate than the
standard MSE method.
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Fundamental Mode Damping vs Spring Loss
Factor

e Absolute Value MSE More Accurate and Has Desirable Characteristics
- Peak Damping at Specific Loss Factor Value
- Conservative Damping Ratio Estimates

Fundamental Mode Damping vs Loss Factor Various Techniques
7.

6 Modal Strain Energy-

5 C lex

Fundamental Eigenproblem
Mode Damping
Ratio, % 3 9,,..

Absolute Modal
2 Strain Energy

1

0 0.2 0.4 0.6 0.8 1.0 1.2 1.4 1.6
Damped Spring Loss Factor

This plot shows the damping in the fundamental mode of the system
as the loss factor is varied. The MSE solution predicts that tl'w damping
is linear in the element loss factor. The complex eigenvalue problem,
however, shows that as the loss factor becomes large, the rate of
damping increase becomes smaller. The complex eigenvalue problem
also shows that if the loss factor is raised too high, the damping can
actually decrease. The AVMSE solution duplicates this behavior, while
providing a conservative estimate to the damping ratio. Notice that the
problem was selected such that the damping ratio is low, on the order of
3%.
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Frequency Response Using Various Methods

* Absolute Value MSE Provides More Accurate Frequency Response

Frequency Response of Simple System Using Various Techniques

10-2

10-3 MSE
Displacement
of Mass 1/ _ Absolute
Force 1 MSE10-4 _

ZDirect
-- Complex -

o-5 1 -------
0 2 4 6 8 10 12 14 16 18 20

Frequency, Hz

This plot compares the frequency response for displacement of the
first mass for forces applied to the same mass computed using the
various methods. Notice that the absolute value MSE method is more
accurate for the first mode, and very much better for the two coupled
modes at 9 and 11 Hz. The standard MSE method has much greater
error in this frequency region.
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To show a comparison of the methods on a realistic problem, the
PACOSS D-Strut truss was selected. This truss includes damping
members which can be modeled with complex impedances. The exact
solution can be generated by the solution of a viscous damping
eigenvalue problem and compared with alternative solution methods.
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Results of Application to D-Strut Truss
Model

*Complex Modes with Complex Stiffness Matrix Provides Exact Results
If Computed at Eigenvalue

'Absolute Value MSE Provides More Accurate Frequencies, Damping,
and Mode Shapes than Standard MSE Method

Analysis Frequency, Damping
Method Mode No. Hz Ratio

Complex 1 5.493 14.93
Network 2 6.142 15.63

Complex 1 5.493 14.93
Stiffness 2 6.093 16.51

MSE 1 5.220 17.69
2 5.720 18.85

Absolute 1 5.457 14.10
MSE 2 6.000 15.78

The viscous eigenvalue problem with struts modeled as networks
was solved first. A complex stiffness eigenvalue problem was then
solved with the strut complex stiffness computed at the first eigenvalue.
Of course, the first mode of this solution agrees exactly with the viscous
damping formulation. The second mode of the complex solution has
some error, as the properties were not computed at this eigenvalue.

Even with the correct strut properties, the standard MSE method
does not provide an accurate solution to this problem, as the first mode
is predicted to have 17.7% damping while the solution is 14.9%, a
relative error of 18.5%. Similarly the frequency is in error by almost 5%.
The AVMSE method, however, is much more accurate. This method
underpredicts the damping ratio by 5.5% relative error, and
underpredicts the frequency by 0.6% relative error. This shows the
much greater accuracy which can be achieved with the AVMSE method
on difficult damping problems.
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Conclusions
9 New Method of Complex Stiffness Eigenproblem Approximation Developed

- Uses Real Eigenproblem

- Stiffness Matrix Is Assembled with Absolute Value of Impedance

*Absolute Value MSE Method Behaves As Complex Eigenproblem

- Elements Appear "Stiffer" As Loss Factor Increases
- Damping Decreases As Loss Factors Raised Too High
- Can Model Systems with Dashpots As Only Connection between DOFs

A new method of determining approximate properties of damped
structures has been developed and was presented. This method is
based on a real eigenvalue problem which uses an assemblage of the
absolute value of the element impedance matrices as the stiffness
matrix.

The behavior of the new method is more consistent with the complex
eigenvalue problem. Similar to the complex solution, elements appear
stiffer as loss factors increase, and the natural frequency increases.
The AVMSE method does not predict a linear relationship between
element loss factors and system damping, similar to the complex
eigenvalue problem.

Additionally, the new method can model systems with dashpots as
the sole connection between degrees of freedom. As a dashpot has an
infinite loss factor and no real part to its stiffness, the standard MSE
method would not place a stiffness term in the MSE stiffness matrix.
The new method places a term equal to the natural frequency multiplied
by the dashpot coefficient in the stiffness matrix, and allows the
approximate solution to this problem.
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Conclusions (conci)
* Absolute Value MSE Method Provides More Accurate Results for Examples

- Single-DOF System
- Three-DOF Example Problem
- D-Strut Truss

* Absolute Value MSE Method Is As Easy To Implement As Standard MSE
Method

* New Method Should Be Used for Accurate Damping Design Approximations
- More Accurate

- Same Expense As MSE

The AVMSE method provides more accurate results for example
problems, including a single degree of freedom system, the three
degree of freedom example system, and the D-Strut truss.

The AVMSE method is as easy and inexpensive to implement as the
standard MSE method, as element stiffnesses need only be raised by a
factor dependent on their loss factors. Damping is readily determined
from the MSE distribution.

Based on these results and conclusions, the new method AVMSE
method should be used for damping design and system analysis, as it
provides more accurate solutions at the same expense as the MSE
method. Errors due to the AVMSE approximation tend to be
conservative.
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AN ANALYTICAL MODEL FOR THE VIBRATION OF VISCOELASTICALLY DAMPED CURVED
SANDWICH BEAMS

MIohan D. Rao and Shulin He
ME-EM Department
Michigan Technological University
Houghton, MI 49931
(906) 487-2551

This paper describes an analytical model for the coupled flexural and

longitudinal vibration of a curved sandwich beam system. The system consists
of a pair of parallel and identical composite sandi¢ch beams with a

viscoelastic damping material forming the core. The ends of the beams may
have any physically realizable boundary conditions, but, in this case are
assumed to be sinply-supported. The governing equations of motion for the
forced vibration of the system are derived using the energy method and
Hamilton's principle. Both shear and thickness deformation in the adhesive
layf.r is included in the analysis. The solution of the governing equations
for the system resonance frequencies and loss factors are obtained in closed
form using the Rayleigh-Ritz method. A parametric study has oel conducted
to evaluate the effects of curvature, core-thickness and adhesive shear
modulus on the system natural frequencies and loss factors. The implications
o f this parametric study on the damping effectiveness of the system along
,ith some design guidelines are included in the paper.

*Gratdiatt, Stuideijt FDCl1



I. INTRODUCTION

The use of viscoelastic material as a core material in Lonstrained layer

and sandwich layer arrangement is an effective way of damping vibration and

noise in structures subjected to dynamic loading. Many structural components

such as the wing of an aircraft, body panel of an automobile are curved in

shape. In the analysis and design of passive damping treatments of such

panels, it has been customary to use straight beam theory approximations,

bcLduse of lack of better analysis methods that are simple and accure-*,. The

objective of this research effort is to develop simple yet accurate analysis

and design procedures for passive vibration control of curved sandwich panels.

Considerable research work has been done on the vibration of straight

sandwich beams. The classic work in this area is reported by Ross, Ungar and

Kerwin 11], and Kerwin 12]. They have derived an expression for an effective

complex flexural stiffness for the system consisting of a damping layer

sandwich between two face-plates. Mead and Markus [3] have studied the forced

vibration of a sandwich beam with arbitrary boundary conditions. They have

derived the sixth-order differential equation of motion for the flexural

vibration and obtained solutions. Rao (4] has studied the frequency and loss

factors of sandwich beams under various boundary conditions using the energy

approach. Miles and Reinhall 151 have described an analytical model for the

vibration of laminated beams including the effects of both shear and thickness

deformation in the adhesive layer. Some work has been done on the vibration

of curved sandwich beams. Petyt and Fleischer 161 have investigated the free

vibration of a curved homogeneous beam. Ahmed 171 has studied the free

vibration of curved sandwich beams by the finite element method. Vaswani,

Asnavi and Nakra 181 have derived a closed-form solution for the system loss

factors and resonance frequencies for a curved sandwich beams with a
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viscoelastic core by the Ritz method. But the thickness of the adhesive core

was not considered in their analysis. Furthermore their analysis does not

include the longitudinal inertia effects.

In this papper, the authors have used the energy method and Hamilton's

nriilnep tn riprivis thp .onvrnino PnllIt;on of motion for the coupled fleyiiral

and longitudinal vibation of a curved snadwich beam system. Both shear and

thickness deformations of the adhesive core are included. The longitudinal

kinetic energy of the beam system is also considered. A closed-form solution

of the system modal loss facotrs, resonance frequencies and mode shapes is

derived for a system having simply supported ends by the Rit7 method. The

effects of curvature, core-thckness and adhesive shear modulus on the systert

natural frequencies and loss factors are also studied.

II. THEORY

Fig. I shows the curved sandwich beam system chosen for study. Both the

upper and lower beams are constrained in the radial (transverse) direction at

the two ends, and the upper beam is free to deform in the circumferential

(longitudinal) direction. The governing equations of motion for the coupled

flexural and longitudinal vibration under radial distribution load are derived

by Hamilton's Princple. The following basic assumptions are made in the

analysis.

I. Roth upper and lower beams are elastic and isotropic. The adhesive

core is viscoelastic whose elastic and shear moduli are modeled using

the complex modulus approach.

2. Both beams and the adhesive core are assumed to be under plane stres-
R

state. The shear strain in the adhesive is proportional to z
( C C

where -h /2 :5 z Sh 12, h being the adhesive thickness and R tl-
C C C C

radius of curvature of the middle surface of the adhesive layer. But
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the radial deformation of the adhesive Is assumed to be constant

through its thickness.

3. The transverse shear strains in both beams and the longitudinal

deformation of the adhesive are neglected. Furthermore, rotational

kinetic energies of both beams are also neglected.

Let the transverse and longitudinal displacements of a fiber in the

middle surface of the upper beam be w and V respectively. The sameI I

variables with subscript 2 refer to those of the lower beam. The radial and

circumferential displacements -f the fiber at any point p(e,z) in the upper

beam are given by

respectively. The strain in the fiber is given by

C"'- IR ..- w)

1 , ,I z

or C u + w R- (2)or9,8 R (R I

where u' = -and w" =

Strain energy of the upper beam is U= fE ledv,. As dv =(R + z )dz dO,If2
Iji x, I l I

for unit width, we have

E Oh h 2

u, if_2[(u;+ WI2 + ,Wzl O 3

0 1

where E t, R and h are the elastic inoduli, radius of curvature of the middle

surface and thickness of the upper beam respectively. z is the radial

coordinate from the middle surface.

Kinetic energy of the upper beam is approximated as

T, -f + ~. 2 de (4)

0
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au awI I
where p is the density of the upper beam material and u =t w -

I t' W

Similarly, kinetic energy T and strain energy U of lower beam are given by
2 2

T Z -U + w-)dO (5)

0

2

U 2 f2 [ (u,+ w)2 (2 (W+ wit)2] de (6)

0 2

where E2, R , h2 and p2 are the young's moduli, radius of curvature of the

middle surface, thickness and density of the lower beam respectively. Also,

U' u 82 w 8u 8w0'2 2 2 8 2 2
au 2 w" W - au2 and w -w2

u2 cl E)' 2 2 , 2 jt- 2 a t
80

The shear strain in the middle fiber of the adhesive core is approximated as

u - u Aw aw
mid h o 2 R O R(9

C I 2

h +h w' h +h w'

or [(a u au 1 2 (7)

C 1 2

where a = I + h /2R ) and a = I - h /(2R ).
1 1 I 2 2 2

Then the shear strain of the adhesive core is

Sh +h w' h +h w'c I rC2U - 1 2 c 2j- - 1 a u )++ 2 C e], -h /2 s z h /2 (8)
cR +z F 2[ 2 a 1 1  2 R 2 R C c

C C C I 2

w - w

The radial strain of the adhesive core is c -2

C

Strain eery of the adhesive core is U . r[ k 2 ]dv i.e.
C 2 C cZ C

V

C

UC= I+-- (a u -a u )+

12 2 1 1 (h2 j I 2h 2h j k E

where k -v= "  is Poisson's ratio. E and G aie the complex elastic
(l-v)(+vC C

and shear moduhi of the adhesive layer which are applicable only under

• 0I

harmonic vibration. E = E' (1+17 ) and G = G' (l+-q ), where E' and G' are
C C C1 C C c2 C

the storage moduli, and )Cl and Ti are the loss factors corresponding to

extersional and shear deformation of the viscoelastic material. Values of E
C
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ad G corresponding to a frequnecy and temperature can be obtained from
C

material data sheets supplied by the manufacturers in the form of a nomogram.

Kinetic energy of the adhesive layer is approximated as

Tc= CP u A '1 B 2 + (W +W Bd or

, B A B

V
C

PhRC { " a h w 2 h (10
8 I I 2 2 2 R

0

a2w

where p is the density of adhesive and w' 1, ; 2.

Work done by external forces is

W = fwq(R - h /2)de (11)

0

Let fdo = TI+T 2 +T z- U 2 +W. Hamilton's Principle 63f(T-V+W)dt = 0 gives

0 t

2I

2 5( .u ,u', ,u ,u w ,w ' ' ,w " ,w , ,w , dt = 0 (12)
S 2 I 2 2 1 2 1 2 2 1

t 1 0

From the principle of calculus of variations, we get the following governing

equations of motion of the system.

,4 1f a G 0R [ hh +hh2h
E Ih I .,u I awl I ,Ca [h I+h c +h 2+h

- _ + + h + _+ 2 (a u - a u ) + - W
R hoe a-9-1 2 2 a 2R- 2 R 2 )]

C

82 a Ip Ch CRr 8 2 1 a 'h21
p hR -C (+ ) (a u +aw--w = 0 (13)

1 12 4 .2 11 2 2 2 2 R2 2 Ri
at, L t at a8e2 1

E h a2 ~ a GR 2 [ h h+h2ih 2h +_2. cc! a___
h+ - + a( a fG R - -  u -a u ) + -'

-- R- -0 --- ) h t 1,R) 2 RI
a@ - [ 2 2 - 22( 0 :0 aO12R 1 22

C

a 2u 2a PC hcRr : 23 (h h I
-phR 2 2(a u +a u + -w -- w 0 (14)

2222 at2 4 Lt2 1 2 2 2 at2 eR 2 R I

E hI 4w I aw EIh ,au kE R

I 2R 3(30 2) + R '(ye+w) h C(w-w

FDC-6



G R, h 2 2 (h +h h *h h*h a 3w
- 1 -. (azu -a u )+-/ --5-'---wR Jph 't

zl2 2R -1_I 12R' j  ao ZI E) Oe ! I t 1 -R -Z I R I I I at 2

C

p hR a z-2 h 3 h I h
+( w + + [a u * a U +5  w - w R R - 1 q j 154 atz 1 2R2 at aeL a 2  wq (

E 3,a 4  a Z w E h 8u kEr%

22w 2w) c w

12 14 +a () IV 21 2 ata h 2 1

G R h' h *h +h h +h a w

Th ntualbondrycodiios lr gie 2byl _

r r a + hR 2
h C( + 2 R 2 [a ( 2 u2 -Iu I )+ae2 2R I NI+ R N2 2R 2 C 2.2 a

p R af af aa f)w -

+ Ch Ca1 W 4W h 2 a__3 jan,+a 2Rw2hIR j (6
at 2 2 2 2ta 2 2 (16

2 2

The natural boundary conditions are given by

af to + f th frqf a f a qaf )6+(a f s a m a a o 6 w i
hwv u 2 w' w, atr t anwl fatw at 2 *n

12 1 1 aw' 2 2 3w

a r af (7
a W ' aw " w2 0

1 2

We will first consider the free vibration of the system and solve the

above four equations to find the system loss factors, resoarce freq',encies and

mode shapes. By using the forced and natural boundary conditlcons, it is

possible to set up the frequency equation which is a matrix eqt:ation with

complex elements. Using a numerical search technique, we can find the system

resonance frequencies, loss factors, etc. The disadvantage of this method,

however, is that the natural frequencies and loss factors are not obtained in

clIosed form as it requires a numerical searching technique to obtain the

results. Since we are interested in finding only the first sever-at modes of

vibration of the system, other approximate methods that are fair], accurate

would yield closed form solution. One such method is the the Ravleigh-Ritz

mothod in which the mode shapes are first assumed to set ip the eigenvalue

problem. The details of the application of Rayleigh-Ritz method to the

presernt problem are presented in the following sections.

-Dc - -,



Ill. NUMERICAL RESULTS

To find the system resonance frequencies w and the modal loss factors T)
r

correspcrnding to w , we consider the free vibration of the system and assume

1Wt i(Ot tWt ILA
w (O,t)=W (O)e u (8,t)=U (O)e ,w (e,t)=W ()e and u (E,t)=U (O)e

1 I 1 2 2 2 2

t
2

where w0 = w (I + i 7). From the variational integral 6 (T-V)dt = 0, we get
r

t

P F, h h
':r(a U +a -W - W' Ha 6U

6u + 6W)+ph R(U 6iU +W 6W )+ ccU+ W
f1 2 22 2 2 2 4 -La 2 2 2 R 2 2R

0

h hh2
42---5,---w /+% + WW+6WJ (U' +W )(6U' +6W + (
2R 2 2R IR I 1R ,

22 2 2)+ - 2 2 2U2 2W-'h'V 2U

2 I

R 12R I
-w h' 12R21 LI 2R1 1 1

2

C

h +h h +h

I 2

h 2 p 2 R h P R E E

where h -, a h -, W  -R-- P E
2 p 2 R' ch c 2'

I Il I
0¢

W a L I'

To def ine to mode shape of the curved sandwich beam system, it is assumed

that both the lower and upper beanis are simpl% supported iii the transverse

direction but the upper beam is free to move in longitudinal direction. The

foiced boundary conditions will then be W (0) = W 2(0) =0, U 1(0) = 0, W (0) =

W () =0. Also the mode shape functions of the curved beams are approximated

w.%ith the mode shape functions of straight Euler-Bernoulli beams. Then the

modie shape functions can be chosen as

hC - 8



N

W (9) = Z C Sin(-) (19)
1 r rr=lI

N (20]

U (9) = E C Cos(2-01 r r ) (0
r--!

N rn6

W (0 ) = E C Sin(-) (21)
r=1

N rUZlO) = E CrSin[lr -(l22)O

r=-

which satisfy all the forced (essential) boundary conditions. The coefficient

C for the shape functions are chosen to be the same for all four functions so
r

that the resulting eigenvalue problem would yield the required N resonance

frequencies and N loss factors of the system. Substituting the expressions of

W, U, W and U into equation (18), we get,
I 2 2

It 2 a Ith hh
ci c 2] ,).

h2l c fl * 2 11~ h+)I + + R ))2 ]}

I c 12R ' 2)

C

N E i-(j-2)  j(i-2) R h 2 ) [a h,+h h +h 0--

+ ) ( + CC+ tPh+R 2 ) i2
(aR 2a 20a RIl I4 C p R 2 r_2_____2

(_-_ ) 2 h -  - (h- ) N - 2aa}
I~. 2 C8 CC +-j

ph 2) a ITj h.) 2 () o (23)
+-h) -2 + - , 1) 222. 1 +4-J C + 2

Writing the above equation in matrix form, we have

[K ] (24)
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where [K) and [M) are N x N matrices. called stiffness and inertia matrix

2 2 ,T
respectively. A = w = Wr (+iii) and = I C -. C . Here w is the

system resonance frequency and rj is the modal loss factor corresponding to W
r

A computer program has been written to solve this eigenvalue problem.

Numerical results were generated to observe the effects of curvture, core-

thickness and adhesive shear modulus on the system resonance frequencies W

and modal loss factors 7) for the first four modes.

The adhesive shear modulus plays a very important role on the damping of

ithe sandwich system. The variations of the normalized resonance frequency W

W rr

(= r)1 and modal loss factor -n with respect to the normalized shear modulus

0

G (= real part of 6 ) are plotted in Figures 2 and 3 for the first four
Cl C

modes. The input data used here were nc = -nc, = 71cz = 0.1, h, = h = 4 mm,

= 1.0, h = 2 mm and R = 1.2 m. It can be observed from Figure 2 and Figure
C C

3 that when G < 10-  (soft adhesive material), the system resonance
cl

frequencies w increase very slowly (or almost constant) with G , but the
r Cl

system loss factors n vary almost linearly with G . For values of GC suchci cl

that 10-5 G < 10- 3 , both W and -n increase rapidly with G , which means we
c1 r Cl

can increase the system damping capacity without sacrificing the stiffness of

system. Usually this is what the designers require in the design of

constrained layer damping treatment for the system. When G ) 10 - 3 (hardci

adhesive material), the system loss factors 1 r.-nain almost constant with Gi

but the resonance frequencies w increase linearly with G C

The effects of the adhesive thickness h on the system resonance
C

frequencies and loss factors are also studied. The input data in this case

were G 1= 0-4  = 0., lI = h = 4 mam, R = 1.2 m and 0 = 1.0. Theci ' rc2 ' I 2

thickness h was increased from 0.5 mm to 6 mm in steps of 0.5 mm. The
C

vrariations of and r with h are plotted in Figures 4 and 5. It can be seen
r c

FDC-1C



from these two figures that both w and ii decrease with h The decrease of
r c

with h is obvious as the system stifness will decrease when h is
r C C

increased. Furthermore, from section II, we know that the shear strain of the

adhesive layer is mainly contributed by the term (u 2 - u )/h ). Hence,

increasing h will reduce the shear deformation of the adhesive layer and thus
C

decrease the energy dissipation capacity of the sandwich system. This

concludes that an increase in adhesive thickness does not always increase the

system loss factor. It is therefore the combination of G and h that needsci c

to be optimized to maximize the system damping capacity.

The third parameter which affect the system resonance frequencies and

modal loss factors is the the radius of curvature R of the middle surface
C

of the adhesive layer. There are two ways of changing R as discussed below.
C

In the first case, the angle 0 is kept constant, while changing R . This
C

means the total length of the sandwich beam system will change with R
C

Figures 6 and 7 shows the variations of jo and T) with R . The input data
r

were 0 = 1.0, Ge = I X 10 - 4
. 7 c = 1C, = 17c2 = 0.1, hi = h2 = 4 mm, h¢ = 2 mm

and w = T . R was varied from 0.1 m to 2.0 m in steps of 0.1 m. It

can be seen that w decreases but Tj increases with R , especially when R <
r c C

0.7 m. The variations of w and 71 with R are obvious as the total length of
r C

the curved sandwich beam system increases with an increase in R
C

In the second case, the total length of the curved sandwich beam is kept

constant at 1.2 m, which means changing R will result in a change of angle *.
C

Figures 8 and 9 show the variations of w and Ti with R . G C, inc, h, h , h
r c c

and w were kept same as case one, but = 1.2/R P P was varied from 0.3 mo ~c

to 2.2 m in steps of 0.1 m. It is observed from Figure 8 that i is almost
r

constant with R In fact the change of W with R is very insignifcant for
C r"

the first and second mode when R . 0.6 m. For the third and fourth modes,
C

however, w change slightly with R when R K 0.9 in, 5ut after R > 0.9 m the
r C C C

mDC-- 1



change of W with R is not very obvious. In fact, in this range, as R !

increases, the curved beam turns to a straight beam and so large values of RC

will have little effect on the system resonance frequencies. The variation of

T) with R has a somewhat decreasing trend as seen in Figure 9. In summary,
C

when the radius of curvature R is relatively small, R has some effect on W
C C r

and 7, but the effects are negligible for large values of R
C

IV. CONCLUSIONS

The coupled transverse and longitudinal vibration of a curved sandwich

beam system is investigated using the energy method in this paper. A closed

form solution for the system resonance frequencies and modal loss factors is

derived by the Rayleigh-Ritz method. Numerical results show that high values

of adhesive shear modulus will influence the resonance frequenies much more

greatly than the modal ;oss factors. Relatively small radius of curvature of

the beam system will affect the system resonance frequencies and modal loss

factors. But large values of radius of curvature will have very little

effect on the resonance frequencies and modal loss factors. Furthermore, an

increase in the thickness of the adhesive layer will decrease both the system

resonance frequencies and modal I s factors. The analytical model presented

here can be used as an effective tool in the design of constrained layer

damping treatments for passive vibration control of curved sandwich systems.
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Figure 1. Configuration of the curved sandwich beam system

Figure 2. Variation of system resonance frequency with

adhesive shear modulus

Figure 3. Variation of system loss factor with adhesive shear modulus

Figure 4. Variation of system resonance frequency with

adhesive thickness

Figure 5. Variation of system loss factor with adhesive thickness

Figure 6. Variation of system resonance frequency with radius of

curvature of the central surface of the adhesive layer

(0 = 1 .0)

Figure 7. Variation of system loss factor with radius of curvature

of the central surface of the adhesive layer

(0 = 1.0)

Figure 8. Variation of system resonance frequency with radius c'

curvature of the central surface of the adhesive layer

= .2/R
C

Figure 9. Variation of system loss factor with radius of curvature

of the central surface of the adhesive layer

(0 = I.2/R
C
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GENERAL MOTION OF AN INCLINED IMPACT DAMPER WITH FRICTION

C. N. Bapat

Department of Mechanical Engineering

The City College of the City University of New York

Convent Ave. at 138th St.

New York, NY 10031.

ABSTRACT

Here an exact approach to analyze the stable periodic N

impacts/period motion of an inclined damper with friction and

collisions on either one or both sides of a container with

identical and nonidentical coefficients of restitutions is

presented. The proposed theory can be easily modified for the cases

of a pressurized damper mass and a damper mass oscillating on a

spring supported platform. The comparison of theoretical

predictions with previous results and with results obtained by
numerical simulation of motion on a digital computer indicates a

good agreement. Few results are presented.

1. INTRODUCTION

An impact damper is a light weight auxiliary device, which
consists of a container with a loose mass. The superior

effectiveness of this device as a damper has been demonstrated.

Device is most effective in damping vibrations in the resonant

range when damper mass moves freely in the horizontal direction and

has vibroimpact motion with alternating two equispaced

impacts/cycle of an external sinusoidal load. This particular
motion has been studied extensively for last few decades [1,2].

However, in many practical applications damper may operate in the

nonhorizontal direction and with friction and hence it is important

to know its damping properties under realistic operating

conditions. Few investigations which account for the effect cf

friction or gravity on impact damper are reported F3-6]. However,

an exact analysis of the general motions of an impact damper wih

friction or gravity is not available. Hence such an approach was

YDE-1



.A '', opec !.

7 THFORY

:'7-1c] of an impact damper shown in Figure 1 consists of a

: >ai\ Lass, M, a linear spring, K, and a visccus; dashoot with

i p i ng constant, C. An impact damper consists of a loose mass, c,

-.: ra in a container atached to the main mass with gap, d. The

xitem was assumed to oscillate along a plane making an angle 0

..ith the horizontal plane.

Governing nonlinear equations of assumed motion were developed

by combining approaches used in references [2] and [6j. After

lengthy algebraic manipulations and using various relations between

iroact velocities before and after -mpact and average velocity

between impacts etc., the 2N nonlinear equations in 2N unknowns

->re obtained. These equations are generally solved iteratively for

1 values of N. Equations can be further simplified for a

practically important case of two impacts/cycle motion. Stability

of motion was studied by extending approaches presented in

references [1] and [2].

When gap becomes so large that impacts occur only on side 1,

then the resulting model represents the vibratory conveyor system

:ider'y used in industry; cast shake out grids and vibroimpact test

rigs to name a few [7]. Impact damper with compressed air can also

be studied using these equations [8].

3. RESULTS

The theoretical predictions were checked with the previous

wi;ts and the agreement is good. The correctness of the newly

! vw oped elements of the stability matrix were checked by

additionally comparing the theoretical and numerical simulation
resul t s.

The effect of gravity on amplitude reduction and time duration

@''Y' n three consecutive impact of an two uneauispaced

!r /a}cie motion is shown in Figure 2. Figure indicates that

h-s detrimental effect as Xmax/A increases with the anale
effect is more pronounced on the time duration between

s riear the resonance.

F7te feect of gravity on the stabili y regicns is shown in

F.D E- 2



Figure 3. It indicates that system just below resonance is

unstable. However, above and below resonance system has reasonably

sized stability regions.

The effect of nonidentical coefficients of restitution on the

amplitude reduction, shown in Figure 4 indicates that the identical
coefficients of restitution case is the most efficient from the
point of view of amplitude reduction and a small difference in the
coefficients of restitution has little effect on the amplitude

reduction.

4. CONCLUSION

An exact approach to study general periodic motion of an
inclined damper with friction and nonidentical coefficients of
restitution is developed. The theoretical predictions are compared
with the results obtained using a simulation approach and indicates

a good agreement.
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FIGURE 1. MODEL OF AN INCLINED IMPACT DAMPER.
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FIGURE 2. EFFECT OF GRAVITY ON AMPLITUDE REDUCTION
AND TIME DURATION BETWEEN IMPACTS.
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FIGURE 3. STABILITY ZONES OF TWO IMPACTS/CYCLE MOTION
OF AN IMPACT DAMPER. A,=0.005, rn/M =0.042,
dk/F =37, e 1 =e 2 = 0.75.
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FIGURE 4. EFFECT OF NONIDENTICAL COEFFICIENTS OF
RESTITUTION ON AMPLITUDE REDUCTION.
r=i.0, - =0.005, g=O.0,dk/F=37, m/M=0.042.
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The Vibration Damping Effect of an Electrorheological Fluid

Stephen A. Austin

Naval Underwater Systems Center

Towed Array Exploratory Development Branch1

A BSTRACT

The attenuation of longitudinal vibrations in structures can be achieved through a
change in the impedance of the structure. This impedance change can be produced by an
clectrorheological fluid. The transmission of a known vibration input along a test structure
will be correlated to the impedance characteristics of the electrorheological luid. This
impedance characteristic of the fluid will be expressed in terms of the applied electric field.

The attenuation characteristics of the electrorheological fluid on longitudinal
vibration have been presented through experimental and numerical results. Thec rcsults of
this study showed an attenuation of 4 dB in the transmissibility of acceleration from the
forward to the aft ends of the test structure. This level can be increased by using a fluid
possessing a lower zero state viscosity.

A secondary result of this investigation is understanding the physics of the damping
mechanism in the test module when the electric field was increased from 1.2 kV/mm to the
value of 1.6 kV/mm. During this increase in the electric field, the logarithmic decrement
increased by more than a factor of three. The transmissibility data also shows that the
resonant frequency decreased.

INTRODUCTION

The application of electrorheological (ER) fluids have been cited by many authors,
such as the work of Stanway et al. (1987), Coulter et al. (1989), Duclos (1988), Stevens et
al. (1984) and by Margolis and Vahdati (1989), as an effective means for vibration isolation
and control. The many applications of these fluids include clutches, viscous dampers, and
active engjine mounts. In the vibration isolation applications, the predominant method of
vibrational energy dissipation is the interaction betwccn a p1lu1nger inechanism aild the ER
fluid. The fluid properties are actively altered by the MIagnit ude of the electric field appied
thus, the response of the structure is altered and controlled.

In this paper, an application of an ER fluid to attenuate the logitudial \ibration inI
a flexible cylindrical structure is discIssed. The at tcnnation Of the longitudina1l vibiration1
(Iligure I ) will be achieved bv the rclative shearing of the flui d at the in ncr ' rface of the
flexible boundary and a regiom Of fld driven by an applicd electric ticht.

/ ,\ '.S ". (r ,d,' 2/4/,1Nw I. , ' nj''n. (U.~~, .GAIT I (. ) 4
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The shear Interface is deveh sped between thle drivCen, Center, line, fluid posing a

resistance to thle zero statte fluid enitrained ,k ith tie flexible cylinder motion. The vibrujtonal

energy in the wa!l of the flexible cylinder will be di:.,sipated through the relative shearing of

the driven and zero state ER Fluid.

I R Fluid V 0)

- /Flexible Cylinder r

--- 7 '~ - --- ...

I ''rc1 :1 Sheajr Application

The resultIs of this alyn i \ 55 ho 1 i increase In attenuation with an increase of the
applied electric field. This an ik lso shio., an extreme increase (3 times) in the damping

of, thle sy.steml as the electric field Iran siitiown in thle range of 1 .2 < E : 1 .6 kV/mm dc. This
extreme increasec in thle sys tern anipjl ~l he explained hy the results of Jaggi et al.

I 9894) and Talo ct al. (I 198') 1 conceri a ph a-e transition at a critical electric field.

EXPEIRMKN'

The objective ('of the e xper11i enul po 'rtion of this investigation was to determine the

anLUIatiori effect thi t an1 FR fn id has1' on1 thle Ion itudi nal vibration in a flexible structure.

The 2eoTMetrv 01 the test strucIQtureCI- is hmn Mi i-I'ure 2.'IThe internal components of thle ER

test mot 'dule cons it of thle I iN ti l d arid thle electric field device. The electric field device
contains 1 90 elct r~d. 1'RI ti nae44C~ppcir disks. The electric field is contained within a 5mml
kiapl between thle elcth . ch test mn dnlc co nsi sted of a cylinder approximately 150 cm
.in len ,th aind a, di arviter o-7.5 cm.v Thc elc tric field device was approximately 95 cm Iong.
The diameter of the ec ppcr c icctr( skcs wa 3. 125 cm. This provided a gap between the inner

wall of- thle tiell xi b cci ndc r and the cd c o thtie electrode of 2. 1875 cmn. It is this annulus Of

Iecro state FR tii-id rfl4\in, parallel and (1vr the e leetneal lvdriven ER flu id alonig the center

line w ich dispae th ratir in the: flesihic. cylinder.

*lhisi sl ct4 xa ichcc an corn stIarch and mnineral oil fluid mixture.

ile Ii nid xaspre pared in) the I1fl1 ix a a a nc:

I'Ih minera o111l ()I ast tiliC!Cd toi rcni4'4 foreic n particles, (40 mesh filter).

2 Il cornl starch had a'A ater 1C cotet' approI-XImalyl two percent.

3)he11 cor starch 'A as' klk' ' 1111 th a na~rn~Jcup) cupJ.

I4 The staci 'A 'I a ckcd1 h\ ilit;k t 0pirch culp onr thle table.

5TIC starch was1 silted fil, miner1CAl oil0' by 'Ollve).

'()'1 fie tarc xx, as b ldd :a, nmcrI oil xx ith electric mixer) 132 il tLILantlties.
a t, 41 m s

C 'l11e !111\ r1C4 c~< ;a\ ai ~irl4r



Flexible Cyl inder

+ + Field

FER Fluid

1:11-ure 2. FI ectrorhlc(,i)-calI Test Module

The experimental apparatus consistcd of the ER test modu)(leI attached to anl
electrohvdr-auli1c shaker and tensioned to a force of approximately 44-5 N. The
in struen~lttion Incluided a fo)rce tranisducer and acceleromieter at both ends ot the ER test
mol(dule Is shownI InI FI('Ure 3.

Ihe~F T eimn ~~cccmi e s . it diii e h R etmduei heail iie inwt

aI swepIt sineI 301/) MI inu. Thc data (aiveragc of three samplest) was" recorded InI the,,
f orm f )trfiiene rej)mp , hn'fe ltnet l'< The Ue of aI trejuecvc reICp(I), I~ function I" prefelred

NInkC the re.itl he ap pIied n tIi crdict tCac rcespo we o~f thI ictr t o ' I CI Ier exc I 'tatIonM

fuiitc"iln. Ihe1c rodcd YrClenv epmon e funlctions, Incl uded the raisof' tile aft



,IC c r, ItroI()I ti I IIe o I%\ '1 (*ir acceleraition, th I o rward force Lt the forw ard accele ratio It)d11(
thle h )r\ ard ! ~ necto thet. Aclrin ile dalta LL ,Cd inl this. paper focuses, onl the..
frequc1ic>\I'ns fiincn on oI tOre accclci tuiin ratio. The ex\pterilnent \vicrcm cet'jt
electric field ,trcngeth>, of 0.0), (0.4, 0 1.2, and 1 .6 kN/in dc. 'Ibis set of' data \a
ceneratcd \k lien the: ili d waonec day old. Ihese experimnswrcodteatahvlu

of thle electric tifild m ice. The recpeitabil itv at each value of the electric field wkas excellent,
wihi '111 .11 )in w cve Cr, thle SameI experjimenC~t was excuLted twenty l'O~r days later vk h ich

"Cc ra red vad, ti tht (Iif tired by forty percent over thle first set of exl)erimental resulIts. lh i
extree aiaceLi h ichE the neced for a fluid possessinge a longer shelf Ilife.
[ Ii-CurN 4 --7 11lLnP,(aIcIth dat a (1'1c II IIIre(Id dUrrig the first set of experiments. These fiu2 Ire S

rcepresent tihlC frequncy respo n se fnunctions calculated from the ratio of thle aft acce lerati~l
to thle forwad accelcraitir n. Tlhe abs.cissa represents frequeney in thle ui~ts Of CyCles/sec

1/ c. '['he o'rdinate representls thc miagnitude Of the acceleration ratio ( transmnissi hilliv 1

expre "sed Inl dcc ib) 1B. I' i cures 4. 5. and 6 show,. thle damping contributionl Of thle FR
fluid at 0A. , a) ~.nd 1 .2 k V/mm respectively. The resonant peak inl these plots has been
reduneed kli hiim a n'nic eshift inl thle resonant frejuenlcy. The resonant fretICI~ e cv lfl

have bccnl shit tcd tn thlc igh't Inl 1Lcs 4- 6. bt due to the resoIl t(ilof the data ov'er the
vllcl n .rctilnc ne ran cc._ the e Ilc'' kas, not evident. A seies OfZOI~ zoom ea1surenmnt wi 11 b

mal"de toc lr tht. p ossi hi lit v of- a shift inl resonlant frequency at these lctiric field
st rctlr. ..At an C Clec hfeld of 1 1.0 kV/mim. 11 clure 7. thle miM11tude of' thle resonant peak

as~elI as thele s~ll ma1 i Irq u cv decreased duti to thle F R flui1d effct. [rom theconpisn
otf tis (laa there atocr hbe a chanc inl the damnpingo mechanism when thle electric field
IS r nereasecd bct \ cu i 1.kV/'mm to I .6k/ini., This will he discussed inl termns offthe system
damlpling- pr'.pcrtics inl thile lxt -cctiOnl.

Thei 111,,llit udc 411 darulpi g prov idedi by tile FR fluid has been q]uantified by thle
alkcnlAP II (nit" the s,\stem am 1 it IMRe ratio (AR) and the logarithimic decrement (6) . These

qltiiltitics dctpcl~d onl thle calculation of thle sstemi damping ratio (C). The system damlpling-
ralt a) can be cil c n I .rtd floiln cxpern me utal data by three methods. as Show ii inl Steidel ( 1979)
aini Nashrt' er a. it 11,s3 'I hcsc urethods are by thle half power points, thle shift 'in frequncy~
.11tI from the pha 'canie

'I he ira] I p m er po nut method provides a good apprxi mat ion to thle syvsten dampling-
WI* darnlpin lnes less,, thanl 0. 1. Sinice thle sstm darlpling In tis CaIse is crerater than 0.1 ,

thle Li t tv C e p d u t methodiilwl v enerat erroneouls resL Is for the systemI dampingL
C( e I c it at thle hiL cirr electric fie hi values. A nother tee huique to calculate thle svste in
daupinc'- nrtil( inroin the experimetlCI (kata IS to rise thle sifltt inlatra frequenIcyI Of thle
damnpc.d s\ 'tcin. 'IhCdrrpnau IM rerLueuc wkill be lower Ota tha't Of. thle undamllped
natulral ftncnc\ :. The c Iv )nshij) lhei ee thle damlped natulral frequency and the
iinlldrrape1d 1;C~n~iicjliieCv is L2I\ell h\. thle following,1 equLation from Stci(Iel (1979):
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This method was useful On tile 1.6kVhm data only since the data resolution 01 thc other

resonant frequencies did not show this shift in frequency.

The phase an-gle information generated can be used to estimate the darnping'
characteristics of the system with respect to the applied electric field. If the structure
contained no damping then the phase angle would be zero for all frequencies up o tC
resonant frequency. At the resonant frequency the phase angle would instantaneously
increase to [ radians and remain at this value for all frequencies (Figure 8).

Q

711

() 1.()2.5

Figure 8. A Phase Angle vs Frequency Ratio Plot

The phase angle has a value between zero and T radians when damping is present in the
structure. The phase angle is to equal IT/2 radians at the resonant frequency. For a given
value of the phase angle at a given frequency, the system damping ratio can be calculated
from the following equation in Steidel (1979):

(02 - 02)

- tano (2)

This expression provides a relationship between phase and frequency as a comparison of
the system damping. This method ;'; used in the calculation of the system damping ratio to
represent the effect of the electric field on the ER fluid. The phase angle method is the most
accurate for the given data set.

The result of the svstem damping ratio calculation by the phase angle method is
shown in Figure 9. This figure shows the increase in the damping effect as a function of the
electric field and frequency. The entries in Table I are the system damping ratios normalized
by the zero state result. This normalization was performed to illustrate the effect that the
electric field has on the system damping ratio. The system damping ratio values in Table I
are rcported at the nat ural frequency of 10.366 Hz

GAB- 7
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Figure 9. Damping Ratio vs. Frequency Ratio

Table I. System Damping Ratios ( )

Electric Field Strength Phase Angle Shift in Frequency

1.6 kV/mm 3.575 2.299

1.2 kV/mm 1.089

0.8 kv/mm 1.175
0.4 kV/mm 0.939

0.0 kV/mm 1.0 1.0

KEY RESULTS

The results of this analysis will be represented in terms of the amplitude ratio and
the logarithmic decrement. The amplitude ratio provides a relative comparison of the
damping effect on the system due to the applied electric field. The amplitude ritio derived
for a viscous damped, single degree of freedom system excited by a harmonic forcing
function can be found in Steidel (1979) as:

AR= r (3)

I - + (8

GAB-8
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Holurc 10. Amplitude Ratio vs. Frequency Ratio

By comiparing thle reduction of thle amplitude ratio (Figure 10) at 1.6kV/mmr to the zero
state, an attenuation of approxim-ately 4.0 dB is realized. The shift inthe resorant frequency
is also evident for the 1 .6k V/mmr case.

An additional mecasure of the systemi damping capacity of the ER fluid is the
logarithmnic decremient. T1he logarithmnic decremient provides amaueo h mltd

reucio fomccl t ccl.This re Iduction in amnplitude is of thle form., X,, =X 0e
The logarithmnic (lecremlent is(efined inSteidel (1979) as:

The vi I ucs ()t the louar-111ithc decrement caCle lated fromn eq uaIt io (4) are Ii sld II[I
Table II. Thece a c'1kii 1IS tiosWc-:k Ilmade at thle damiped natural freq uc\'. )CV h 1ich
c-orre sp( ndCd i)tho 0C r IC LI lar caSe uIS11ng thle phase angleC calculation01 for) the SStm1
daniping ratio.

GAB-(9



Table 11. L)garithnic Decrement

Electric Field Strength Logarithmic Decrement
1.6 kyn/m 3.454
1.2 kVimm 0.989

0.8 kV/nn 1.070
0.4 kV/mn 0.850
0.0 ky/mm 0.906

For comparison, the logarithmic decrement of a new automobile shock absorber is
approximately 4 (Steidel (1979)). From the results in Table II, in general, system damping
improves as the electric field is increased from the zero state to the value of 1.2 kV/mm.
The effect of the electric field s not strong in this electric field range. When the electric field
was increased to 1.6 kV/mm the logarithmic decrement dramatically increased by a factor
of three. This dramatic increase in the system damping ability indicates a physical change
in the damping mechanism of the structure.

CONCLUSIONS
A result of this analysis is that the vibrational input was attenuated by 4.0 dB

throu~gh the use of an ER fluid. This value of attenuation is low when compared to the
results of othcr applications ( Stanway et al. (1987), Stevens et al. (1984) and Margolis and
Vahdati ( 1989)). The results of this application depend on the relative shearing between the
ER fluid along the flexible boundary and the center where the ER fluid is driven by the
electric field. The zero state viscosity of the corn starch/mineral oil mixture was high (209
centipoise). A less viscid zero state fluid would provide better results in this application by
producing a larger gradient between the electric field driven fluid and the outer fluid. A
silicone oil based fluid (50 centipoise) will be utilized for future experimentation to prove
this statement.

A ;ccondarv result, but the most interesting, is what happened inside the ER test
module v. hen the electric field increased from 1.2kV/mm to 1.6kV/mm. The quantification
of the transition was attempted by taking data at smaller increments of electric field (0.1 kv/
tifl) however, the fluid was found to be past its usable life. A possible explanation to
d,.mi.ic 6C dawlnping mechanism could be made based on the critical electric field theory
of Jaggi et al . (1989) and Tao et al. (1989). The work of Jaggi (1989) and Tao (1989)
predicts a criticail electric field where the onset of a phase transition in the ER fluid occurs.
With the cxit,,cnce ofa phase transition electric field, the ER fluid in the test structure would
not have become a 'solid' at the electric fields below 1.2kV/mm. Since the zero state
viscosity of the FR IIuid was high, the difference in phase state between the fluid regions
may not havC Cen suflicient to produce an interface where the shear dissipation was to
occur. At thc elctric ficld of 1.6kV/mm (or between 1.2 and 1.6kV/nm), the ER fluid
driven by the ficd became so]id'" thus, developing the shear interface between the fluid
:,.gioris.

This % di bcx perimentally verilied in the near future by reproducing Jaggi's
experiicut %%:III the fluid used in this investigation.

CAB-10
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NI~)VLINGOF NONLINEAR~ DILATATVIION kLSP()NSI: F 01'I 'IS
(I')N'A I N IN ( ('0 LININ S Ha st ic an Yi(ear R~elaxat ion (ConlsidIered

Berrild \Veridlanidt

D~epartmrert of Defence. Miaterials Research

Laboratory. I)STO, PO( Box 50, Ascot Valt,

N ictoria 3032. Australia

Abstract

'I'lie non-linear wave equation governip. the propagation and scatter
of dilatation waves inl discontinuous inedia is p)resented and its Eullerian
nuimuerical an alogue is used( to stud oy scatter of acoustic dilatation waves
byv coluimns and dIucts inl elastic and visco-elastic fluids. lIastic and visco-
elastic relaxation mechanisms are considered. The spectral form of the
wave equation is developed and used to discuss dispersion. Selected ap-
plications of the numerical analoguie to simulation of scatter, propagation
arid! echo at ternation are p~resen~tedI.

INTRODUCTION

A secondl order. partially Imlplicit and alternating dlirection Eulerian nuier-
ical alproximiation to thle p~arabolic, first order non-linear wave equation is used
to cormpuite scat ter of dIilat at ions from i1 niiornogenei ties inl material iiiodiili and
dlensitIy. sp1 ectiral arialvsi s Is used to discuss thle dlispersive effect material irihlo-
ii logerneit ies h avye onl t ravelIi ng dl at at ional waves. The usefulness of the scheme
is, Illuistrat ed by sinmulat ing the propagation of a Gaussian shaped dilat ational
pul se a ro ild a in elbow III a dIumct, Immn ersedI anmd radially out, of a cylinrder in an
elastic fluid and by comipunt ing the scatter of dilatations from air columns in
elastic fill ids. Finral ly. t lie reflect ion of diltatat ions fromn a rowv of d~oubl1e and~ silrl-

gewedge shaped air- colli ins inl a fict itions plast ic-visco-elast ic rued in mu hacked
1vI a vercl of alin, is calciu Illa t ('d. Ire sclhemue considers p~last ic rela xation and
v isco-elas tic rela xa tli duie to comnpressiorn and shiea r.

MODEL

ihie Pr pagat ion of acoustic waves" is gow. &Irued 1)v thle laws of coriser-vat moll
o)f rl(ilrinertl urn and Ilass. arnd edliat ion of state which relates the stless, III a
Ilmedilinii to the( associatel '-drain thirouighi rmaterial lprop)rt ics. 'Illme I hookeali-
NIelviniiiriiodcl [11 provides thle sliii11)lc,.t relations lii I) bet weeri st-irai ii and stress.
which. whenl alplliecl to cormplressioni arid shear separlately. YieldIs a stress-st rainl

*5 ( immimtrfami ( '. Aimmi~frulis. \1l) 21,1tfl , tpmome: (30M) 267 Gn;5V3.
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relationship which reflects observed plastic relaxation and visco-elastic relax-
ation in dilatation and shear. This relationship (all be written as

o't -+A (1 -±/'( - in n 6+ 2/t (i (1)

where auj is the stress tensor and cij is tile strain tensor. Material properties
are described by A,the first Lame constant, and p, the modulus of rigidity.
The plastic and visco-elastic relaxation times of the material for direct and
shear strains are 03a, J3,\ and 3 " respectively. The strain tensor is related to the
displacement tensor Ui for sniall displacements by the linear expression cij =
(ui,j + uj,i)/2, where ui represents differentiation of tensor it, with respect
to displacement tensor xj. This strain-displacement relationship provides an
adequate description for material response to excitations when the strain is less
than ab ,ut 10%. Strain can vary rapidly with respect to-distance at material
interfaces [2], particularly when the acoustic or vib,'ational impedance varies
significantly across the interface. The strain at. the interface of materials with
disparate acoustic impedances is more accurately modelled by the parabolic,
or first order non-linear, approximation to the strain [3] and [4], which can be
expressed as = (u.= i +1ji + luk,itk,j)/2 . Incorporation of this non-linear strain
into Equation 1. enables the HIookean-lelvin stress-strain constitutive equation
to accurately model material responses for strain values up to 30%, [3]. In this
approximation, uij is known as the 2nd Piola-Kirchhoff stress tensor and Cij

is known as the Green-Lagrangian strain tensor [3]. A linearized expression
for the non-linear strain can be obtained from a first order extension of Taylor
expansion definition of the strain-displacemnent definition [5] which yields

1 ,+ + , + ?j") 8xj (2)

When this expression for the strain is substituted into Equation 1, a second
order approximation in it to t]he non-linear constitutive law is obtained.

When A > It the propagation of an acoustic excitation in the medium
may be described by the dilatation . 0- l)ilatation is defineld by the divergence
of the incremental displacement of the strain. In regions where tile medium is
uniform, the dilatation 0 is related to the pressure by p = -pc'O, where p is the
density and c is the speed of sound characterizing the medium. The propagation
of the dilatation can be described 1)y a wave equation derived from divergence

) 2
n

of the lav of conservation o foet mini. - : , ai, miass. -
and combined I with tihe al)ove approximation to the non-linear coistitutive law,
Equat ion I ard t he non-linear st rai l'>Imiat ion 2. This non-linear wave equation
can be expressed, approximately. as

'0 V{ '+ < >)(-+ -))}V(<, > - +V-,.)+Q (:3)

where A* = A(I + {a', -lid) a1d , ,(I + {', - *.}e), and H. is all
Increment of expansion of the l)osition vector of the spatial location (x. .I, z). The

deIsity, p at p)OSition (.r, , z) arid t i111, t is relate(d to le initial. uiniperl urbed
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density po frot the law of conservation of mass by p - p0(1 - 0 + 02), to
second order ii 0, which is assumed to be zero at time t = 0. The < I*" >
represents the average value of /t" over a small volume of computational cell of
lhe nunerical analogue of lquation 3. This approxi mat loll is justified thIrough

the integral form of the divergence theorem [1].

Ihie Q, describes the scatter of dilatation waves by material inhomo-
geneities and call be written as

Q, - [VL(A'+ < p >)((-) + V -. F)+ < p > V(- + V( -. i)] (4)p

Qhe Q, is a son.rce ternli for lihe generation of dilatation wavelets at. material
discontiiiitl is [1]. Shear losses dominate when p3,, > A,\ 3

The non-linear wave equ ation, Equation :3, is dispersive and a spectral
aliaivsis [6] of Equiation 3 shows that as dilatational waves interact with and
are scatLered by material inhomogeneities they may change their nature from

ravelIi ng to danped and vice versa. If the dilatation wave, 0 is represented in
complex formulation. where = x/-1. by

0 0 exp 1(k .5- y t) (-5)

where the is ll iioIclIit u vector, (-)0 is the amplitude and ' the angular fre-
'111cii v ( of tI . wave. tile spect'mili form of Lquation : may be written as the

pladIratic ext )ression (k '2 - dl& - c 0. The spectrum relation [6] for the mo-
Ii.cIt urnI vector k is then in terms of material properties and angular frequency

a,(, -+ + + b (6)2a 2a

wh ree t(i' cefli(i(,llts

, a = 4 -, / I> +A _,(2 V [ ,A < , > + V < p > - --V \ + 2 < < > ) , -

p
(7)

itllid

) 2V( < p >_-+V <p >_ -(A.\ + 2 < >+

Vpp
p

H ereI, III( ~ l, " , ,' n s ; \ ' IT fI'('(j1W IICY sIM C e to the CO H ntp I 'CX pa r am ieters
A I I- C\ ! -I ;md3 .~ ! , l~ /1( 1 + , - [ . -J,]) T h e te 'ills k, dtc ,lo te u n it

I> t~ -, (Jf I"

Ilvpr( t m i f li he ('t ciic al ];, I 'rS it i(,l J - f0 r a wave. Lqial ](i .

"ii HI ta t. w , I ll vc11fIg , w Iv ' wheln k Is reall aii I"daripe(I. o r l ec a y as
(' WIWI Al'n 11 i'1)(Il 'Ne il W repre'cuits th li inagi fitiarV CWunilile it of k.
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(lahi I oll 6 hais at leaist o)i(e (ollipIleX rool for .( evi cVCI Wh(11 plast ijt ,v
i1diI oI isS ec II(ts alt e I glIIoredl. If t Ilie IIit tcr IiaIl pro pe rt Ies a re lII )I I IIlopeliwoIis

1iiid b / 0. 'Yi I)IIs t ra velIIg waves I mIay be (lmped , or' decaUy exp)0I (II I iall1v.
ii elastic lii onmogeneous mat erials. Waves whose frequienies, ad( i rcht ol

of propauga tion relat ive to material Inuterfaces, make b 2 > la(c are conmple tely
damped and do not propagate.

NUMERICAL ANALOGUE OF WAVE EQUATION

L'quation :1 asun that the material p~aramieters are differenitiable NWit h
rcslpec t to spat ial coordinates. THieir use inl discontinuous media miay require
slpecial conisidera tijon of bou11ndary conditions to avoild any snmearinug of miat erial
Interfaces. H owever, very ac cdlt alle soluition schiemes for witve eq uat ion s have
beeni obt a inedl, [7] anud [2], whiich do(1 not require special treatmient, of boundt -
ary cond(1it ions an Tilliear a pproximat ions Ill 9 are a ble t~o trace thle propaga-

ionl of acouist ic (a issia ii pulses and wave- packets through wat er-elast oi r-
air-elast oier- stecel -watecr sa uidwichies to anl accuracy of 95 to 98 (A, i"igu re1ail
2whiicli show su1perimposedl sna psliot~s of (Gauissian p~ulses reflect ed and t rails-

ini! I(' across ii it erfaces. As thle problems compu te(1 are one( (Iiniensici ia I the
i lre fai iiliar particle dIisplacemuent rathI er thIian d ilatat ion is shown. H1owever.

08-

0 4 WATER

1.2

0 ---- 4----- 08 i\ IAIR

04 Figure 1: 0 4

- ? 1r t 0" I 3

flut s aif l tr helsuIitte I rt waoterteel I~ it pr1111 alit l' I riisit te a Ilt (ir/w eam Iit r-I

to iolldl reflect (in anld refract ionl froml mlatecrial lintelfaces" accurat ely, wit hlitt
vieb I ingf acc iratel valIiics of It 'l ic tiomual at t lihe lilt erfalce is" well] kilon t [ 7] 'Ie
(Phi~tllions slIowlI in I'ig.uvies I andt( 2 imidicaic t hat straini vmaions across ititer-

f;ics uIIIt% he I_,Icatci u ll IX and14 that1 a 1ouil iliar. forint f the w;ivc clllil.l

whlil eini:- 'l1iltitll Io 1w aPIioxiuiiatldI) ;I a niill cxpul'ssioli. IS all-
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it H110FI~iil anai~logue( wasI Xwi1 te~ll In a i Cl e i p] it folri ii l;tt BI 191 whichb
call read(Ily be I Ilt eglatod(1 l ig t lhe unIIdIiIC(J I il Iialy s I i )e aIlhII I at iI II (i IE ecIi (I

techn~iqute, AM)I 110] . The AD1) t Iiow st (T thle aiialogi eq((ual iB m I ()Lj11it ion

imp)licitly, first alonig onle space (liieniiOI leaving all trriis invtolving dilffereni-
tiation along thle 01 lie spa"e dinmnsion and~ thle nom-lincr tcI riii, at thle pirevious

timec level temporarily to provide an inktrii ap proxilath~mi to 0. Th is process
is repeatedl alonig t he other space diimnsion, an(1 0 iii the noni- Ii iwa r teriiis

assume the value of the interim approximation to 0. Ani updated] value for 0 is
considered to hav e beeni ob~tainedl after the completion of this second step ['10].

CASE STUDIES

To ilitistrate ho, isefllliss of Equiation 3. and~ th li 1vu11iiig Wjie (lidftincv
scheint , t h rc . ac sItidies were ca rriedl out. Fi rst tlie sclje i i was used to
simulate the( propagat ion of a Gauian sLapeold liatahin pulse see Viguir 3.
aroulnd a culrvedl duct immnersed iii vater anld of acollst ic illipdili~cc f]lal to)

Hiirt 3: liiiti ii ain"Wlil profi of puil>
Ia rlc~ tlII dI o A% Ii ~I dl igii re .1 beuis i IV C O i 1)1, )f d (

hat of w~ .For eas, oA simiplabumo. thle (leility of t ic duct t m Fig'ure I
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r t I i on lit ia ion F .I IondI t h cien I\a t 11( -I t 10 ;1 :1! 1i,t 1 1 - i 1t( 11t11t1

respon)S" c'f I cYlind 'r uImmersed in) Water. and of mate t i pl ro rIs of te
'1 dct, see I~grc 6, to at (Gaussian pulse general (t at tili t >( a loil u the

axis of te cyhi,il'r. A sniapsliot of the radial expanision of io' ;mld'aio its
penet rat ion thIirough and1( reflect ion from thle cvi. nder wall is s1 owi ini 1 gtu re i
As can b(seen from Figi ire 7. the pti Ise rali at es out ward un ifori ' v~ as, expected

anid is v' rt.ja lly reflected from the cylinder walls. ILt rc'Ilect jOT if r' Msoti to
he uneven, andh rotate around the inside of the cylinder wall Indic~lT ing that
he reflections azw' riot thle first mode, or specular, reflections. Iij t a i higheCr.

ec rcu niferctu tial modes. Itilrd ly, the scheme was uised to cal etilate I e a roust ic

.100,
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resp)onse of rectaniguilar. cylindrical andl double wedge air columns Ii water to

(Gauissian all] fivxe wavelength siusoidal wave-packets. To indicate a practical

utse of this scheme, the acoustic echio of an elastomer layer, filled with air columns

andl backed by air, was calculated, assuming A >~ it.
The acoustic responses of the cavities to a Gaussian shaped wave-packet,

are shown in scalar, or modulus, form of the dilatation in Figures 8 - 10. The

Gaussian p~ulse is incident from the left in the figures and the time snapshots

show the colmin responses when the pulse has passed the row of air filled

cavities,, C. Thel( figures show% a reflected component moving to the left and

the p~art of the pulse not affected by the cavity to the right. A component

which has been slowed at the surface of the cavities through surface relaxation

is trailing the miain p~ort ion of the pulse as expected from surface wave theory

(I]. The rapid change in dilatation across the surface indicates that a parabolic

Vigl r 11 li gu re 12: Layer of elastorner con taini-
iiashit f iioioiole iig rows of (lollble anid sinigle wNedge air

di pole. d. alnd walvelet , if-, responises to
an i si aed coi S ic1)11 e. ii id ncoltii ns, basic cell used Ii coipuitationis

* fri u owerrigh i .l~v ir cl ur iiis shown by' dot tedl lines

a pp roxi im I]on) to thle sI ra ii sinuilates thle computed dilatation more accurately

han thle liniear a pproxiiatiOii

The res pore of a single douible wedge shape(] air colIn mal in water to a

* ~~( ailiss ai pi se I's siwii F iguire 11. The pulse is travelling from lower right to

upper left and( has passed thle double wedge. Thre primary reflection has mVovedl

away, froril ilie airl cohlilii and is followed by the dipole reflect ion. The corner

;it I II back (,f thle wcdiIge generatIes a wavelet as is expected fromt (, and t heorv
()f s'Iurface wave" r I]. 'fI' (Vinriial radial syinmet rv of the reflectijons i iidicat e.
fiour coiis]i'eiat m of hVqiat iol :3 inl cylindrical co-ordinates aid] E'quiat ion 6.

t ni u d walves X6ll bem reflected as, at damped and a I ravehhiiig" av
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20

%N

10203 40 so 60

I It(, iilter~t Ion of ;In acotilsti IC (2X at loll si- ii o 1,:Ec a t11;1irof dI!olw
it iiso *ida , I avepackel wvith elast()iIer la yer I kiore Iolaijim- oildoza om ilil f edsfo,)O

co'iorII1 ouitarijui andll~( wedicl silwrg
ciii ins Ir coiiim,

( )i is! Ic o'h clid aIullat jlll foi- a selected frequ(eV bad of a row~ of air'

filed ei~s iv~nere( it~ fict itiouis (lastouiner layer loaded with water, F1,iTirC
12. are sliowii Il l~iuirE. I3 and Figure 11. The shape, Size and spacing of'
he don lie and~ inl wedge s were choseii to mnaximize the scatter of short

waveiengt hi waves l'"a the coat ing. resonance absorption ot medium wavelength
Waves II il t erwegesiaces and~ absorptioni of longer wavelengths around the
ca",ItI(IeS.

The reflect ion coefficient R?. shown in Figure 1H', was comp~uted( from
hew amipli tude of the standling wave 0, generated in front of tile layer antI the

anmplit ude of the linident, wave 0, through Rft -20 log, 1 0 - Oj)/0, }.1 lie
material propertiles i rid layer p~arameters assumed in the calculations are shown
in Tlable 1.

Table 1. MATERIAL PROPERTIES AND GEOMETRY OF ELASTOMER LAYER
Material Density Lamn6 constant Loss Tangent

kg/rn 3  kg/sm 2  W 3t
wza0.r 1000 2.25 x 106 0.0
ai r 1.29 x 10-3 14.0 0.0
elastomer 1130 2.54 x 106 0.650
Th Ic kne of laye-r O0 5 0m3 Height of double wedge 0.020m
Width of w'uige 0.Ul5mn Separation of wedges 0 .0 1 5m

auigiilar excitation frequencv

A i 11ii c~Ic tha innli echo( reductii peak at 1 i 1)~i (11due
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double wedge air column. The peak at 42kttz might be due to a resonance
set up bctween the double wedge and the single wedge of the elastorner layer.
The high echo reduction properties of the generic elastomer layer for frequencies
greater than 50kHz may be attributed to scattering and absorption within the
elastomer.

CONCLUSiON

The non-linear wave-equation describing the propagation and scatter of a
dilatation through piecewise continuous elastic and plastic-visco-elastic media

has been presented. The wave-equation has been augmented by the correspond-
ing spectral equation which is able to describe the attenuation and decomposi-
tion of travelling waves into damped and propagating components at material
boundaries in inhomogeneous media. The numerical analogue is able to model
non-linear wave/material interface and discontinuity interactions, and address

problems of practical interest in noise engineering.
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ELECTRO-RHEOLOGICAL FLUIDS
CHARACTERISATION BY DYNAMIC
MECHANICAL THERMAL ANALYSIS

UNDER APPLIED FIELDS
Ray E. Wetton'

Polymer Laboratories Ltd.
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J. C. Duncan

Polymer Laboratories Ltd.
Loughborough, United Kingdom

Mike Connolly
PL Thermal Sciences Inc.

Amherst, MA

ABSTRACT

Electro-rheological fluids increase viscosity under high electric fields and are of great

interest for variable mechanical torque transmission (electrical clutch) but of course
have potential applications for variable controlled damping. The electro-viscous

effect can be achieved in two different ways:

1. Structure build-up under electric field

2. Introducing a relaxation process of the same timescale of the motion to be

coupled.

Mechanism (1) will be inherently mechanically non-linear/non Newtonian whilst
(2) can in principle be linear visco-elastic.

The torsional rheometer head for the PL-DMTA has been used in this work in

the oscillating mode with parallel plate geometry. The parallel plate configuration

allows uniform high voltage to be applied across the sample during measurement

of the visco-elastic characteristics. Cone and plate geometry does not allow ap-

plication of a uniform electric field and has not been utilised in the present work.

Type (1) and (2) systems have been studied as a function of temperature oscillation

frequency and applied voltage. Results are reported in terms of a tan 6 and shear

dynamic shear moduli.

FULL PAPER NOT AVAILABLE FOR
PUBLICATION

'Polymer Laboratories Ltd., The Technology Centre, Epinal Way, Loughborough LEll OQ"
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ON PIEZOELECTRIC ENERGY CONVERSION
FOR ELECTRONIC PASSIVE DAMPING ENHANCEMENT

D. L. Edberg"

A. S. Bicos

McDonnell Douglas Space Systems Company
J. S. Fechter

McDonnell Douglas Electronic Systems Company

ABSTRACT

To meet their performance requirements, large orbiting space structures are expected
to need both passive and active vibration suppression systems. Ideally these systems
would rep!ace structural members with members possessing both structural and

dissipative properties.

The design and development of concepts of enhanced-damping struts that employ the
mechanical/electrical conversion properties of piezoelectric materials is presented.
Rather than mechanically dissipating energy, the strain-induced mechanical vibration
is converted to electrical energy which is shunted through a tuned electrical network.
The networks use a shunted inductance which acts in concert with the inherent
reactance of the piezoelectric material to maximize the current dissipated.

Because of the relatively low structural frequencies and large piezoelectric

capacitance, inductances on the order of tens to hundreds of Henries are required. A
means of using operational amplifiers to simulate the inductance is presented. This

substitution eliminates the substantial dead weight of the inductance, and allows for
fine-tuning and programming of the inductance to match variations in frequency. A
means of adding damping for several frequencies is given. Finally, experimental

results are presented.

Senior Scientist, Advanced Structures and Materials, Dept A3-Y857-13-3, 5301 Bolsa Avenue
Huntington Beach, California 92647. Tel 1 714 896-5210
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INTRODUCTION

Many types of spacecraft are expected to need shape control and structural viLration
suppression systems to meet their performance requirements. Spacecraft operating
conditions and on-board systems can induce unacceptable structural vibrations
requiring many minutes to naturally dissipate. Systems require precise spatial

positioning of their components, and such motion can result in the need to introduce
some means of vibration dissipation to the structure. This dissipation can take the form

of some passive damping mechanism, shape controls, an active vibration control

system, or a combination of passive and active systems.

This investigation is concerned with the theoretical modelling and experimental
implementation of piezoelectric struts in a generic truss structure. Our recent efforts in

this area include struts currently under development using a composite material with
embedded Lead Zirconate Titanate piezoelectric ceramic materials (PZTs). Using the
piezoelectric effect, the embedded PZTs can act both as actuators and sensors for a
shape or vibration control system. The actuators convert the electric field generated by

an applied voltage into a mechanical strain. which may elongate or shorten the PZT.
Conversely, the sensors convert mechanical strain due to motion into a voltage which
may be used to monitor the structure's shape or vibration.

The piezoelectric struts were used to enhance the structure's dissipation. The PZT

terminals were shunted with resistor or resistor/inductor networks [1,2], which
dissipated the electrical voltage piezoelectrically generated by the structure's motion.
Results of choosing the electric elements in the network to tune for a structure's natural

frequency will be presented, and the means used to damp two modes simultaneously
will be shown. A circuit consisting only of resistors, capacitors, and operational

amplifiers simulating an inductance will be shown.

1. THE MDSSC CSI TRUSS

The MDSSC CSI (Control Structure Interaction) Truss has been assembled to serve

as a testbed for a wide variety of CSI investigations, including various passive and
active control technologies and their practical implementation. It consists of Meroform
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aluminum and Plexiglass struts and steel nodes, and may consist of up to nineteen
bays of rectangular trusswork with diagonal members. The Plexiglass struts may
easily be moved to alter the structural frequencies, and any member may be replaced
by piezoelectric active struts manufactured by MDSSC. The CSI truss is shown in
Figure 1.

Figure 1. The MDSSC CSI Truss testbed.

The CSI truss is suspended by eight soft springs simulating a "free-free" support
system. The spring supports provide pendulum modal frequencies less than 0.5 Hz for
all six quasi-rigid body modes. As this is significantly lower than any of the structural
mode frequencies, the suspension can be considered "zero stiffness" as far as

coupling issues are concerned.

For passive and active control investigations, MDSSC fabricated a number of
piezoelectric struts, each consisting of a number of lead zirconate titanate (PZT) hollow
cylinder segments wrapped with a fiberglass/epoxy outer coating. The PZT segments
were polarized so that an electric field applied between the outer radius and the inner
radius created axial deformation. Mechanically, the segments were connected in
series, and electrically all but one of the cylindrical rings were connected in parallel.
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The remaining segment was electrically isolated so that it could be used
independently as a strain rate sensor. Figure 2 shows the design of the MDSSC-
fabricated piezoelectric struts. The design was modified from one used by researchers

at MIT.

ELECTRICALLY ISOLATED PZT TUBE ELEMENT

ELECTRODE BUS INTERNALLY ELECTRODED

0.045" 0.06"
SENSOR CONTACTS ACTUATOR CONTACTS

PIEZOELECTRIC (PZT) TUBE
ELEMENTS

Figure 2. The MDSSC Piezoelectric Strut.

In this work, the piezoelectric functioned as a portion of a vibration dissipation system,
where the PZT struts used their electromechanical conversion properties to couple
vibrationally-generated energy to a tuned electronic shunt circuit to dissipate energy.
A second application was to use the voltage observed at the terminals of the isolated
segment of the piezoelectric members as a direct readout of vibrational amplitude.
With their very high voltage output, PZTs approach the qualities of ideal sensors.

2. ENHANCEMENT OF DAMPING USING A TUNED ELECTRONIC SHUNT

When a structure is vibrating, components of the assembly are mechanically strained.
Piezoelectric materials convert this mechanical strain to electric potential, which allows
the addition of an electrical network to extract energy. Hagood et al [1,2] have showr,
the results of adding a passive shunt to a truss with piezoelectric members. Their truss
was of similar construction to the MDSSC CSI truss, except that it was shorter and had
twice as many piezoelectric struts. Their experimentation employed both resistivc
shunting and combined resistive/inductive shunting.

GBA-4



Piezoelectric materials under external excitation behave similar to a capacitance

electrically in parallel with a voltage source (see Figure 3). A pure resistance is the

only means to dissipate energy, because both capacitive and inductive elements can
store energy, but not dissipate it. References [1] and [2] showed that there are optimal
values for either resistive or inductive/resistive shunts, and the optima were

determined by energy dissipation relationships having to do with cancelling the

inductive and capacitive reactance at the structure's resonant frequencies.

L

Piezoelectric Strut

Figure 3. Equivalent Electric Circuit for a Piezoelectric Material and Shunt

Because of the low frequencies involved (from under ten to hundreds of Hertz), large
values of inductance are usually required, because the natural frequencies of the

attached shunt are related by the following, where L is the added inductance, and Cp
is the capacitance of the piezoelectric:

f,,-(LCP) 1

With f, around 10 Hz and Cp about 1 tlF, the value of L computed from Eq. (1) is in the
hundreds of Henries. Inductors in this size range are very heavy and possess

significant internal resistance, usually higher than that for optimum dissipation.

Reducing the resistance or increasing the "0" of the inductors may be accomplished at

the expense of additional mass, by increasing the gauge of the wire and the mass of

the inductive material. This is contrary to mass/payload constraints for large space

structures.
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For this work, MDSSC designed "active" inductors using operational amplifiers and
passive circuitry to replace the large mass associated with the necessary values of
passive inductance necessary. This was done with a pair of integrated circuit
operational amplifiers connected as a gyrator[3], which can produce values ranging
from hundreds to thousands of Henries with just a few simple electronic components.
Operational amplifiers and a few passive components are all that is required. The
electronic circuit used to simulate a large inductance is shown in Figure 4. The value
of the simulated inductance may be easily changed by adjusting the variable resistor.

One difficulty was related to the EMF generated by current through the large
inductance. Voltage on the inductor may be computed by the relation

V =L x di/dt, (2)

where V is the inductor voltage, L is the inductance in Henries, and di/dt is the rate of
change of the current through the inductor. It may be seen from Eq. (2) that for
moderate currents and inductance in the hundreds of Henries, it does not take long to
exceed the normal ±15V range of a common operational amplifier. This indicates that
damping performance is likely to be improved at higher current levels corresponding
to higher vibration levels with the application of operational amplifiers with higher

voltage characteristics.

The use of operational amplifier circuitry to replace passive inductances may mean
that it is possible to have passive damping circuits monitor the frequencies to which
they are subjected and alter their own characteristics in order to optimize their
behavior. This idea is similar to the AFC (Automatic Frequency Control) circuitry used
on FM radios to track frequency shifts in commercial broadcasting stations.

The results of applying a single-mode tuned shunt containing an active inductor to the
first bending mode are shown in Figure 5. Notice that both the amplitude and
frequency drop upon application of the tuned shunt, just a a mechanical system
behaves with the application of a viscous damper. The amplitude drops 11 dB,
corresponding to a damping ratio increase from 0.068% to 0.25% of critical.
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Figure 4. Operational Amplifier Simulated Inductor.
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Figure 5. Damping Increase Obtained Through The Use of Simulated Inductor.

To be practical, a vibration dissipation system must work on a range of frequencies,

not just a single mode of vibration. This means that added circuitry must be tuned for

other modes. Because of mutual loading effects, adding a second shunt circuit

"detunes" the first shunt as well as its own settings, so that these effects mst be

considered in the design phase. The configuration may be analyzed somewhat easily

by iteration, but an expanded theory for synthesis of multiple mode shunts is presently

under development.
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An example two-mode shunt is shown in Figure 6. It adds a second parallel LC

network to the original shunt circuitry. Such a configuration simultaneously damped

the first and third mode of the MDSSC CSI truss, as shown in Table I. The second

mode was not targeted because the piezoelectric struts have little participation and

thus effectiveness on this mode.

C2

-2 _

MODE 1 MODE 3
SHUNT SHUNT

Figure 6. Electric Circuit Depiction of Two-Mode Shunt

TABLE I. RESULTS OF TWO-MODE SHUNT DAMPING EXPERIMENT

Mode Damping Ratio (% Critical) % Increase dB reduction

Unshunted Shunted

1 0.0397 0.146 368 11.3

3 0.0381 0.200 525 14.4
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CONCLUSIONS

This paper presents several concepts that are intended to enhance the available

damping created by structural members in a vibrating mechan;'al system The

damping is enhanced by dissipating the energy created by mechanical-electrical

conversion of the piezoelectric materials within an electronic circuit.

We have used the piezoelectric members of the MDSSC CSI Truss in a demonstration

of various vibration dissipation techniques. In all of these techniques, one or more

tuned shunts is connected to the terminals of a piezoelectric truss element and tuned

to create a resonant circuit for enhanced passive damping. We have shown that

heavy passive inductances may be replaced by lightweight electronic circuits, and that

a tuned shunt circuit may be made to simultaneously dissipate two modes of vibration.

Due to mutual loading effects between multiple shunts, there are still analysis

difficulties related to their design and synthesis.

RECOMMENDATIONS

We are working to develop an active inductor circuit that can tolerate higher voltages

without saturation of its operational amplifiers. This development will be coupled with

the development of a more practical theory for the multiple shunt analysis that will

reduce or eliminate the trial and error methods used for this study. A wideband shunt

circuit will also be investigated, as will self-tuning (AFC) circuitry.
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THE NEED FOR PASSIVE DAMPING IN FEEDBACK
CONTROLLED FLEXIBLE STRUCTURES *

A.H. von Flotow and D.W. Vos
Massachusetts Institute of Technology

Cambridge, Massachusetts

ABSTRACT

It is well established that an undamped infinite dimensional mathematical model of a
flexible structure cannot be stabilized with finite bandwidth control; the required gain
stabilization beyond the bandwidth is negated by the infinite structural gain at each
resonance. Thus, even a mathematical model with no modeling uncertainty will show that
passive damping is critical to enabling active control. What is less well known are the
benefits of passive damping for the robust control of real structures. There has been a
tendency, in the research literature, to define the research problem to consist of developing

control approaches for the broadband control (many modes in the control bandwidth) of
poorly modeled, lightly damped, modally dense structures. There is ample reason to believe
that such control is practically unachievable and that the attribute "lightly damped" is one
of the most easily and readily remedied characteristics of such a problem structure.

This paper reports upon the enabling effect of passive damping in the control of uncertain
flexible structures, particularly with non-collocated actuators and sensors. Quantative
results are all single-input single-output and the benefits of passive damping are then
understandable in terms of classical ideas of gain and phase stabilization. The paper derives
approximate expressions for the minimum acceptable level of passive damping in terms of
modeling uncertainty and desired bandwidth. These relationships can then be interpreted
as specifying either a minimum level of passive damping or a minimum level of modeling
fidelity. If the requirement is not met, robust control with the bandwidth including
uncertain flexible dynamics is not possible with linear time invariant (LTI) compensation.

INTRODUCTION

In this paper, "bandwidth" implies "that frequency range over which the loop transfer
function magnitude ratio varies by no more than 3dB." This definition is sensible for
reference command following and for distarbance rejection when the respective input
command and output referenced disturbance signals are expected to be broadband. It is
possible that neither condition is met in an application of feedback control to a lightly
damped flexible structure. A common goal for flexible structures is disturbance rejection
rather than command following. Typical output-referenced disturbances are narrow band,
either because they were generated by a time periodic process (typically an operating
machine) or because they have been filtered through the resonant structure. With reference
to rejection of such disturbances, anothei definition of bandwidth may be appropriate.

This paper addresses the problem statement: "The control bandwidth must include many
poorly modeled, lightly damped, closely spaced modes." This problem statement is
figuratively depicted in Figure la. The fuidamental point made in the paper is that no
linear time invariant compensation exists which will robustly (in the sense of stability

* This paper is an edited version of a previous draft presented at the 61st Shock and
Vibration Symposium, Pasedena, CA, Oct 1990 and in present form will be presented at
the VPI+SU Conference on Recent Advances in Active Control of Sound and Vibration,
April 1991 and the Air Force Damping '91 Conference, San Diego, Feb 1991.
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robustness as opposed to performance robustness) achieve what is suggested by Figure la,
unless a significant amount of passive damping is present. The required level of passive
damping is-sketched in Figure lb.

a) b)

damping
gain

loop gain each line represent one f r
structural eigenfrequency for robast PhXse'

/ ~~~stabilization frgi

K- bandwidth - frequency K- bandwidth - frequency

Figure 1. (a) Figurative depiction of problem statement for bandwidth to include many
poorly modeled, lightly damped, closely spaced modes. (b) Required level of passive
damping to meet problem specification.

The obvious approach to eliminating undesirable dynamics from the controlled plant is to
generate control signals which cancel these motions [Rossi]. This "plant inversion"
philosophy is what all control design techniques, both linear and nonlinear, SISO and
MIMO [Williams], strive to realize when the aim is to achieve bandwidth greater than the
frequency of the dominant modes. In benign systems, the effect of reasonable levels of
model uncertainty is not such as to yield instability and is thus tolerable. For lightly
damped oscillatory systems which typify the broadband structure control problem,
however, the undesirable result of high gain/performance plant inversion, is instability of
the closed loop system when sufficient model mismatch ocurs. A question which arises is
how much damping is required to maintain closed loop stability if the structural dynamics
are known only with a given level of uncertainty?

Some specialized literature dealing with design of controllers for uncertain lightly damped
structural dynamics exists [ACC, Bryson, Bontsema, Rosenthal, Rossi, Wedell, Wie, et all,
but the authors assume a plant given and unable to be modified, leading to a disregard of
prescribing increased passive damping as part of the control solution. "Modern" (LQG, H2,
H-, LI) control design techniques revolve around parameterizing of the uncertainty into the
design model [Bontsema, Bryson, Wie, Wedell], often leading to rather convoluted design
and robustness evaluation procedures. Notable for also ignoring passive damping is a large
body of literature on combined optimal design of the structural dynamics and the active
control system (JPL, Venkayya, Rao, Belvin]. Much of this literature implicitly defines
structural dynamic design as the appropriate selection of stiffness and mass parameters.
Passive damping levels are assumed to be very low and beyond specification by the
designer. This lead? to elegant mathematics and numerics, but also leads to results of
questionable engineering relevance.

Novel nonlinear techniques, not LTI, such as that due to [Balas] or [Kopf], where use is
made of phase-locked loops to track modal frequency and adjust compensation accordingly,
also exist. These techniques may offer much promise for the broadband control of poorly
modeled lightly damped structural dynamics, but are beyond the scope of this paper.

This paper makes the strong quantitative statement that sufficiently lightly damped and
poorly modeled structural dynamics can never be within the bandwidth of an LTI control
system. This statement is supported with some SISO case studies, which serve to quantify
the level of passive damping required to permit robust phase stabilization of uncertain
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structural poles. Uncertainty in eigenfrequencies and in mode shapes is considered. Mode
shape uncertainty is recognized as more serious since it is the mode shapes which govern
the location of plant zeros. In the common situation of lightly damped poles and zeros such
mode shape uncertainty makes the location of the zeros highly uncertain, leading to the
strong possibility of transfer function phase uncertainty of 1800 or greater for dislocated
sensor/actuator pairs.

This paper implicitly assumes that the poles of the plant transfer function are spaced much
more widely than their bandwidth; wi - wi >> rwi. In this case of low modal overlap,

each pole can be considered practically in isolation, interacting at most with local plant
zeros. The uncertainty in structural dynamic transfer function gain and phase as a function
of modal overlap has been studied from a statistical perspective by [Lyon], and is inversely
related to modal overlap.

GAIN STABILIZATION BEYOND THE BANDWIDTH

The result we report here is well known and has been reported elsewhere in many different
forms [Gran, Spanos, Hughes, von Flotow]. The basic idea is that a poorly modeled or
unmodeled flexible mode beyond the bandwidth must be gain stabilized. Since the gain of a
flexible structure (from applied force or torque to displacement, rotation etc.) is maximized
near each resonance at a value inversely proportional to damping ratio, the conclusion
emerges that an undamped flexible mode can never be gain stabilized. How much damping
ratio is required to ensure gain stabilization of modes beyond the control bandwidth
depends then upon the gain roll-off of the loop, upon the spectral separation between the
modal natural frequency and the control bandwidth and upon the modal participation or
residue. The relationship is rather obvious and has been reported elsewhere [Gran, Spanos,
Hughes, von Flotowi. It is this requirement that leads to one curve sketched in Figure lb.

PHASE STABILIZATION WITHIN THE BANDWIDTH

If, for the purposes of disturbance rejection or command following, the control bandwidth
must be broad and include one or several flexible modes, then each of these flexible modes
must be robustly phase stabilized. In the absence of modeling error, this presents no
particular difficulty; notch compensation or some other equivalent inversion of the
structural dynamics is then an acceptable approach. Unfortunately, modeling errors are
always present. In single--input, single-output LTI systems, the effect of these modeling
errors upon control design can be summarized in terms of uncertainty in tae location of the
structural dynamic transfer function poles and zeros. Broadband control is then enabled by
a sufficient level of passive damping, since approximate plant inversion is then feasible.

ROBUST POLE-ZERO CANCELLATION

If the closed loop bandwidth (bandwidth as defined in Figure la) is to extend past the
eigenfrequency of a number of flexible modes, the only solution is pole-zero cancellation. In
the absence of modeling errors, all flexible modes may be canceled and the closed loop
bandwidth extended arbitrarily. When uncertainty regarding the eigenfrequencies exists,
however, extra care needs to be taken in this strategy. A root locus departure angle
argument serves well to explain the effect of uncertainty in eigenfrequency on the stability
of the closed loop system where pole-zero cancellation is employed in compensation. Here,
a single oscillatory mode system is considered and the damping is considered to be very
small. Figure 2 assumes that the loop phase due to all other dynamics is . at the
nominal value of the eigenfrequency in question. 496
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Figure 2. Departure angles duie to pole-zero cancellation of single oscillatory mode.

Clearly, Figure 2b does not yield instability for small gains, as the departure angle is away
from the imaginary axis. The phase lead added by the zero at frequency lower than the
modal frequency ensures this. In Figure 2a, however, the departure angle is toward the
imaginary axis, such that for sufficient uncertainty and suffidiently lightly damped poles,
the closed loop system will be unstable.

CRITICAL DAMPING FOR ROBUST POLE-ZERO CANCELLATION

Considering the simple case of a single oscillatory mode, it is desirable to implement
pole--zero cancellation as compensation in order to achieve a desired closed loop bandwidth.
This, however, leads to possible instability if insufficient passive damping exists for a given
level of uncertainty in modal frequency. This section serves to quantify ,to first order in
relative uncertainty of the eigenfrequency, how much passive damping is necessary for
stability (when employing this form of compensation) over the range of eigenfrequency
uncertainty.

Phase Gradient with respect to Frequency

First, it is necessary to evaluate the "phase gradient" with respect to frequency, w.
Consider the single oscillatory mode represented by the transfer function

G (s) = S1 2
G~s) =(s 2 + 2 ws + W2)

setting s = jw and evaluating the phase at frequency w

= -tan' - -2 9n )()

The gradient of this phase evaluated at w = wn can be shown to be

8(1)

representing the phase gradient with respect to frequency at the frequency of maximum
amplification of the amplitude ratio (vis-a-vis the Bode magnitude plot) as illustrated in
Figure 3. Now, if the eigenfrequency is unknown to an uncertainty bw = On - Wactual, then
the phase at the nominal eigenfrequency, wn, will be uncertain by as much as

-6w
(Ia)
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to first order in 6b/wn.
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Figure 3. Bode plot illustrating the phase gradient wrt w.

This allows estimates of local phase contributions due to oscillatory modes. Clearly, the
hase gradient due to non-minimum phase oscillatory zeros of frequency wn and damping
evaluated at wn), is also exactly (1), while that due to minimum phase zeros is the

absolute value of (1).

Phase Excursions in Approximate Pole-Zero Cancellation

Using the relation (la) it is now a simple matter to determine the relationship between the
phase excursion due to inexact pole-zero cancellation. For the first uncertain mode in the
ybbem to be controlled, the Bode phase plot appea, s as in Figure 4, where the phase

contribution due to the mode as well as the canceling zeros is depicted. Since 6w is assumed
positive, the actual pole occurs at a frequency lower than that of the canceling zero and
local phase lag is introduced.

Phase

ca,

-180

awa

Figure 4. Bode phase plot of uncertain mode approximately canceled by compensator zeros
inbroadband structural control problem.

If 6, represents the "phase margin" at the canceled mode: i.e. the amount of unmodeled
plhase lag tolerable at this frequency, and if the linear approximation to the phase gradient
() is assumed, a slightly pessimistic estimate of allowable 6w for a known level of passive
damping, is given by this relation

6W (6$.)(Wn

and if t5im lrad

This defines a first estimate of permissible modal eigenfrequency uncertainty in terms of
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passive damping for any system with flexibility between the sensors and actuators and
required bandwidth including flexible eigenfrequencies.

A more precise expression for the maximum phase excursion due to pole-zero cancellation
can be verified to be [Garcia]

= 2tan-(Pi - zi)

This expression is valid for large relative pole-zero spacing and correctly yields phase
excursions limited to the range 4¢ e (-1800,1800). Since the zero frequency (zi) is nominally
chosen to cancel the pole, zi=wr and the actual pole location is Pi=Wactual, then for small
angles

f iP i

-6w

which is the expression (la).

HOW MUCH 4 IS SUFFICIENT IN THE BANDWIDTH?

For a system compensated by pole-zero cancellation, an estimate (to first order) of the
passive damping (required) necessary to maintain stability over 6w may be determined.

Assuming 6w << wn and also 6w << (wi - wi- 1) ("i" indicates i'th mode) ,ensures that the
phase plot is approximately linear over this range (6w) about wn. Assuming further that
pole-zero cancellation is attempted and 6w is small enough that the effect of neighbouring
poles and zeros may be ignored (if modal separation is too small, the effect of other
contributing n%&U, ,& the total phase gradient is easily accounted for by including these
extra terms), then the local phase excursion due to the pole-zero pair under consideration
is approximately (by equation la)

6W

If the design provides a phase margin, 60m, then for a pole-zero mismatch of 6W a damping
ratio of

I 6w (2)

will suffice.

An alternative viewpoint is available by considering the root locus in the vicinity of a
nearly canceling pole-zero pair:
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Figure 5. Root locus description of minimum damping ratio required to ensure stability of
near pole-zero cancellation when assumed pole location is in error by 6.

PLANT ZERO UNCERTAINTY AND APPROXIMATE
POLE-ZERO CANCELLATION

The preceding sections have implied that the plant contributes only poles which must be
compensated with compensator zeros. Often the plant will contribute zeros, although their
location, depending upon mode shapes, is typically more poorly known than the pole
locations. Figure 6, from Rosenthal's PhD [Rosenthal], shows the possibility of a pole-zero
"flip" when the inertia of one of the disks in this four degree of freedom system is changed
by a factor of two. Near 20Hz, the plant phase is uncertain to * 1800. In such a situation
phase stabilization is impossible.

Although the precise sequence of poles and zeros in a transfer function through a flexible
structure is very uncertain, their approximate location can be known with more certainty
[Lyon]. The plant phase can thus be viewed as an average phase related to a pole/zero
density (with respect to frequency) and local phase excursions from this average phase.
These excursions must be either small or well modeled if the plant is to be phase stabilized.
If a close pole/zero pair is identified, but the sequence is uncertain (as in the case of
[Rosenthal)) then a sufficient level of passive damping is required.

In this section the arguments of the preceding section are directly applied to such pole-zero
cancellation, suggesting that approximate plant pole-zero cancellation is effectively perfect
cancellation if sufficient levels of passive damping are present.

(a).' (b)

Figure 6. 4-Disk example by Rosenthal.

Poles and zeros in the loop transfer function are indistinguishable with respect to their
origin; plant or compensator. We can thus apply the results of the preceding sections
directly. If the plant pole-zero pair are known to be within 6w of one another, then a
passive damping level of

6w 1
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will suffice to ensure that their contribution will not destabilize the loop. For Rosenthal's
system, the pole and zero frequencies were such that a passive damping ratio of 10 to 23
percent (for cases (a) and (b) of Figure 6, respectively) would have been sufficient. Such
damping levels would then have permitted robust control of this plant with arbitrary
bandwidth. For the intentionally low damping levels of Rosenthal's experiment ( - 0.004),
the closed loop bandwidth could never be made to approach this uncertain region near 20
Hz. Note that even for this laboratory system, the exact location of the plant poles and
zeros was never known. For Rosenthal, this measurement uncertainty amounted to 1 to 4
percent. This implies that even for carefully identified lightly damped structures, a
minimum passive damping level of 1 to 4 percent is needed to permit robust plant inversion
in feedback control.

An Example. Bong Wie benchmark problem with pole-5ero cancellation

The Bong Wie benchmark problem [ACC] has transfer function

G(s) K ( wn + w n/2
G(s) = s2(s2 + +

with uncertainty in modal eigenfrequency such that W'actual may lie in the range 1.0 <
Wactual < 2.0 (w in rad/s) and nominally n= r 2 rad/s.

Ik

u - m1i y

Figure 7. Bong Wie benchmark problem with dashpot providing passive damping.

For this eigenfrequency uncertainty, the estimate (La) of necessary damping is evaluated as

_ (r 2 -1)/,-2 = 0.29

Note that this assumes 60.=1 rad. The rigid body compensation, however, yields a phase
margin of 6 - 1.3 rad at the nominal flexible mode eigenfrequency, yielding

> 0.22.

the guidelines of the previous section, linear in 6w/w, thus suggest that a passive damping
level of 22 percent is needed for this huge uncertainty, if the nominal bandwidth is
extended to beyond wn while maintaining stability.

It is necessary to verify if this estimate of the required level of passive damping is
adequate. To this end, Figure 8 displays a root locus versus gain of the closed loop
dynamics where broadband compensation using pole-zero cancellation is used. In the spirit
'Jf classical control design, the rigid body modes are first compensated by means cf a low
frequency zero. The flexible mode is then canceled by zeros at the nominal location of the
flexible poles, with suitable high frequency poles yielding the desired roll-off, for a
compensator transfer function
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K(s) = (6.66s + 1)(s 2 + 2'zwns + ,n)16

(s2 + 5.6856s + 16)wn

where the damping ratio of the compensator zero is

Gz = 0.19

The loop gain is chosen to yield closed loop bandwidth of 4 rad/s, greater than the
uncertain mode frequency. The system is evaluated for stability when the modal frequency
is actual = 1 rad/s (worst case, but including 22% passive damping ratio) and found to be
stable (figures (8a and 8b)). Clearly the estimate yields a good first guess; the root locus of
figure 8b doesn't quite cross into the right-half plane. Unfortunately, the lightly damped
closed loop dynamics remaining due to imperfect pole-zero cancellation in Figure 8b limit
the bandwidth to less than w. (bandwidth defined as in the introduction).

(a) -(b)

.... .. "

Figure 8. Root loci for Bong Wie problem. (a) shows the nominal case and (b) the nominal
compensator implemented for the plant with eigenfrequency at the lower end of the
uncertainty range.

Since it may not be practicable to implement the required amount of passive damping to
achieve stability robustness for perfect cancellation of the nominal plant flexible modes, it
is possible to exploit whatever passive damping is guaranteed by placing the compenastor
zero somewhere inside the uncertainty bound for the achievable damping and ensuring
stability over the entire uncertainty range as well as improving the nominal performance
over conservative compensation with the zero at the lower end of the uncertainty range.

( a) t (b) (c) 4
L i t " ,< i t " - 0

Figure 9. S-plane plots showing intermediate pole-zero cancellation achieving stability
robustness and improved nominal performance over undamped uncertain design.

Figure 9 shows the transition in designs from exact pole-zero cancellation of the nominal
flexible modes to approximate cancellation at the lower end of the ei genfrequency
uncertainty range. For each case the uncertainty is the value 6w and the zero frequency for
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cancellation may be estimated using equation la and the guaranteed level of passive
damping . Notice that in the case of this example, the rigid body compensation yields
"phase margin" of approximately 750 (,_ 1.3 rad) in the frequency region near the uncerta.
poles. The frequency of the compensator zero should then be

Wz Wlower + W (3)

where wlower is the lower bound on the eigenfrequency range. A sequence of such designs for
the Bong Wie benchmark problem yield Figure 10, showing the limiting value for the
compensator zero as a function of plant damping ratio. This suggests that use of equation 3
is warranted for estimating the required zero frequency when a fixed level of passive
damping is available and stability robustness with near pole-zero cancellation is desired.

>* 1.5

Unstable

z Stable
- Uo, 1 - ___ _ _ _ _ _ _ _ _ _ _ _ _ _

' 0 0.02 0.04 0.06 0.08 0.1 0.12 0.14 0.16 0.18 0.2

ZETA

Figure 10. Stability boundary on w, vs curve showing that equation 3 yields a good
estimate of the zero frequency (W.z) for near pole-zero cancellation of an uncertain mode
where the minimum guaranteed level of passive damping is .

INFERENCES FOR MIMO CONTROL

The preceding sections have presented simple arguments supporting the claim that
broadband control of uncertain structural dynamics is impossible with LTI compensation
unless a sufficient level of passive damping is present. Although it is not possible to
extrapolate these arguments to MIMO systems with confidence, there appears to be little
reason to believe that such systems are more benign. Each scalar transfer function of a
MIMO system has pole-zero patterns like those described in the preceding sections. Worse,
the mapping from actuators to sensors is a strong function of frequency, changing
drastically in the near vicinity of each zero of any of the individual scalar transfer
functions. The rate of change with frequency of these directions varies inversely with
passive damping ratio.

Thus, in MIMO systems both the "directionality" and the phase behaviour of individuq1
channels are comparably influenced by passive damping. Absent a better guideline, tm:
might suggest that equation (2) yields a reasonable rule of thumb for the passive damping
levels required for such systems. Here, relative uncertainty should perhaps be relative
uncertainty in the zeros of the individual scalar transfer functions. This is not obviously
correct and much remains to be understood about such MIMO situations.

SUMMARY

This paper has argued, simply but quantitatively, that a critical level of passive damplnr.
can be specified which will permit robust non--collocated LTI control of structura:
dynamics with the control bandwidth including many flexible eigenfrequencies. We have
suggested that this level is as high as 1 to 4 percent, even for carefully identified laborat,-r,
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structures and much higher for uncertain structures. Figure 1 perhaps summarizes the

thesis of this paper most succintly.
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ABSTRACT

Damping is an important aspect in controlling large flexible structures in space. This
paper deals with the passive control of a flexible twenty-bay truss using a reaction mass
actuator. The actuator was electronically tuned to the second mode of the truss and
attached to the tip of the truss. The truss was then subjected to random vibrations. The
results were impressive, with an 86 percent reduction in the peak amplitude of vibration of
the second mode of the truss when compared to the structure's uncontrolled response. In
addition, the peak amplitudes of vibrations of the higher modes Of the truss were reduced
with the actuator passively tuned to the second mode; there was a small change in the peak
amplitude of vibration of the first mode. Further, the settling time for the structure with
the passively tuned actuator was less when compared to that of the truss without the
actuator attached. With no passive damping it took 19.5 seconds for the second mode of
the truss to settle, while the addition of the passive actuator reduced the settling ti'-e to
four seconds. The passively tuned reaction mass actuator is, therefore, an e'. Live
mechanism to reduce the vibrations of a flexible truss.

*Department of Engineering Mechanics (USAFA/DFEM)
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INTRODUCTION

It is envisioned that, in the near future, space structures will become larger and more
complex. Due to the high cost of transporting materials into orbit, these future space
structures will be made from lightweight and flexible components. While the components
will reduce the number of launches required to place large space structures in orbit, their
flexibility will become an important control issue.

A flexible structure's vibrations can be reduced, or eliminated, either by active control,
passive damping, or a combination of both. Active control incorporates feedback control
systems to sense the structure's vibrations and calculates control inputs to dampen
unwanted oscillations. Passive damping deals with the structure damping its own
oscillations as a result of its structural design, materials properties, or the addition of
devices to the structure.' This paper deals only with examining the effects of passive
damping on a structure.

Specifically, the purpose of this paper is to examine, both analytically and experimentally,
the interactions between a passively tuned actuator and a flexible truss structure to which
it is attached. A study similar to this has already been conducted,2 but this work utilizes a
truss structure with characteristics mr irroring those anticipated on large flexible structures.
In addition, while reference 2 dealt with reducing the magnitude of vibration of a
structure's first resonant mode, this research effort has concentrated on reducing the
vibrations of a structure's higher modes. A 20-bay planar truss has been built and a
reaction mass actuator has been attached to its tip. 'n addition, a finite element model of
the structure has been developed and validated. With these experimental and analytical
tools, a study has been conducted to examine the interactions between the truss and the
actuator. This paper summarizes the results of this study and addresses the experimental
and analytical set-ups, as well as the results obtained when the actuator was used to
passively dampen the vibrations on the truss.

PLANAR TRUSS SF" -UP

This study was conducted using the 20-bay, 7.t . g planar truss located in the
Engineering Mechanics Laboratory at the US Air . tdemy (see Figure 1). The
diagonal and side dimensions of each square bay w, and 0.354 m, respectively.
The chordwise members were fastened to steel bar..... povided extra mass to scale
down the structure's natural frequencies. The chor ,, truss members were, then,
effectively rigid when compared to the longeron and i,i :,al members. The 239 pound
truss was oriented in a horizontal plane and supported by 3/4 inch diameter steel balls on
table tops. The steel balls rolled with very little friction on small steel plates which rested
on the table surfaces. The root of the truss was attached to a heavy steel table that was
bolted to a concrete floor, and he truss tip was free to move. Air jet thrusters were
attached to the tip and mid-span of thl, truss. A complete description of the planar truss
can be found in another study. 3

Finite element models of the truss were generated using both MSC/NASTRAN and SDRC
IDEAS, and these models were modified until they produced resonant frequencics close to
those obtained from the experimental truss. These frequencies, shown in Table 1, validate
the analytical models.
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TABLE 1

Experimental and Analytical Natural
Frequencies of the 20-Bay Truss

MODE EXPERIMENTAL ANALYTICAL PERCENT ERROR
(Hz) (Hz) FROM ANALYTICAL

1 1.837 1.585 -16.046

2 9.438 9.414 -0.255

3 24.250 24.850 2.415

4 42.297 44.042 3.985

Note the rather large discrepancy between the experimental and analytical frequencies for
the first mode of the truss. The truss actually experiences Coulomb damping in the first
mode, and this was not accounted for in the analytical model. Even so, it was determined
that this discrepancy did not adversely affect the results of this study. Note also that
Table 1 shows only the first four resonant frequencies of the truss. Higher modes are not
shown since, for the purposes of determining the actuator's optimum tuning, only the first
four modes were used and the analytical models were hence reduced to fourth-order
systems. 2

ANALYTICAL RESULTS

To conduct a study into the interactions between the truss and a passively tuned reaction
mass actuator (RMA), the actuator's frequency and damping ratio had to be determined.
Another paper 4 described a method to calculate the optimum tuning of an actuator
attached to a multi-degree of freedom system. With the fourth--order mass and stiffness
matrices from the finite element models, the RMA was optimally tuned to the analytical
structure's second resonant frequency using the following equations: 4

- [ ±u 1 (1)

opt~k3 [ 1/2 (2)(ot8 (1+,u)' 2

where jL is the ratio of the actuator mass to the modal mass of the second structural

frequency, wopt = 'opt/w2 is the optimum frequency ratio to tune the actuator (wopt is

the optimum natural frequency and w2 is the frequency of the second structural mode),

(opt is the optimum damping ratio to tune the actuator, and k w and k are correction

factors to obtain the optimum tuning. 2
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Figure 2 compares the frequency response functions of the baseline and optimally tuned
structure from 6 to i2 Hertz, where baseline is defined to be the truss without the RMA.
In this figure the effects of adding passive damping to the truss can readily be seen. The
actuator, which is attached to the tip of the truss, introduces a new resonant mode to the
structural characteristics in addition to altering the second mode of the truss. Specifically,
the frequency of the second mode is shifted higher and the peak amplitude ratio is reduced.
In fact, for the second mode, both peak amplitude ratios of the system response with
passive damping are less than le percent of the structure's undamped peak amplitude ratio.

It is interesting to observe the actuator's effect on some of the other resonant modes of the
20-bay truss. Figure 3 compares the baseline and passively damped responses of the
structure between 0 and 6 Hertz while Figure 4 shows the responses between 24 and 30
Hertz. Note that there are slight reductions in the peak amplitude ratios of the structure's
first and third modes when the actuator, passively tuned to the structure's second resonant
frequency, is attached to the 20-bay truss. In addition, with passive damping, the first
resonant frequency is shifted lower while the third resonant frequency is shifted higher.
Finally, for the structure's fourth resonant mode there is a slight reduction in the peak
amplitude ratio and a shift to a slightly higher frequency with the passive actuator
attached. However, the change in this mode's response is so small it can be neglected.
Clearly, the analytical results show that attaching a RMA that is passively tuned to the
second mode of the truss reduces not only the magnitude of vibration of the structure's
second mode but also those of the first and third modes as well.

Figure 5 illustrates the sensitivity of the truss' structural characteristics if the RMA is not
tuned to the optimum passive actuator parameters. Just a five percent mistuning of the
actuator's optimum frequency causes noticeable shifts in the frequencies and peak
amplitude ratios of the structure's second mode, as well as the new mode introduced by the
actuator. However, the other resonant modes of the structure are not altered. Finally, it
was observed that mis-tuning the actuator's optimum damping ratio by five percent
produced almost no change in the structural characteristics of the 20-bay truss. Much
larger errors in the tuning of the actuator's damping ratio introduce, of course, small
differences in the peak amplitude ratios of the structure's resonant modes, but these
differences are slight.

EXPERIMENTAL RESULTS

To verify the results obtained analytically, a reaction mass actuator assembly was attached
to the tip of the 20-bay truss and the system was subjected to random vibrations from the
air jet thrusters. The RMA assembly used for this study is shown in more detail in Figure
6. This assembly consisted of a moving mass core made up of a series of rare earth
magnets encircling a stationary coil. A magnetic shaft, connected to this core, passed
through the center of a stationary linear velocity transducer which sensed the velocity of
the reaction mass relative to the truss. The RMA assembly also included a non-contacting
transducer to sense the relative position of the reaction mass. Each of th2 resulting analog
signals from the two transducers was multiplied by an appropriate gain constant and fed
back to the RMA via a power amplifier to generate electromagnetic stiffness and damping
on the RMA. In this manner the RMA's natural frequency and viscous damping factor
could be varied by adjusting a pair of feedback gain potentiometers to their desired values.
There was a small amount of uncontrollable rolling friction in the motion of the RMA ,,ft
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through two sets of linear ball bearings; the total damping of the RMA was, therefore, a
combination of this small, but uncontrollable, friction plus the controllable and much
larger linear viscous damping. 2

With the RMA attached to the truss and tuned to the optimum values of the frequency
and damping ratio specified analytically, a transfer function of the structure's resonant
frequencies was obtained with the aid of a Tektronix model 2630 Fourier Analyzer.
Comparisons between the baseline and optimally tuned structural responses are shown in
Figures 7-9. Figure 7 shows the structure's frequency responses from 0 to 50 Hertz; Figure
8 shows the responses from 0 to 10 Hertz; and Figure 9 shows the responses from 20 to 30
Hertz. Overall, it can be seen from the figures that the addition of the passive actuator to
the truss does indeed reduce the magnitude of the structural vibrations.

In the optimally tuned response of Figure 8 there is a noticeable absence of the two peaks
associated with the structure's second mode and the mode introduced by the actuator.
Although these peaks are visible in the analytical response of Figure 2, they are
significantly less than the baseline peak amplitude ratio. Experimentally, these peaks exist
but are much less than the baseline response and, consequently, do not appear in Figure 8.
Thus, the passively tuned actuator eliminates, for the most part, any vibrations associated
with the second mode. The structural responses in Figure 8 mirror the analytical responses
in Figure 3 in that the peak amplitude ratio of the first structural mode is slightly less
when the passively tuned actuator is attached to the truss. However, experimentally the
optimally tuned response shows the first frequency to be slightly higher than the baseline
response. This is the opposite of the analytical result shown in Figure 3, but considering
how close the baseline and passively damped frequencies are for the first mode the
differences are not significant. Numerical and experimental inaccuracies can account for
the difference in the results shown in Figures 3 and 8.

Figure 9 shows that the passively-tuned actuator does reduce the structure's vibrations at
higher frequencies, as the peak amplitude ratio of the third mode is reduced by 59 percent.
In addition, the resonant frequency is shifted higher, validating the analytical results of
Figure 4. Finally, as shown in Figure 7, there is very little difference in the structural
responses of the baseline and passively damped structures for the higher modes.

Based on the above observations, both the experimental and analytical results show that a
RMA, passively tuned to the second resonant frequency of the 20-bay truss, reduces the
flexible structure's vibrations. Specifically, adding a passive actuator to a flexible structure
reduces the magnitude of the structure's vibrations, not only at the resonant mode to
which the actuator is tuned, but at higher and lower modes as well. Selective tuning of the
actuator produces the largest decreases in the magnitude of the structure's vibrations, but
the beneficial effects of passive damping are not limited to the frequency of interest.

To experimentally observe the effects a mis-tuned actuator has on the structure's modal
responses, the RMA was tuned to 95 percent and 105 percent of the optimal frequency.
The results, shown in Figures 10 and 11, show that even a slight mis-tuning of the
actuator's frequency causes noticeable shifts in the structure's first three resonant modes as
well as the mode of the actuator. Notice, though, that higher resonant modes are not
altered much. These results are similar to the analytical results summarized in Figure 5.
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THE EFFECTS ON THE SETTLING TIME

One important aspect in reducing or eliminating a structure's vibrations is the time it
takes to eliminate those vibrations due to an impulse disturbance. The settling time for
the motion of the 20-bay truss can be determined experimentally by exciting the first three
structural modes. A signal generator was used to produce a sine voltage to the air jet
thrusters at one of the first three experimental natural frequencies shown in Table 1. The
pair of thrusters located at the tip excited modal motion in the uncontrolled resonant mode
of vibration corresponding to the desired excitation frequency. The signal amplitude was
arbitrary, and when the motion reached a suitably high level the air jets were turned off,
allowing the modal motion to gradually decay under the influence of inherent damping
only. 3

Time history decay traces for the first three modes of the truss in the uncontrolled
configuration are displayed in the left-hand column of Figure 12. Decay traces of the truss
with the RMA passively tuned to the structure's second resonant frequency are shown in
the right-hand column of Figure 12, with the approximate time of when the thrusters are
turned off marked by an arrow.

By comparing the baseline and passively damped decay times, it is readily apparent that
the passively-tuned RMA does indeed reduce the settling time of the truss. There is a
slight reduction in the settling time for the first mode; it takes about 19.5 seconds for the
truss to settle without any passive damping while the addition of the RMA reduces this
time to 14.5 seconds. The second mode shows a significant reduction in the settling time
with the RMA attached to the truss. Without the passively tuned RMA the settling time
for the second mode of the truss is again about 19.5 seconds. With the RMA attached to
the truss this settling time is only 4 seconds. The settling time for the third mode is
reduced from 9.5 seconds to 3.2 seconds when the RMA is added to the truss. Thus, the
addition of the passively tuned RMA is quite effective in reducing the time it takes for the
truss to settle after being excited in the first three resonant modes. It should be noted that
the structure's higher resonant frequencies were not excited due to limitations in the
electronics associated with the air jet thrusters.

CONCLUSIONS

It has been demonstrated that a passively tuned reaction mass actuator can be used to
successfully reduce the vibrations of a flexible truss. The 20-bay truss was subjected to
both random and sinusoidal excitations, and the RMA, when tuned to the structure's
second resonant frequency and attached to the tip of the truss, reduced the magnitude of
vibration and the settling time of the second resonant mode. In addition, the magnitudes
of vibration and settling times of the first and third modes were also reduced when the
actuator, still passively tuned to the structure's second resonant freqdency, was attached to
the tip of the truss. Selective tuning, then, produces the best results, yet the beneficial
effects of passive damping is not limited to the frequency of interest. Finally, mis-tuning
of the actuator's frequency does alter the structure's modal responses, particularly around
the frequency to which the actuator is passively tuned.

The next step in this research effort is to utilize both active control and passive damping
on the 20-bay truss. Since passive damping is an effective means of vibration suppression,
it is hoped that a combination of active control and passive damping will produce a
beneficial control system for flexible structures.
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Figure 1. The Planar Truss
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Figure 6. Reaction Mass Actuator Assembly
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